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PREFACE 


t 


T HE object of this book is to indicate to engineering students the 
scope and limitations of the elementary principles of science 
when, combined with the experience of the workshops, they are applied 
to the design of machine parts. It may be considered as a series of 
notes which the student should amplify by his own efforts at analysis, 
or synthesis, as well as by wide reading of more detailed works. For 
all engineering students considerable training in analysis and critical 
examination of existing designs is essential; and some practice in 
original design is desirable. The results of the latter may be unortho¬ 
dox and even impracticable, but they will have served their purpose 
if the student can give sound arguments in support of his decisions, 
while ready to acknowledge the validity of the reasons against his 
suggestions. 

In the first four chapters the following factors affecting design are 
considered:—the material to be used, the processes by which that 
material may be wrought to the requisite form, mathematical 
analysis of the probable internal stresses, and the possible effects of 
the conditions to which the machine part will be subjected. In 
Chapters 5 to 7 some of the more widely used methods for the 
connexion or linking together of machine parts are referred to and 
compared; and Chapters 8 and 9 may be considered as extending 
the former three to connexions between machine parts which serve 
to transmit power. Chapters 10 and 11 indicate methods of analysis 
and comparison of existing machine parts, and the evolution of new 
designs. A knowledge of the Principles of Mechanism and of the 
Theory of Elasticity has been assumed throughout. 

The Author wishes to record his indebtedness to Mr. F. Dyson, 
A.C.G.I., B.Sc., for help with the preparation of the diagrams, and 
for very careful reading of the proofs; thanks are also due to 
Mr. J. W. James, A.C.G.I., B.Sc., for considerable assistance with 
the proof sheets. 

While it is hoped that errors are few, grateful acknowledgement of 
any suggestions or corrections will be made. 

WILFRID COLLINS. 


CITY AND GUILDS ENGINEERING COLLEGE, 
SOUTH KENSINGTON, 

February 1931. 
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CHAPTER I 

MATERIALS 


§ I. General considerations. One of the first points to be decided 
when designing a machine part is the material of which the part is 
to be made. For many parts there is one which is obviously the most 
suitable, but for other cases a choice has to be made between two 
or more equally appropriate materials. Thus a line of shafting would 
be usually made of mild steel, a machine-tool base of cast iron, or 
a domestic water-tap of brass; there are very good reasons in each 
case for the choice of material. But a crank-shaft, a gas-engine 
valve, or a gear-wheel may be made of one of several different 
materials; thus the gear-wheel may be made of either cast iron, 
bronze, or a high-strength alloy steel according to the conditions 
under which it is to work. 

To decide on the best material the designer must know the pro¬ 
perties of all the most suitable materials, and must keep continually 
in touch with progress in metallurgy and kindred sciences, which are 
constantly extending the range of choice. 

Of the various properties of materials the most important are, 
probably, cost, strength, elasticity and plasticity, hardness, and 
resistance to corrosion, while such points as conductivity of heat or 
of electricity, weight, colour, or ease of machining also have con¬ 
siderable influence on the choice made. In some work a more ex¬ 
pensive raw material may cut down weight considerably and reduce 
stresses in other parts, especially those due to accelerations of 
moving parts. 

§ 2. Cost. The cost of a machine part may be roughly divided into 
two main classes; that of the raw material, and that of the necessary 
workshop processes, the latter including cost of handling the partly 
finished product, and all overhead charges. A more expensive 
material may lead to cheaper machining operations; or using a 
forging or stamping in lieu of a casting may increase cost in the 
initial operation, but can eliminate several later operations with a 
final reduction of total cost. When producing in large quantities the 
use of expensive jigs and machine tools of the automatic lathe type 
results in an ultimate reduction of cost. 

However, the nature of the problem brings a full consideration of 
cost outside the scope of this book, and little more than rough com¬ 
parisons between costs of different materials, or of alternative work¬ 
shop operations, can be made. 

B 
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§ 3. Strength. The strength of any material—given by the stress 
required to fracture a specimen when subjected to a tensile, com¬ 
pressive, or shearing force—is of first importance. The greater the 
strength, the smaller the machine, and usually the cost, though this 
principle must not be carried too far when dealing with small details. 

In general, materials strong in tension are also strong in com¬ 
pression or in shear; but some, such as cast iron, while strong in com¬ 
pression, are weak in tension and in shear. 

In some cases an apparent weakening produces an actual increase 
in strength or at least in reliability; a boiler stay reduced to the 
root diameter of the threads, for most of its length, gives greater 
extension for the same maximum load, and so tends to ensure more 
uniform distribution of load among a number of stays; the turning 
down of the shank of a big-end bolt for a connecting rod enables the 
bolt to absorb a greater shock load. 

§ 4. Elasticity and Plasticity. All materials when subjected to 
forces undergo some change in dimensions, though in most cases the 
change is so small that it may be neglected so far as any practical 
effect is concerned. The change in dimension may be temporary, or 
elastic, vanishing when the force is removed; or it may be permanent, 
or plastic, and remain if the force is removed. A bar of steel placed 
horizontally to act as a beam deflects or sags when a moderate load 
is applied at the middle; but returns to its original shape when the 
load is removed. If the bar is heavily overloaded, it sags to a much 
greater extent and remains bent after the load is removed. The 
former change of shape is elastic and the latter plastic. A material 
which gives little or no plastic deformation, but which breaks 
sharply when overloaded, is said to be brittle. 

Malleability is the form of plasticity shown when a piece of the 
material is hammered or rolled, and Ductility is that shown when 
subjected to a tensile force. Lead and gold are both very malleable, 
while iron and copper are metals with high ductility. 

The curve obtained by plotting Applied Force, against Extension 
when a bar of mild steel is tested to destruction, in tension (in the 
normal type of testing machine), illustrates the qualities of elasticity 
and plasticity. Thus, in Fig. 1, between 0 and A the extension is 
very small and is elastic, i.e. the bar would return to its original length 
if the load were removed; between A and C the extension appears 
to be partially plastic, and between C and E almost wholly plastic, 
i.e. if the load were removed when a point such as X were reached, 
the tracing point would drop to the point Y , showing a permanent 
extension of the test specimen, OY inch in length. 
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The subject of Strength of Materials is based on the straight line 
relation between load and extension in the elastic part 0 to A ; as 
the laws deduced break down if the stress is outside the elastic limit, 
dimensions of parts must be such that the calculated stress always 
falls below that limit. Apart from this, any measurable (or plastic) 
alteration in shape would be objectionable. 

The Ultimate Strength, or Tenacity, of a material is obtained by 
dividing the maximum load at D (Fig. 1) by the original cross 



sectional area. The reasons why this, and not the stress at the 
elastic limit, is used in calculating sizes of parts are discussed in 
Chapter III. 

Some materials when tested in the above manner show no plas¬ 
ticity, while others do not give a straight line for the earlier part of 
the curve. A ductile material if subjected to certain treatment 
appears brittle when tested; thus steel plate which has been cold 
pressed appears brittle, and with a high elastic limit, until suitably 
heat treated. Some materials are ‘cold-short’, i.e. less malleable 
when cold, others ‘red-short’ or less malleable when heated. Brass 
can be forged to a certain extent when cold but not when red-hot; 
in the latter state it crumbles readily. 

Fig. 2 shows load-extension curves for various materials. Cast iron 
shows no definite straight line portion and breaks with no appreciable 
stretch; there is no true elasticity nor plasticity. The three other 
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materials have plasticity, but each of a special type, that of copper 
being somewhat unusual. It should be noted that the area under the 
curve represents the amount of work expended in breaking the bar; 
this is notably very small in the case of cast iron. (‘Proof Resilience’ 
is the work stored up to the elastic limit.) 

In most machine parts ductile materials are the safest to use, as, 
when subjected to overloading, the large plastic deformation result- 





Fig. 2 


ing gives warning of trouble, and in some cases allows the load to be 
distributed to other parts, before actual fracture. A brittle part 
suffers complete fracture without warning and frequently with 
disastrous results. 

Toughness is akin to plasticity and has been defined as the work 
done in breaking a specimen of standard dimensions. It is usually 
determined by a shock test on machines such as the Charpy or Izod 
shock-testing machines. Parts such as connecting-rod big-end bolts 
need this property; also many of the parts of automatic machine- 
tools. Toughness is opposite to brittleness and is difficult to obtain 
combined with a high degree of hardness. 

§ 5. Hardness, This is the property by which a material can resist 
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wear due to a rubbing action under pressure. The hardness of some 
metals can be varied by heat treatment, but an increase in hardness 
is usually accompanied by a decrease in plasticity. Manganese steel 
is an exceptional material which combines a high degree oi hardness 
with considerable plasticity. Steel containing a relatively high pro¬ 
portion of carbon can be hardened by heating and cooling suddenly 
in water. Surface hardness coupled with internal toughness is ob¬ 
tained by case-hardening (see Chapter II), while in some machines 
wearing parts are made of a hard, highly polished material backed 
by another material of greater plasticity. Surface hardness can be 
produced in cast iron by rapid cooling from the molten state. 

§ 6. Corrosion. Resistance to corrosion is an important property, 
which is high in the case of bronze but low in mild steel. Structures 
and larger machine parts can be protected by a coat of paint or 
asphalt, but this adds considerably to the initial cost. The pro¬ 
tective coat may be rubbed away on a partially hidden part, and 
sufficient rusting set up to endanger the whole machine. Boiler 
plates have sometimes been badly pitted by wet ashes lying against 
the end plate, or by water penetrating between the lagging and 
the plates. Brass fittings in contact with moisture and town gas 
corrode, while electrolytic action causes pitting. The action of sea 
water necessitates special precautions in the choice of materials for 
marine work. 

This subject is considered further in Chapter IV. 

§ 7. Properties of Common Materials. In the following notes 
materials will be considered under three main headings (1) Ferrous 
Metals, (2) Non-ferrous Metals, and (3) Non-metals; and one or two 
of the most used from each group will be considered in detail first, 
viz. Cast Iron, Mild Steel, Brass, Wood, and Concrete. 

Cast Iron and Mild Steel. These two are the most widely used of all 
engineering materials, principally on account of their low cost. Cast 
iron is a refined form of pig iron as obtained from the blast furnace 
in which the crude ore is smelted; and consists of a combination of 
iron with carbon, silicon, manganese, phosphorus, and sulphur. Of 
the carbon present (usually 2 to 5 per cent.) a small proportion is in 
a state of chemical combination with the iron, and the remainder in 
a free state as graphite. The amount of silicon is usually between 
1 and 2 per cent., and of manganese about 1 per cent. Phosphorus 
and sulphur are impurities and should be present only in very small 
quantities. 

Mild steel consists of iron combined with a small proportion of 
carbon (up to about 0*3 per cent.), and is made by either the Bessemer 
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or Siemens-Martin process. In the former, molten cast iron is run 
into a converter where the carbon is burnt out by blowing air through, 
sufficient spiegeleisen (a compound of iron, carbon, and manganese) 
being added to give the correct carbon content. The steel is then 
cast as ingots which are reheated and forged to the required shape. 
In the Siemens-Martin process wrought iron is added to the cast 
iron in a reverberatory furnace, to give the correct composition. 

§8. Cast Iron. Cast iron varies somewhat in appearance accord¬ 
ing to the amount of combined carbon; with a small percentage it is 
greyish in colour and is relatively soft, but with most of the carbon 
present in the combined form it is whiter and harder. A chilled 
casting has a hard white exterior with a soft, tougher interior; the 
softer type can withstand shock loads better. Cast iron is granular 
in internal structure and is easy to machine; it fuses readily and can 
be cast in moulds prepared in sand, but has no plastic state, so cannot 
be forged; it can be welded by the oxy-acetylene flame. Being weak 
and unreliable in tension or in shear, though strong in compression, 
cast iron should not be used to resist large tensile or bending 
forces, unless special care is taken in its production; the brittle 
nature of cast iron precludes its use where shock loads are likely 
to occur. 

The ease with which complicated castings can be obtained, and 
machined where necessary, and its low cost result in cast iron being 
the commonest material used in most branches of machine construc¬ 
tion, especially on stationary plant. In the case of moving plant it 
is replaced by alloys of aluminium where reduction of weight is 
essential, or by cast steel where greater strength is required. 

Thus in a normal type of gas-engine the following parts are of cast 
iron: flywheel, main frame, main bearing housings, cylinder jacket 
and liner, piston, water and gas mains. In the flywheel, especially 
at moderate speeds, there is little stress and cast iron is by far the 
cheapest material to produce and machine; in the case of the frame 
and cylinder jacket the complicated shape can be easily reproduced 
by a wooden pattern and sand moulds; whereas it would be difficult 
and costly to produce such a shape by forging and machining 
operations. The liner is simpler in shape, but the same material is 
again the cheapest and is quite satisfactory as an anti-friction sliding 
surface. The piston is too complicated to be readily forged, but light¬ 
weight alloys have been used in high-speed engines to reduce inertia 
forces. 

§ 9. Mild Steel. This metal can be readily forged, rolled, or 
pressed and can be welded, but is not often used in the form of a 
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casting. It is easy to machine, but will not temper oj harden though 
it may be case-hardened. 

Mild steel can be forged either cold or at red heat, but should not 
be worked at an intermediate stage such as ‘blue heat’ (about 
600°-700° F.) as at that temperature it is somewhat brittle; hence 
care must be exercised when carrying out hot forging under a hammer, 
and the operation must be stopped when the material has dropped 
to a dull-red heat; this is particularly dangerous in the case of plate 
flanging, when the rate of cooling may vary considerably at different 
parts of the job. For certain work cold working is specified with 
subsequent or intermediate annealing; any fracture which may occur 
is more readily detected, and the bending or flanging is more uniform 
and with less liability to damage of the material. 

Mild steel is produced as plate or as bar (or rolled sections such as 
I beams, channels, angles, &c.). The plate is used for boilers, tanks, 
&c., while practically all framed structures are now built up from 
the standard rolled sections. Machine parts which can be forged 
or stamped, such as crank-shafts, line-shafting, connecting rods, 
linkage work, or pressed steel pulleys are made from mild steel, though 
alloy steels of greater strength are being used frequently when it is 
desired to keep down dimensions. 

§ 10. Brass. Brass is an alloy consisting of copper (62-70 per 
cent.) and zinc. It is yellow in colour, easy to cast and to machine, 
and can be readily rolled into sheet or bar, or drawn into wire. The 
ultimate strength varies with the process of manufacture but is 
usually between 16 and 20 tons per sq. in., though it is normally used 
in such a manner that high strength is unnecessary. Brass resists 
corrosion under normal conditions, but is attacked by some gases 
if moisture is present. 

Brass is used chiefly, in the form of castings, for small engine and 
machine fittings, or for surveying and similar instruments; it is also 
largely used for condenser tubes, and in some steam boilers. 

§ 11. Wood. Wood is not used to any extent now in general 
machine construction, and there are so many different varieties that 
only one or two particular types can be considered here. 

Wood is soft and can be easily worked by hand tools; the ultimate 
strength varies considerably with different kinds, between 6 tons 
per sq. in. for a good piece of oak to 1^ to 2 tons per sq. in. for average 
soft pine; and the modulus of elasticity is low. It can absorb shock 
loads, but is liable to rot, especially if kept wet while exposed to the 
air. In parts of spinning and weaving plant a wood such as ash is 
used where moderate strength combined with lightness and resilience 
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are desirable. Box is very hard and heavy, takes a high polish, and 
is frequently used for pulley block sheaves, small rollers, &c. Lignum 
Vitae is a hard wood (of specific gravity 1*3) which is used for bear¬ 
ings of hydraulic machines and for ships' stern-tube bearings, where 
the water acts as a lubricant. 

Oak and teak are both strong, durable, and tough, the latter still 
being largely used in shipbuilding work partly on account of the oil 
in the wood which checks the rusting of bolts. 

§ 12. Concrete. This is a material which is not often directly used 
in machine construction. It is strong in compression if properly made, 
and suffers no deterioration with age, but shows an actual increase 
in strength after a lapse of some weeks. When reinforced with steel 
bars to take tensile forces concrete can be used economically for beams, 
^brackets, columns, &c., and, on account of its permanence, is an ex¬ 
tremely useful structural material. [It should be noted that the cement 
has a reducing rather than an oxidizing action on the reinforcement.] 
It is used for all types of structural work, for fence posts, telegraph 
poles, and even such small work as telephone cabinets or kiosks. 

§ 13. Ferrous Metals. Returning to the suggested subdivision of 
materials^ the ferrous metals other than cast iron and mild steel 
include wrought iron, high carbon steel, and the alloy steels. 

Wrought iron is the purest commercial form of iron and is similar 
in most properties to mild steel, being historically the predecessor of 
that material; it is obtained by oxidizing the impurities and carbon 
in cast iron, and well hammering the iron left while at a red heat. 
Wrought iron is fibrous in structure, is difficult to melt, but can be 
readily forged or welded; it is very ductile. Apart from ornamental 
forged work, wrought iron is often used for rivets, bolts, and boiler 
stays, and was formerly used for boiler plates, as well as in the form 
of rolled sections, though replaced now by mild steel. Wrought iron 
can be case-hardened. 

§ 14. Carbon Steel. High carbon steel can be made by the same 
processes as mild steel, but contains a higher percentage of carbon 
(0*6 to 1 per cent.). It has a higher ultimate strength but lower 
ductility; the hardness is greater, but the toughness as shown by the 
shock test is considerably lower. High carbon steel has the property 
of hardening if heated and suddenly cooled, and the degree of hard¬ 
ness may be varied by the process known as tempering; this property 
makes it suitable for cutting tools. 

Fine cutting edges such as in razors require a percentage of carbon 
as high as 1*5, while machine-tool cutters contain 1*1 to 1*25 per 
cent.; hammer heads contain about 0*5 to 0-7 per cent. 
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It should be noted that even in the alloy steels carbon still has 
considerable influence on physical and mechanical properties. 

During the process of steel manufacture as formerly practise^ the 
wrought iron, which formed the basis of the operation, went through 
several different changes. Bars of wrought iron were carbonized by 
maintaining them at a high temperature in contact with charcoal; 
this process is known as cementation, and produced Blister Steel 
(name given on account of surface appearance). The Blister Bars 
were heated and worked by rolling, producing Shear Steel; or by 
remelting the bars in crucibles, casting in ingots and rolling, Crucible 
Steel was obtained. This method is still used in the production of 
steels used for springs and for cutting tools. 

§15, Alloy Steels. Many elements such as manganese, tungsten, 
nickel, or silicon have been alloyed with steel, and in many cases have 
produced very decisive effects on the properties of the steel. The 
number of alloys formed in this way is too great to consider in any 
detail here, and only the more important results obtained can be 
mentioned. 

Manganese. The effect of manganese in steel varies considerably 
with the proportion present. It is present in small quantities in all 
steels, and assists in the production of sound material. Between 
3 and 7 per cent, of manganese produces brittleness, but above that 
quantity improves the quality of the steel considerably. A steel with 
14 per cent, manganese is very hard and resists wear, but is ductile 
(exceptionally so for a hard material); among its more important 
applications are railway points and rock-crusher jaws. It is practically 
non-magnetic, and has a ductility twice that of some mild steels. The 
resistance to wear by abrasion appears to increase with the severity 
of the work done upon the steel. It can be forged or ground, but is 
too hard to machine. 

Silicon . This element is also present in small quantities in all 
steels. 

2\ per cent, silicon steel is used for transformers on account of its 
low hysteresis figure. Silicon steel of high tensile strength has also 
been used for ships 5 plates. 

Silico-manganese steel is used for leaf springs, and when used for 
rails has appeared to give longer life aiid to check corrugation. 

Nickel . Nickel steels may be considered as improved carbon 
steels, and are used in general where greater strength is required 
without increase in dimensions; they have a greater ductility and 
toughness combined with a high ratio of elastic to ultimate strength, 
and withstand repetition loads well. 
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Chromium . Chromium hardens steel and, in quantities up to 2 or 
3 per cent., gives a high elastic limit. Chrome steel is used for parts 
which must be hard and wear-resisting such as ball-bearings or files. 
When the percentage of chromium is as high as 13, ‘stainless steel’ 
with a high resistance to corrosion is obtained, but the material is 
difficult to machine and somewhat brittle. 

Nickel chrome steels have high ultimate strength and elastic 
limit combined with good ductility; they are used for aeroplane 
parts such as crank-shafts or connecting rods where weight and size 
must be kept down, and for gear-wheels (when case-hardening is 
often used), while, when used as armour plate, it is found that the 
plate does not crack readily. Steels with a high percentage of 
chromium are used for valve spindles and turbine blades, partly on 
account of the high resistance to corrosion. 

Vanadium. This element raises the elastic limit as well as increasing 
the resistance to alternating stresses; increased ultimate strength 
and the property of self-hardening are also obtained. The steel is 
well suited to resist shock loads or alternating loads. Chrome 
vanadium steel has high elastic and ultimate strengths and is very 
ductile; it can be hardened sufficiently to scratch glass. 

Molybdenum and Tungsten. These elements harden steel and raise 
its ultimate strength; the latter is used largely in tool steels. Mushet 
tool steel originally contained 5| per cent, of tungsten and could be 
used at a cutting speed of 20 ft. per minute, while a steel containing 
19 per cent, of tungsten in addition to chromium and vanadium can 
be worked at a cutting speed of 90 ft. per minute. Tungsten is a most 
important constituent which improves the self-hardening qualities 
of several alloy steels. (Self-hardening steels retain their cutting 
properties when heated to redness and allowed to cool in the open.) 

§ 16. Non-ferrous Metals. These are used chiefly as alloys, a typical 
one, brass, having been considered previously. 

Copper. This is a rather costly metal, reddish in colour, which can 
be cast, but is most used as tube, bar, or rolled plate. It is very 
ductile and malleable, and is a good conductor of heat and of elec¬ 
tricity ; it resists corrosion and even the action of hot flames. For 
this reason as well as its ductility, rather than for heat transmission, 
copper is largely used in locomotive fire-boxes. This metal is used 
largely for electrical conductors and in electrical machines and fittings 
generally; its ductility and non-corroding qualities make it suitable 
for use as tube in many different types of plant. 

Tin. Tin is rarely used alone, but usually as a constituent in an 
alloy, forming an important part in most white metals. Unalloyed 
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its chief use is as a protective non-corrosive covering to sheet iron or 
steel. It is a costly metal, but when used to coat containers (known as 
‘ tins ’) only forms a very thin layer, so does not add much to the cost. 

Zinc . Zinc is used in alloys, or, on account of its resistance to 
corrosion, as a protective covering forming what is known as ‘gal¬ 
vanized ’ iron or steel. Tanks are often galvanized after being riveted 
together; while galvanized-iron piping is very largely used for water 
supply. Galvanized corrugated sheets are largely used on temporary 
buildings. Zinc is eiectro-positive to iron and is used in block form 
in boilers to prevent galvanic action wasting the boiler plates. 

Lead. This metal is heavy, soft, very plastic, and comparatively 
weak; it has a low melting-point (327° C.). Lead is used chiefly as 
piping, or in the form of sheet; in both cases its high malleability 
enables it to be shaped readily to relatively awkward forms. It is also 
used to seal joints in cast-iron water pipes. Various alloys contain 
lead, as in the case of solder and some of the cheaper white metals. 

Aluminium. This exceptionally light metal (165 lb. per cubic foot 
compared with 450 for cast iron) has become much cheaper in recent 
years, and is now very largely used for special light-weight work as 
well as for domestic utensils. Aluminium is malleable and ductile 
and may be cast, rolled, or pressed; it resists corrosion in general and 
the action of many acids, but is attacked by sodium carbonates. 
While comparatively soft and weak alone it can form several light¬ 
weight alloys of considerable strength. Duralumin, one of the most 
important of these, contains 3-5 to 4 per cent, of copper, and small 
quantities of magnesium and manganese; after suitable working and 
heat treatment this alloy has a tenacity of 26-8 tons per sq. in. 
Aluminium has a high electrical conductivity and has been largely 
used for conductors, but has found largest application in parts of 
aircraft, and of road vehicles. 

§ 17. Non-ferrous Alloys. Most of the members of this very ex¬ 
tensive family of metals fall readily into two main groups, the 
bronzes and the white metals; the former usually consist largely of 
copper and tin and the latter contain mainly lead, tin, and antimony. 

In general these alloys are rather weaker and more costly than the 
ferrous metals, but cast and machine readily and are non-corrodible, 
while most have a good colour giving a good appearance when 
polished. By reason of their non-rusting quality and good appear¬ 
ance they are often used where the initial cost of a ferrous metal 
would be lower. 

Bronze. Bronze is a term generally applied to alloys of copper and 
tin, but includes those alloys containing small quantities of other 



12 


ELEMENTS OF MACHINE DESIGN 

elements. Bronze has a comparatively low tenacity but a high com¬ 
pressive strength, and is largely used for heavily loaded bearings. 

Phosphor Bronze . This material contains about 1 per cent, of 
phosphorus. It is free from corrosion in sea water and is used on 
marine work; it is also used for hydraulic plants, as a bearing metal, 
and as spring wire. 

Manganese Bronze . This is, strictly speaking, a brass with a small 
quantity of manganese present. It is tough, malleable, and resists 
corrosion; it is used for marine propellers and as a bearing metal. 
The manganese and phosphorus in these two alloys act as deoxidizers 
and check corrosion. 

White metals. The form of white metal which is used as a lining to 
a journal bearing was introduced by Babbitt; and all similar alloys 
are sometimes referred to by his name; the original Babbitt metal 
contained copper, tin, and antimony in the proportions 10-80-10. 
There are innumerable other white metals, lead and zinc being used 
as well as the above three metals; they are all relatively soft and 
melt at a low temperature. White metals have good anti-friction 
qualities and cause little wear to journals, but cannot withstand a 
hammering action nor a high bearing pressure. 

Some of the harder white metals are used as castings as cheap 
substitutes for bronze or brass in which parts do not require much 
strength. 

It should be noted that there is no definite boundary between the 
white metals, bronzes, and brass, these names being somewhat 
broadly applied to alloys which consist principally of tin and lead, 
copper and tin, or copper and zinc respectively. 

§ 18. Non-metals. The non-metals, in addition to wood and con¬ 
crete already considered, are not used much in machine construction. 

Leather is used for belt drives and as a packing or as washers. It 
is very flexible and will stand considerable wear under suitable 
conditions. The modulus of elasticity varies according to the load, 
and the material stretches continuously if the load is maintained. 

Rubber is used as a packing, as an electric insulator, and for small 
belt drives; also for waterproofing. It has a fairly high bulk modulus 
and must have lateral freedom if used as a packing ring. 

Asbestos is a fibrous mineral substance which is a non-conductor 
of heat and of electricity. It is made up into sheet, similar to card¬ 
board in appearance, and into string. It remains unchanged under 
the action of intense heat, so is largely used for packing joints sub¬ 
jected to high temperatures; it is also used as a non-conducting 
layer (lagging) round steam boilers. 
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Table I 

Strength of Ferrous Metals. 


Metal. 

Ultimate 

Strength. 

Tons / 
sq. in. 

Ductility. 

Extension 
per cent. 

Hardness. 

(Brinell 

No.) 

Weight. 

lb. per 
cubic ft. 

Direct. 

Elasticity. 

Tons / 
sq. in. 

Transverse 

Elasticity. 

Tons / 
sq. in. 

Cast Iron . 

70 


149 

420-450 

r6 50°i 


„ „ (hard) . 



172 

470 

\ 9 %oi 

2,700 

Wrought Iron 

240 

150 


480 

12,000 

6,250 

Mild Steel (struct.) 

300 

200 

115 

490 

14,000 

6,000 




to 149 




„ „ (boiler) 

28 to 320 

300 



13,000 


Alloy Steels 







Chrome Vanadium . 

45 to 100 

20 to 8 





Manganese (hardened) 

60 to 70 

70 to 50 

220 

493 



Nickel (air hardened) 

45 to 50 

50 to 29 

202 


13,250 


Silicon . . . x 

41 to 47 

30 to 25 






Table II 

Composition of Ferrous Metals {Per Cent.). 


Metal. ! 

Carbon. 

C. 

Phos. 

P. 

Sul¬ 

phur. 

S. 

Mang. 

Mn. 

Tung¬ 

sten. 

Chro¬ 

mium. 

Vana¬ 

dium. 

Sili¬ 

con. 

Nickel. 

Cast Iron 

30 

0-3 

008 

0-8 




15 


Cast Iron (chilled) 

30 

0-2 

008 

10 




0*6 


Wrought Iron 

0049 

0083 

0 004 

0015 




0-145 


Mild Steel . 

Tool Steel 
(mushet) 

019 to 
0-25 

0-6 



0-45 to 
0-63 

012 

17-25 j 

3-44 j 


005 


Alloy Steels 
Chrome 
Vanadium 
Manganese . 
Nickel 

/0-3 

10-4 

1-20 

0-3 



125 


10 

15 

i 

015 

0-25 


3 -0 to 

Silicon 

0-27 

0048 

003 

0-72 




M 2 

6-0 


Table III 

Strength of Non-Ferrous Metals. 


Metal. 

Ultimate 

Strength. 

Tons / 
sq. in. 

Ductility. 

Extension 
per cent. 

Hardness. 

(Brinell 
No.) 

Weight. 

lb. per 
cubic ft. 

Direct 

Elasticity. 

Tons / 
sq. in. 

Transverse 

Elasticity. 

Tons / 
sq. in. 

Aluminium 

8-0 



160 

5,000 


Brass . 

8 to 13 

io 

50-55 

510 

6,000 


Copper (sheet) 

14 



550 

6,700 

2,500 

Gun Metal 

12 

is 

80500 

530 

6,000 


Lead 

1-0 



710 

1,100 


Tin 

2-1 



460 



Bronze . 

12 to 17 



528 

6,500 


„ (Phosphor.). 

200 

is 

7050 


6,250 

2,300 

„ Aluminium . 

23-0 

30 
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Table IV 

Composition of Non-Ferrous Alloys (Per Cent.) 


Metal. 

Copper. 

Tin. 

Lead. 

Alu¬ 

minium. 

Anti¬ 

mony. 

Zinc. 

Phos¬ 

phorus. 

Iron. 

Brass 

/600 

1*0 

Trace 



39*0 



\70-0 





30*0 



Gun Metal 

800 

20*0 







Bronze, Phosphor. 

94-6 

3*4 




1*7 

0*3 


Babbitt Metal . 

7-8 

87*0 



5*2 




White Metal 

5*0 

90*0 

0*4 


4*5 



01 



5*0 

85*0 


10*0 




Aluminium Bronze 

90*0 



100 






# 




CHAPTER II 

WORKSHOP PROCESSES 


§19. Introductory. Most machine parts are rough shaped first as a 
forging or casting, and are then passed to the machine shop for final 
working to the required dimensions; which of the two processes is 
to be used depends chiefly on the material, and partly on the shape 
and function of the part. In the machine shop such operations as 
turning, planing, milling, and drilling are carried out; and in some 
cases the operation of grinding or some form of heat treatment may 
be necessary. 

The amount of machining required should be reduced to a mini¬ 
mum in general, as time and cost are kept low; and the amount of 
work to be done by hand should be small on big jobs or on ‘mass * 
production. Where large quantities of one part are to be produced, 
hand work can almost entirely be eliminated by the construction of 
special tools such as dies for stamping, and drilling jigs; in the case 
of small numbers there is not so much economy effected, and hand 
work may often prove the best method. 

The degree of accuracy to which work is to be completed depends 
on the nature of the machine part. In the length of a large machine 
base a sixteenth of an inch one way or the other is a small matter, 
while the construction of ball-bearings entails work which must be 
accurate within one ten-thousandth part of an inch, and in the 
construction of the best quality of optical instruments much greater 
accuracy still is attained. It is obvious that a workman should not 
be given different work with widely varying requirements in this 
respect; and the designer must not specify unnecessarily close limits 
for coarser work. For instance, a spindle of diameter 1 in. is to work 
freely in a hole which may be 1^ in. diameter; to specify that these 
dimensions must be accurate within a particular limit, where an error 
of only 0*001 in. is tolerated, would be unreasonable. 

Small machine parts can often be produced economically on a 
machine such as a turret lathe; in this case a relatively large propor¬ 
tion of metal is removed during the operation, but the cost per 
article is very low on account of the speed and uniformity of the 
operation. 

§ 20. Hand Fitting. Bench work carried out by hand is still 
necessary in a large number of jobs, as the human being is still the 
most adaptable ‘machine toor; but all work requiring great exertion 
or necessitating uniformity of size is usually done by machine tools. 
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The hand hammer, cold chisel, file, scraper, ratchet drill, and reamer 
are still necessary on certain work, but have been mostly replaced 
by the steam-hammer or stamp, shaping and planing machines, 
grinding machines, and drilling or boring machines. The man con¬ 
trols but does not supply the actual energy required. 

Mechanical manufacture enables much heavier work to be under¬ 
taken and simplifies the 
construction of big 
machines. Big work has 
been carried out by 
hand involving however 
a more complicated and 
piecemeal construction. 
Considerable saving in 
time and much greater 
uniformity in shape and 
size is obtained by 
machine work. 

§21. Forging. Opera¬ 
tions coming under this 
general heading can in¬ 
clude any in which the 
property of plasticity is 
utilized to form the 
material into a different 
shape such as pressing, 
rolling, stamping or ex¬ 
trusion as well as ham¬ 
mering, either by hand 
or by the steam-ham¬ 
mer. Among the most 
common processes are upsetting, drawing out, bending, and welding; 
most hand forging is composed of one or more of these operations. 
The work may be carried out red-hot or cold according to the material 
being used. Most forging of wrought iron or mild steel is carried out 
at red heat. 

In ‘drawing out ’ the material is hammered to a smaller cross section 
and greater length, as shown in Fig. 3 (a) and (6), 3 (a) being the 
original circular or rectangular bar drawn out to the shapes shown in 
3 (6). 

‘Upsetting 5 or ‘jumping up’ is illustrated in Fig. 3 (c) and (d), 
where a rectangular and a circular section bar are shown increased 
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in dimension at one end; the end is heated for a short length and then 
dropped endwise on to the anvil, or held horizontally and pressed 
mechanically, or hit on the end with a sledge-hammer, either method 
tending to shorten the bar and spread the metal laterally at the heated 
portion. Any intermediate part of the bar may be heated and jumped 
up in this fashion, but the increase in diameter cannot be localized 
completely; to produce an abrupt change in diameter subsequent 
drawing down is necessary. Practically in all cases jumping up must 
be followed by some drawing out to 
bring it to a uniform section as required. 

An example of the use of upsetting is 
shown in Fig. 3 (e to h), where a piece of 
steel tube is given the equivalent of a 
solid end when used as an axle. Fig. 3 (e) 
shows the plain tube which is heated 
near and at one end; it is jumped up, 
producing a shape as shown at (/)—(in 
the case of a tube about 4 in. diameter 
by \ in. thick hydraulic pressure was 
used, one advantage being that the force 
was applied axially in perfect alinement). 

While still red-hot the end is then worked 
under the steam-hammer so as to force 
the ‘jumped up* metal inwards (see 
Fig. 3 (g)). By a few repetitions of this process the shape shown in 
Fig. 3 (h) is produced, the final hammering being carried out with 
a small bar inside the end to act as a mandril, the outside being held 
between swage blocks. 

Fig. 4 illustrates some points which arise in bending rolled sections 
such as angles. When a length of angle is to be bent in the form 
shown in Fig. 4 (a) there is a tendency for the material to be extended 
at D and to be compressed, possibly buckled, at C; jumping up 
slightly will give sufficient metal at D to maintain full thickness as 
it is bent, and a drawing action with the hammer at G can be used 
to bring the excess metal there away from the comer; it can then be 
cut off and trimmed to a fair curve. Similar manipulation is required 
in setting an angle as shown at Fig. 4 (6); in this case extra metal is 
required at the outside of the bend K, and there will be surplus at 
M ; the extra metal can be obtained by ‘jumping up’ before com¬ 
mencing to bend. 

§ 22. Steam-hammer. The steam-hammer can work heavier 
masses of metal than can be dealt with by a hand sledge-hammer. 

o 
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In the heavier types the steam cylinder is mounted (with its axis 
vertical) on two rigid legs the whole forming roughly an A. The 
piston-rod passes through the lower cylinder cover and carries a 
heavy mass of metal at its end—known as the ‘tup’—which moves 
in guides like those for a steam-engine crosshead. This block is 
faced with cast steel and forms the hammer, the ‘anvil’ being a 
steel-faced rectangular block of iron carried on a substantial concrete 
foundation usually deeper than, and independent of, the A frame 
foundations. The size of the hammer is denoted by the weight of 
the falling mass; thus a 15 cwt. hammer is one whose tup with 
its steel facing weighs 15 cwt. 

The control is very flexible, the hammer being capable of giving 
a rapid succession of either heavy or light blows. The force of the 
blow ensures penetration of the effect well into the red-hot metal 
which is being forged, when a lighter hammer would have relatively 
a surface effect; with such forgings it is most essential that sufficient 
‘soaking’ in the fire should be given to ensure the whole mass being 
in a completely plastic state; otherwise the metal is not of uniform 
‘grain’ or texture throughout or may even develop serious internal 
cracks. Full use should be made of the rapidity of the hammer to 
work the mass to its final shape with as few reheatings as possible, 
and the hammer should not be allowed to rest on the work for any 
length of time on account of the cooling effect. 

Smaller steam-hammers usually have a single leg frame of an over¬ 
hanging form, which gives more freedom to the operator in handling 
the job. 

§ 23. Pneumatic Hammer. This type is similar in action to a light 
steam-hammer, but is operated by compressed air. The air is com¬ 
pressed in a cylinder usually mounted just behind the driving 
cylinder; and the power required for compressing the air is supplied 
by a belt drive, or by a direct drive from an electric motor. Control is 
usually effected by a foot lever, dispensing with the necessity for 
a hammer-man. 

These hammers are very convenient for the rapid handling of 
relatively small jobs. 

§ 24. Drop-forging. In this form of automatic hammer the action 
of gravity provides the force for the blow required, but this force 
cannot be varied so easily as with a steam-hammer. It is a method 
used chiefly to forge to shaped dies. 

The lower portion of a drop-stamp is shown in Fig. 5. T is a heavy 
tup sliding between vertical guides 0 ; the upper die D is dovetailed 
into the bottom of the tup, and the other die is attached to the base 
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block B Sbt A. The tup is lifted by a leather strap £which passes 
over a pulley on a countershaft above (not shown), a form of friction 
clutch giving controllable drive from the shaft to the pulley. The 
tup can be held in the upper position by means of the clutch. In 
working, the tup is lifted, and the red-hot metal to be forged is 
placed on the lower die; the tup is then allowed to fall freely, a 
second or third blow being sometimes given. The metal is squeezed 



Fig. 5 


into the shaped die, the excess being forced out between the edges 
of the dies forming a fin which is later chipped away. 

Fig. 6 shows three stages in the manufacture of a drop-forged 
connecting rod for a petrol-engine. In (a) is shown the first step 
produced rapidly in a rough state under the steam-hammer; (b) 
shows the appearance as it comes from the drop-forge, with the 
surplus metal forming a fin, and a ‘tail’ used for handling still at¬ 
tached to the small end. The fin is then chipped away, the small 
end bored, the inside of the big end bored to take the upper brass, 
and the big-end bolt holes drilled. The finished rod is shown in 
Fig. 6 (c), machined surfaces being indicated by a series of crosses. 

§ 25. Hydraulic Press. Big masses of metal can be better forged 
by the slow squeeze of the hydraulic press than by the blow of a 
steam-hammer on account of the greater penetration of the effort. 





20 ELEMENTS OF MACHINE DESIGN 

It is essential that all the metal should be worked, right through to 
the core, which is difficult to effect with a hammer unless it is of very 
large dimensions. 

The hydraulic form of press is sometimes used for forging in 
dies, in a manner similar to drop-forging; it is more suitable than 
the latter for shaping plates such as the flanged ends of boiler 
shells. 



(a) (6) (c) 

Fig. 6 


§ 26. Internal Structure of Forgings. Internally forgings are 
fibrous rather than crystalline as castings are; coupled with this 
formation are plasticity and toughness as compared with the brittle¬ 
ness of castings. To obtain the maximum advantage of these points 
it is necessary to ensure the ‘grain’ lying in the same direction as 
the main lines of the machine part; thus the connecting rod in Fig. 6 
would be much weaker if the grain were at right angles to the main 
axis of the rod. 

It is also essential that a forging should be of sound quality 
throughout; if the mass is not ‘ soaked ’ in the fire long enough for 
the centre to be properly heated, or if the blows of the hammer are 
too light, a faulty core results which is the more dangerous as there 
is no external evidence of its existence. 

§ 27. Casting and Pattern Making. In the foundry patterns are 
used to form moulds in sand, into which molten metal may be poured, 
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and allowed to solidify. In this process the following are important 
points: (a) The pattern must be of correct form, made in sections 
where necessary to facilitate making the mould, and with proper 
allowance for shrinkage and for machining, (b) The mould must be 
made of suitable sand strengthened, where necessary, fiy ‘irons’ to 




Fig. 7 


prevent corners or narrow pieces being knocked off, and with proper 
provision for escape of gases as well as for the upward thrust of the 
fluid metal, (c) The correct metal mixture must be used and must 
be poured at some definite temperature. 

The way in which the mould is prepared for a simple part such as 
a shaft coupling is shown in Figs. 7 and 8. For small parts moulding 
boxes, as in Fig. 7 (a) and (6), are used; these are open rectangular 
frames fitted in some cases with cross bars of different types, and 
provided with lugs externally by which they can be fastened together; 
thus box (6) has lugs carrying pins P which can pass through the lugs 
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Q and be locked by a cotter. In Fig. 7 (c) the pattern A for a flange, 
such as one of the pair shown in Fig. 63, is shown bedded in the sand 
in the lower box. Sand which has been used, ‘floor sand’, has 
partially lost its good moulding qualities, so fresh or ‘ facing ’ sand is 
used to form that part of the mould immediately round the pattern, 
floor sand being used to fill the remaining space in the boxes, as 
indicated in Fig. 8. When the sand has been rammed firmly round 
the lower portion of the pattern the upper surface is smoothed off 
level with the box edge and sprinkled with ‘parting sand’ (i.e. sand 



Fig. 8 


which has been ‘burnt’ and has no adhesiveness). The upper box is 
then placed in position and locked by the cotters, after which it is 
filled with sand rammed home without damaging that in the lower 
box, and with provision for pouring in the metal by means of a ‘gate ’ 
( 0 , Fig. 8). The upper box can then be released and lifted off, the 
dry parting sand having prevented any mixing of the sand in the 
upper and lower boxes; the pattern can be lifted out of the lower box 
carefully, and the core D put in place. (The term ‘core’ is explained 
in § 28.) When the pattern is removed a certain amount of touching- 
up of the surface of the mould is usually necessary, and the surface is 
treated with a wash of plumbago or a mixture of flour and plumbago, 
which gives a much smoother finish to the casting. Before being used, 
the moulds are usually dried except when ‘green sand’ moulding is 
to be used. Fig. 8 shows the mould ready for pouring, the core D 
having been placed in position and the two boxes secured together. 

In the case of more complicated forms, in addition to the pouring 
gate (G, Fig. 8), ‘risers’ of the same shape are provided over other 
parts of the mould; this ensures that no part is starved of metal due 
to the time taken for the metal to flow across the mould being too 
great, prevents air locks, and provides auxiliary pouring gates; 
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the 4 head ’ of fluid pressure afforded by these gates and risers helps 
to ensure a sound casting. With certain metals elaborate venting 
must be provided to enable gases which may be generated to escape 
freely and thus to check possibility of a very porous casting. 

A tapered section is obviously easier to withdraw from the sand 
than one with parallel sides, and this may be sometimes definitely 
provided in the design. With more complicated parts it is sometimes 






(c) 

Fig. 9 


necessary to use several boxes, while moulds for larger parts are 
often built in the foundry floor. 

§ 28. Cores. When the casting is to have internal cavities (as in 
a petrol-engine cylinder head) it is usual to make the pattern such 
that a mould for a solid casting would be obtained, and then to 
insert in the mould cores made separately of loam. To hold these 
cores in position the pattern has projections termed core 'prints (see 
P, Fig. 9) which leave recesses in the mould; the core is made with 
corresponding projections. It is often necessary to fix the cores 
firmly in place to check possibility of their floating on the molten 
metal, especially when held by one end only. In most cases cores 
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are made in core-boxes; thus in Fig. 9 (a) is shown an end view of 
a core box with a plan view" of the lower half below, for a plain 
cylindrical core. The dowel pins D position the two halves correctly 
when clamped. In Fig. 9 ( b) is shown a pattern for a bell-shaped 
mouthpiece for a speaking-tube; the diameter at A is increased to 
allow for machining and the projections marked P are core prints; 
dowel pins D are used as with a split core box. The lower half of the 
core box for this is shown in Fig. 9 (c), the parts 
P x forming the projections on the core which 
enter the recesses left by portions P. (The 
shading indicates the contact surface of the 
half box in each case.) 

§ 29. Pattern Making. Patterns are usually 
made of wood, chiefly of good quality pine, or 
mahogany for smaller pieces, though some¬ 
times metal patterns are used when a very 
large number of castings are to be taken. All 
metals used in normal foundry work contract 
on cooling, after solidifying, and allowance for 
this is made in the pattern by working to a 
‘contraction rule’, so that all dimensions are 
in excess of the nominal dimensions by the 
requisite proportion. Allowance for additional 
metal is always made where machining of the 
casting is required, and the pattern maker 
often tapers a portion shown parallel on the 
drawing, in order to provide for easy with¬ 
drawal from the mould. 

Complicated patterns, such as for a locomotive cylinder and parts, 
are built up in several sections so that they may be readily withdrawn 
from the mould. For small projections, such as bosses, loose pieces 
dovetailed into the main part of the pattern simplify construction of 
the mould (as in Fig. 10). Here the portion A is withdrawn ver¬ 
tically, leaving B held in the sand; B can then be withdrawn to the 
left and lifted out. - 

§ 30. Chills. One of the commonest troubles in the foundry is 
cracking of a casting while cooling, on account of the unequal rates 
of cooling of different parts. This arises mostly where there is a big 
variation of thickness of metal; in such a case the thinner parts lose 
their heat more quickly and set, while the thicker parts are still 
partly fluid; and severe internal stresses are set up when the thicker 
parts make their final contractions after the thinner parts have 




(*) 


Fig. 10 
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cooled and set. To maintain an approximately constant rate of cool¬ 
ing chills are recessed into the mould close to where the thick metal 
will be, as shown in Fig. 11, at S and I 7 , where thick bolt bosses are 
required at intervals round a light case; chills usually consist of a 
fairly large mass of scrap cast iron, or are cast for a particular job 
if a definite shape is needed. 

Casting a wheel with a heavy rim is a case where a chill is essential; 
the light spokes set first, and when the slower cooling rim attempts 



(a) Fig. 12 ( b ) 


to contract cracks are sure to appear, unless a chill has been used to 
cool the rim more rapidly. 

In all castings sharp internal angles are a source of weakness; the 
material is crystalline, and as the crystals tend to form at right angles 
to the cooling surface there is a definite line where an abrupt change 
of direction of surface occurs, between two sets of crystals, resulting 
in decided weakness (see Fig. 12 (6)). All internal angles in castings 
should be rounded as shown in Fig. 12 (a). 

§ 31. Comparison of Castings and Forgings. Figs. 13, 14, and 
15 will serve to illustrate the relative uses of castings and forgings. 
Fig. 13 shows the body of an ordinary domestic water-tap—a casting; 
Fig. 14 shows a crane hook—a forging; and Fig. 15 shows a simple 
bracket which is a casting in this case, but could be made suitable 
for a forging by slight alteration in design. 
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The tap body can be easily cast, but would be very difficult to forge 
on account of the internal shape, while the crane hook must be a 
forging as a casting would be too brittle and unreliable. 

The chief differences between castings and forgings are in strength 
and cost of manufacture; castings are weaker than forgings when 
under tensile loads, and are sometimes unreliable on account of 
blow-holes or general porosity; on account of the brittle non-plastic 
nature of cast metal it is unsuited to withstand shock loads. Castings 
are in general cheaper than forgings, especially when intricate shapes 



Fig. 13 

have to be produced; one pattern may be used a large number of 
times, so its cost will have little effect on the price of each casting, 
and machine moulding or plate moulding give means of rapid and 
accurate production. 

Forgings can only be produced from metals that have plasticity 
and ductility; they have good shock-resisting qualities and are well 
fitted to withstand tensile loads; if large numbers of one piece are 
required the process of drop forging or stamping can be used, and 
cost per article will then be fairly low. The bracket shown in Fig. 15 
is a casting but could-be produced as a drop-forging if the bolt bosses 
were slightly modified. 

§ 32. Machine Moulding. Moulding machines vary somewhat in 
the method of working, but most provide for mechanical shaking of 
the sand when packing the floor sand at the back of the facing sand, 
and all give mechanical withdrawal of the pattern from the mould. 
They enable a much more rapid production of moulds to be obtained, 
with complete uniformity of result. Withdrawing the pattern with- 
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oyt damaging the mould is difficult in many cases of hand moulding, 
but is made very easy by the moulding machine. This is particularly 
noticeable in the case of an air-cooled petrol-engine cylinder where 
a number of thin fins have to be cast on the outside of the cylinder. 

§ 33. Plate Moulding. This process, a form of machine moulding, 
provides for the rapid production in quantity of simple small cast 
parts. Fig. 16 (a) shows a part of a plate from which a mould is 
prepared for casting a number of stuffing box glands of the form 
shown in Fig. 16 (b). On the plate A are mounted half patterns of 



the gland with core prints at P ; a semicircular strip R forms a channel 
connecting to all the small moulds formed in the sand. The plate 
shown forms the required recesses in one box, and a similar plate 
will form similar recesses in the other box; the two boxes clamped 
together form the complete mould, when cores have been inserted. 

§ 34. Die-casting. In die-casting a metal mould instead of one 
made in sand is used. Cast iron may be poured into cast-iron moulds, 
but usually die-castings are made of non-ferrous metals with a lower 
melting-point. By this process it is possible to produce small machine 
parts with an accuracy of 0 0001 inch; but the dies are costly to 
produce and it is not an economical method unless large numbers 
have to be produced. * As many as 8,000 to 10,000 can be produced 
from one die, and each casting needs little or no machining. 

In the case of iron castings the die may have to be more than fifty 
times the weight of the casting to carry away the heat. The casting 
produced has a very hard surface due to contact with a relatively 
cold surface. 

§ 35. Machining. Machine tools have now been constructed to 
carry out nearly all the work which was originally done by hand; 
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instead of using the hand hammer, chisel, file, and/foot-lathe, the 
workman can operate machines such as the steam-hammer, pneu¬ 
matic chisel, slotting, planing, shaping or milling machines and the 
capstan or turret lathe. 

The operation to be performed is very much the same as before; 
thus a certain surface which has to be a true flat one, is now produced 
by shaping or milling followed by grinding, where formerly it was 
chipped, filed, and hand-scraped. The time taken to remove the 
material is very much less and the final accuracy greater, while the 
expenditure of human energy is almost entirely eliminated. 



Machine tools may be broadly grouped according to the relative 
motion of the tool and the work; in planing, shaping, and slotting 
machines the relative motion is reciprocating, and plane surfaces are 
produced; the tool of the planer is usually held rigidly and the work 
passed under it, while in the other machines the work is held steady, 
the tool reciprocating across it. The principle of the power-driven 
lathe is the same as for the older foot-power wood-turning one; the 
work is rotated and the tool held against it. The tools used in all 
of these (i.e. reciprocating machine tools and lathes) are similar in 
type. Another type of machine tool is the milling machine where the 
work is moved relative to the cutter which rotates about a fixed axis. 

§ 36. Lathes. Fig. 17 shows how work of a cylindrical shape is 
turned in a lathe; Fig. 18 shows a part being bored while carried on 
a face-plate; and Fig. 19 shows the relative positions of the parts of 
a power-driven lathe. In Fig. 17 W is the work carried on two conical 
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centres, G x and C 2 ; C x is fixed to the driving plate D, which is screwed 
on the end of the headstock spindle and rotates with it; C 2 is carried 
by the adjustable tailstock. The work is rotated by the driving plate 
through the carrier K. As the work is rotated the tool is moved slowly 




to the left, removing the thickness of metal x from the work. In 
Fig. 18 the work G is shown bolted to the face-plate F , in a position 
ready for boring or internal turning, the tool T moving along the 
line AA. The tool can also be moved in a direction perpendicular to 
the axis of rotation so that the flat-end surface BB may be trued. 

In Fig. 19 B is the bed of the lathe, H the headstock, Q the tail- 
stock—sometimes called the loose headstock, S the saddle carrying 
the tool box. G G are a series of gear-wheels connected with the 
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headstock spindle and driving the leading screw L, which in turn can 
drive the saddle to move it along the bed; or the saddle can be thrown 
out of gear with L> and moved along the bed by hand. 

The lathe is one of the most universal machines, and can be 
used for many other jobs than the normal ones of plain-turning, 
facing, or boring. In more modem lathes the change wheels at 0 are 
replaced by a complex gear-box built in under the belt pulleys. 

§ 37. Screw-cutting. This operation can be easily carried out on 
a lathe of the type shown in Fig. 19. A tool with a V-shaped end is 
used, and the gears 0 are so arranged that for one revolution of the 
job the saddle moves a distance towards the left equal to the pitch 
of the thread to be cut; if a left-handed thread is required an extra 
wheel must be put in the train of wheels 
at 0 , to reverse the direction of rotation 
of the lead screw; the tool will then 
move to the right as the work rotates 
in the normal direction. A quick re¬ 
lease is provided to enable the tool to 
be withdrawn at the right moment. 

§ 38. Turret Lathe. This is a more 
complex form of lathe, much used for 
repetition work. A series of operations 
such as are necessary in the formation 
of hexagon-headed brass bolts from 
hexagonal bar can be quickly and 
accurately carried out with one set of tools. In place of the tool 
holder (as on S in Fig. 19) there is a hexagonal turret carried on the 
saddle (see Fig. 20), on each of the six faces are attachments for special 
tools, and the turret can be rotated so as to bring any of these tools 
into position ready for operating on the work which is usually carried 
by a chuck on the headstock spindle. By suitable gearing and cams 
these lathes are often made completely automatic; the bar or tube 
from which the machine parts are being made is then supplied 
through the lathe spindle, which is hollow. 

§ 39. Drilling and Boring. Modem drilling machines for dealing 
with medium and large work are fairly elaborate machines; they are 
capable of taking heavy cuts quickly, with automatic feed, and can 
be readily adjusted to work of widely varying dimensions. The use 
of ‘ high-speed ’ tool steels permits of much heavier work being left 
for the drill, so that in many cases holes in castings which were 
formerly cored out are now left solid to be bored out entirely by 
drilling. Multiple spindle or ‘gang’ drills are frequently used in 
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places where there is considerable repetition work with numerous 
holes to be drilled close together. 

Larger holes are usually bored either in a lathe or a boring machine. 
The latter is often made with a horizontal rotating table to which 
the job is bolted, and a vertical frame carrying a tool head which 
can be fed downwards into the job. 

Portable drills (either electric or pneumatic) are frequently a great 
saving of time and labour, enabling the drill to be taken to the job 
instead of the reverse, but are not usually stout enough to deal with 



heavy work. The re-boring of steam-engine cylinders is often very 
conveniently carried out by a portable boring machine which obviates 
the necessity for dismantling the cylinders completely. 

§ 40. Drilling Jigs. In most cases of repetition work considerable 
economy is effected when drilling by making jigs. A jig is practically 
a form of guide which will ensure each hole being drilled very ac¬ 
curately in its correct position. In Fig. 21 J is the jig and B an ad¬ 
ditional base required for one of the operations, which are, to drill the 
required holes at X and Y on the casting A . The casting is machined 
to correct dimensions on the base and at the edge which abuts against 
T. It is then placed in the jig and clamped securely in the position 
shown; the jig is a rigid frame finished with great accuracy on all 
contact surfaces, and fitted with two bushed holes at P and Q which 
are in the correct position relative to the surface at T \ the inside 
diameters of the bushes are sliding fits for the drills which are re¬ 
quired for the holes X and Y. In the position shown X can be drilled, 
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and by removing the separate base B , Y may be drilled. At 21 (a) 
a screwed bush is shown in section. 

The jig shown is a simple one; in many cases a very elaborate and 
extremely accurate jig is necessary to provide for a number of drilling 
and other operations. Where a large number of similar parts are to 
be made one jig can be made by a highly skilled gauge-maker, and 
can then be used by relatively unskilled men, giving as great an 
accuracy, with greater speed, as if a skilled man drilled each hole 
independently. 

§ 41. Shaping and Slotting Machines. In both of these machines 
the work is clamped on a table and the tool reciprocates across the 
surface of the work; in the former the 
tool moves horizontally, and in the 
latter vertically. The shaper normally 
produces plane surfaces only, but the 
slotter can be used to rough-machine 
cylindrical pieces by rotating the table 
as each cut is taken. Though the return 
stroke is usually made at higher speed 
practically 50 per cent of the total time 
taken on any work is idle time. 

An important point to watch, when 
reciprocating cutting tools are to be used, is to ensure the tooi 
4 clearing ’ at the end of each cutting stroke; such tools cannot cut 
up to a ‘ blind ’ end. This is illustrated in Fig. 22, where a recess is 
left at X in order that the tool can clear the chip completely when 
machining the surface at S. 

Both these machines, especially the shaper, have been largely 
replaced by the milling machine; the latter is able to do the same 
work more rapidly and leaves a better finish. 

§ 42. Milling Machines . A rotary cutter is used in these machines, 
a type used for milling flat surfaces being shown in Fig. 23. The 
cutting edges are formed by spiral fluting on the cylindrical sur¬ 
face, and the relative movements of cutter and work are shown in 
Fig. 23 (b) ; the cutter rotates in the direction shown at X, and the 
work is moved past it as shown by the arrow Y. 

Other forms of milling cutter are shown in Fig. 24 where (a) is an 
end mill, and ( b) a shaped cutter used for cutting splines on a shaft. 
The former could be used for machining the surface 8 in Fig. 22 or 
for cutting a sunk key way on a shaft. 

Comparatively intricate forms can be readily obtained auto¬ 
matically and accurately by the use of shaped milling cutters; but 

D 
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the initial cost of such cutters is high and their upkeep troublesome, 
so that they are not economical if only a small number of pieces are 
to be machined. 

Milling machines are made with vertical or horizontal spindles, 



( a ) Fig. 24 ( b ) 


and usually have suitable fittings for carrying certain work between 
centres. Automatic feed is usually provided. 

The great variety of work which can be carried out, and the speed 
with which it can be done, have made this one of the most important 
machine-tools; it has replaced to a large extent the need for shapers, 
planers, and to a lesser extent even the lathe. 

§ 43. Gear Hobbing. The teeth of gear-wheels can be cut by a 
specially shaped cutter in the manner indicated in Fig. 24 ( b ); but 
a more satisfactory method for involute teeth is by a hob, as 
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shown in Fig. 25. The hob H is in the form of a worm, or can be 
considered as a solid generated by the rotation and sliding of a rack 
on an axis parallel to the line of 
the rack; by cutting gaps across 
the ‘threads ’ of the worm, cutting 
edges are formed. The blank disk 
for the wheel W, on which the 
teeth are to be cut, is mounted on a 
spindle which is geared with the 
spindle of the hob, so that the 
rotation of the hob gives W, 
the correct relative speed for the 
equivalent worm and worm-wheel. 

The work is then moved directly 
towards the rotating hob, and 
traversed parallel to its own axis, 
until the hob has cut the teeth to 
the correct depth. 

As the rack profile for involute teeth has straight sides the hob can 
be made comparatively cheaply, and can be readily maintained in 
good condition. This same method can be used for cutting helical 
gears, or for worm-wheels. 

§ 44. Gear Planing. The 
diagram Fig. 26 shows how 
a double helical gear-wheel 
can be cut by a planing 
motion. C and D are two 
rams or tool holders which 
can move with a reciproca¬ 
ting motion along the lines 
XY and YZ respectively; 
they can also be moved 
together in the direction K . 

A and B are shaped cutters 
of the form of racks which would gear correctly with the wheel to be 
cut, which is mounted on the axis 00. While 0 and D are reciprocating 
along their axes, they are both moved parallel to K and the wheel 
blank is rotated a corresponding amount. 

Spur-wheels or single helical wheels can also be generated by a 
cutter which is virtually a pinion with cutting edges formed on one 
side of the pinion. The pinion cutter reciprocates over a short stroke 
parallel to its axis, and is correctly geared to the spindle on which 

D 2 
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the wheel blank is mounted so that the two can be slowly rotated 
while the cutter is operating (see Fig. 126). 

§ 45. Grinding and Lapping. A grinder is similar to a milling 
machine, with a carborundum or emery wheel instead of a milling 
cutter; the amount of material removed is less but the surface speed 
of the cutting wheel much greater—about 6,000 feet per minute. 

The chief value of the grinder is in the very great accuracy ob¬ 
tainable, and it is equally applicable to single jobs or to repetition 
work. Also hardened steels can be worked by this form of tool alone. 
A figure of 0*004 inch is given as a maximum depth for a roughing 
cut, with a cut of 0*0005 inch for finishing. 

In many cases a casting or stamping can be put directly on the 
grinder without any previous machining; but where any appreciable 
quantity of metal is to be removed the main work is usually done 
by the milling machine. 

Lapping is virtually a form of grinding where extreme accuracy is 
required; fine emery powder or diamond dust is used, and is carried 
on (or in) the surface of a Tap ’ of soft cast iron, copper, brass, or lead, 
most usually the last. Gauge work is often lapped after being ground. 

Apart from the accuracy of grinding there is the decided advantage 
that no appreciable pressure is exerted on the work, hence there 
is no tendency to distort it, a point which adds considerably to its 
value for finishing. 

§ 46. Heat Treatment. Under this term is included hardening, 
tempering, annealing, or any special treatment which is used to alter 
strength-qualities of a material. 

Ordinary carbon tool steels are hardened by heating to a red heat 
and cooling quickly in oil or water, while self-hardening steels are 
hardened by heating and allowing the metal to cool in a blast of dry 
air. By subsequent tempering (quenching at a lower temperature) 
the hardness of the metal is brought to that exact amount required 
for the particular work to be done. 

Annealing reduces brittleness, and is usually done by heating the 
piece concerned and allowing it to cool very slowly. Many metals 
are embrittled by working and must be annealed before use, or they 
are liable to be dangerous; the balls for ball-bearings are annealed 
carefully after rough grinding to remove possible surface strains; 
boiler plates which have been flanged to a small radius are annealed 
before use. 

Alloy steels often show wide differences in properties after different 
heat treatments, and need very careful working. The temperature 
to which the piece is heated is measured much more exactly than 
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formerly, when the individual workman decided most usually by the 
colour. 

§ 47. Case-hardening. By this process the skin of a machine part 
of relatively soft steel is converted into a high-carbon steel with 
corresponding increase in hardness. It was frequently applied to 
gear-wheels which thus had tough and relatively plastic interiors 
with good shock-resisting qualities, while the surface of the teeth, 
where subjected to considerable wear, had a high degree of hardness. 
Some of the newer alloy steels have the great advantage of com¬ 
bined hardness and toughness, so have tended to remove the neces¬ 
sity for case-hardening. 




c c 


(a) Fig. 27 ( b ) 

§ 48. Welding. Two pieces of wrought iron or mild steel may be 
welded together by heating to a point not far below the melting- 
point and hammering the two together. This process is still very 
largely used to simplify construction of certain machine parts, but 
needs skilled workmen ; there is no means of testing whether the w r eld 
is sound throughout save by testing it to destruction. 

Metals which have no definite plastic state at red heat can be 
joined by electric welding. Two different forms of electric welding are 
indicated in Fig. 27. In (a) the edges of two plates which are to be 
joined have been brought together and heated by the arc between 
the two carbons A and B, extra metal being added by means of a 
small rod, or in granular form. 

In Fig. 27 (6) the two parts P and Q which are to be joined are 
held rigidly in two clamps C to which electrical connexion is made. 
The arc which gives the heat required to fuse the two pieces is struck 
between P and Q themselves. 

Cast iron can be welded electrically, and repairs are often effected 
where the piece would have been ‘scrapped’ formerly. Welding has 
been successfully tried on steel-framed buildings and on shipbuilding, 
but most engineers are rather cautious as to using it for parts re¬ 
quiring considerable tensile strength. 
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While tests have shown that welds are often reliable, it is easy to 
damage the adjoining metal. 

§ 49. Limit Gauges. When two parts have to fit together, one 
within the other, a definite difference in size is usually necessary, 



Fig. 28 

varying according to the nature of fit required; a rotating journal 
must be smaller than the bearing in which it is to rotate freely, 
while a wheel boss which is to be shrunk on to a shaft must be bored 
slightly smaller than the shaft. This difference in dimension between 
the two parts is called Allowance. Thus if a 4 in. diam. shaft is to 
run freely in a 4 in. diam. bearing, assuming that the bearing is 
bored true to 4 in. diam. the shaft would be turned about three 
thousandths smaller, the difference of 0 003 in. being the ‘allowance’. 
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As it is difficult to ensure any part being finished dead true to size 
the amount by which the actual size may vary from the nominal 
size is definitely stated; this variation, which covers imperfection of 
workmanship, is termed Tolerance . Thus in the case of the 4-in. 
shaft mentioned above the actual amount of variation permitted is 
to make the shaft between 2J and 
5-thousandths small, giving a range 
or tolerance of 2\ thousandths. 

Tolerances and allowances have 
been standardized by the British 
Engineering Standards Association, 
and by the Newall Engineering 
Company, the latter system being 
the one most generally used. In the 
diagram Fig. 28 the figures for a 
nominal diameter of 3 in. as fixed 
by the Newall Company are given, 
the differences being shown to a 
scale 400 times that of the nominal 
diameter (shown by the dotted 
lines). 

Two different classes of work, A and B, are given for boring the 
3-in. hole, the latter being of lower quality with a bigger tolerance. 
X, Y , and Z are three different classes of running fits for shafts; P 
is for push fits, D for driving fits where the shaft can be driven into 
the hole by the relatively light blows of a hand hammer, and F is 
for force fits where high pressure is required to force the shaft into 
the hole, or where shrinking the boss on to the shaft can be used. 
In each case allowances are indicated on the right, the difference 
between each pair of figures being the tolerance. 

4 Go ’ and ‘ Not Go ’ gauges such as are used when working to such 
limits are shown in Fig. 29, (a) being for internal and (6) for external 
checking; thus if the smaller or ‘ Go ’ end of the plug gauge can enter 
the hole, while the larger or ‘Not Go’ cannot enter, the diameter 
lies between the prescribed limits. 
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CHAPTER III 
STRESSES 


§ 50. Simple Stresses. There are three simple forms of internal 
stress: tension, compression, and shear; and any combination of 
forces acting on a machine element produces a state of stress which 
can be resolved into a combination of two or all of these simple 
forms. 

In many cases, as in the bars of a pin-jointed frame, simple com¬ 
pression or tension occurs, and the line of action of the force may be 
considered axial producing uniformity of stress over a cross-section. 

A purely bending action produces internal direct stress varying 
uniformly from a maximum tensile stress on one face to compressive 
stress on the other, and a variable internal shear stress. Simple 
expressions by which these stresses can be calculated are easily 
evolved, and experimental results support the figures so obtained. 
Similarly, a pure twisting action on a circular shaft induces shear 
stress which has a maximum value at the outer layer. 

When the loading on any machine element is such that it produces 
either (a) direct stress (tension or compression), ( b) pure bending, 
or (c) pure twisting, the relation between applied force, dimensions 
of part, and maximum internal stress is given by one of the following 
equations: 


(a) 


load 

stress =- 


area 


( 6 ) 


bending moment max. stress 

moment of inertia of max. distance from 
cross-section neutral axis 



/ 

y ' 


(c) 


twisting moment 
polar moment of cross-section 


max. shear stress T q 

max. radius J ~ r 


and in all cases: 

—-—— = modulus of elasticity, 
strain 


Example 1 . A tension member in a structure has an axial load of 
9 tons; the member is a steel strip of rectangular cross-section, and 
is secured by rivets. If the maximum calculated or working stresses 
are 5 and 7| tons per sq. in. for shear and tension respectively, 
determine suitable dimensions for the member and rivets. 

9 

Required area of cross-section of rivets = - = 1*8 sq. in. 
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Using three rivets of £ in. diam., area provided «= 1-804 sq. in. 

9 

Effective area of cross-section of bar required = — = 1-2 sq. in. 

7*0 


12 

If the bar is f in. thick, effective width = = 1-6 in. 


As the member is weakened by one rivet-hole the minimum 
overall width must be 1-6 in. + | in., or 2\ in. 

The member may be composed of a strip | in. thick by 2£ in. 
wide, secured by three l in. diam. rivets. 

Example 2. A horizontal tie bar is £ in. wide by 2J in. deep, and 
15 ft. long. If the material weighs 0 283 lb. per cu. in. what is the 
maximum bending moment and maximum stress due to its own 
weight ? 

Total weight of bar = 0-625 x 2-25 x 15 x 12 x0-283 lb. = 71-7 lb. 


Maximum bending moment 


71-7x15x12 
8 . 


lb. in. = 1610 lb. in. 


2nd moment of cross-section 0-625 X 2-25 3 . 
(moment of inertia) ” 12 


in. 4 = 0-594 in. 4 


Maximum distance from neutral axis = 1£ in., then from / = 


My 
I * 


Maximum tensile stress 


1610xl£ 

0-594 


3050 lb. per sq. in. 


Example 3. A short circular shaft transmits 120 horse-power at 
90 r.p.m. If the maximum shear stress is 3 tons per sq. in., what is 
the outer diameter (a) for solid shaft, (6) for hollow shaft, with inner 
diameter half the outer ? 


(a) Twisting moment transmitted = 


120x33000x12 
“ 90x27T 
84,100 lb. in. 


Maximum radius = - 
Polar moment of cross-section 


77 D 4 

32 



Maximum shear stress 
84,100x32 


•D 4 


3 X 2240 lb. per sq. in. 

3x2240x2 . T 
- -—-from j = 


D 3 = 


84100x32 


77X3x2240x2 
= 63-7 
D = 3-99 in. 


r 
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(b) In this case polar moment of cross-section 


15 77 

= —x — Z+ 

16 32 


Hence 


D 3 = 63-7 X 
= 68 0 


16 

15 


D = 4 08 in. 

The minimum outer diameters required are 3*99 in. for the solid 
shaft and 4-18 in. for the hollow one. 

§51. Combined Stresses. Combined bending and twisting, or 
combined bending and direct stress are common examples of com¬ 
bined stresses. The state of stress resulting from the former combina¬ 
tion can be resolved into two direct stresses, mutually perpendicular, 
and inclined to the axis of bending; the following expression gives 
the value of the equivalent bending moment M e where M and T are 
the applied bending moment and twisting moment respectively. 

M e = 

(M e acting on the machine part would produce a maximum direct 
stress of the same value as that produced by the combined action 
of M and T.) 

An internal shear stress is also produced and, if failure by shear i3 
probable, the following equation is used: 

T e = ^/M 2 +T\ 

where T e is the equivalent twisting moment. (T e acting alone would 
produce the same maximum shear stress as produced by M and T). 

Example 4. At a point in a crank-shaft there are external twisting 
and bending moments of 15,000 lb. in. and 12,000 lb. in. respectively. 
If the maximum permissible stresses are 5 tons per sq. in. in tension 
and 3 tons per sq. in. in shear, what is the minimum diameter required ? 


M e = \ {12000+\/(12000) 2 +(15000) 2 } 
= J(12000+19200) 

= 15600 lb. in. 


15600 

77 D 4 

64 

D 3 = 


5x2240 


from 


D_ 

2 

32x15600 


5X77X2240 
= 14-2 
D = 242 in. 


M e 

I 


y 
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T e = \/(12000) 2 +(15000p ' 
= 19,200 lb. in. 

19200 3 x 2240 , T e q 

—— = ——— from — = -i- 
t tD 4 D Jr 

32 J 

19200x16 
7rx3x2240 
= 14-55 
D = 2-44 in. 


Thus the minimum diameter required to resist the resultant shear 
stress is 244 in. 



In the case of a combination of direct stress and bending the 
position is simpler as both stresses are acting in the same direction 
and the maximum resultant stress is the direct sum of the two 
components. 

Example 5. In Fig. 30 is shown a simple lever carried by a fixed 
pivot at its upper end and subjected to two forces and F z of 
3 tons and 8 tons respectively acting as shown. R is the reaction 
force acting at the pin A, and P x and P 2 are the reactions from the 
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pivot. It is required to calculate the breadth and thickness of the 
lever at A ; maximum tensile stress to be 7-5 tons per sq. in. 

Bending moment at A = 3x9 =27 ton inches. 

Moment of inertia of cross-section at A =- — - — 

iz 

Effective area resisting F 2 = (d— 1J) t. 

Various combinations of values for t and d are possible, but it is 
usual to make the ratio of d to t about 4 or 5. In practice it is quicker 
to assume a definite value for either t or d ; let d be 5 in. 

The moment of inertia becomes 10-25 1 and the maximum distance 


from the neutral axis is 2| in. 

^ M f 27 /, . 6-6, 

From X = y, 10 25< = 2 5 ° r & = T t0nS per Sq ‘ m> 

g 

The direct stress f 2 at A due to the load F 2 is j--- - --- 

(D - l'ZO) ty 

213 

or ~y~ tons per sq. in. 

^ 213 6*6 _ p, 

then —-1—= 7-5 

t t 


t = 1-162 in. 


The thickness of the lever could be made 1^ in. or 1J in. 

In this case the stress due to bending varies uniformly from a 
maximum tensile stress on one edge to a maximum compressive 
stress on the other edge; the tensile stress due to the direct pull F 2 
is uniform across the section. Where the two component stresses 
are of the same sign the maximum resultant stress occurs. 

§ 52. Dynamic Loads. In structural work and in certain machine 
parts the loading is static; it is applied slowly and remains steady. 
In the greater number of machine parts there is movement which 
causes additional dynamic loads. 

In general, the total load on any member of a machine may be 
comprised of two or more of the following: 

(a) Useful load to be transmitted as part of the normal work of 
the machine. 

(b) Inertia forces due to variations in the magnitude or direction 
of velocities of parts. 

(c) Actual weights of machine parts. 

(d) Constraint loads due to temperature changes, or accidental 
loads arising in the course of the use of the machine. 

Those loads included under (d) will be considered further in 
Chapter IV; those under heading (a) can be readily determined by 
application of the principles of mechanics. Inertia loads occur in all 
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types of moving parts, and in the case of high-speed machines may 
reach considerable magnitude; if the motion of each part is well 
defined, and the dimensions known, these loads may usually be readily 
calculated. The following are typical examples of ‘Inertia’ loading: 

(i) Variation in load on the crosshead pin of a steam-engine—due 
to the acceleration and deceleration of the reciprocating parts. 

(ii) Tension in a flywheel rim due to the continual change in 
direction of velocity. 

(iii) Water hammer in a pipe-line resulting from a sudden reduc¬ 
tion in the velocity of the water. 

A coupling rod on a locomotive undergoes considerable bending 
stress when running at high speed, on account of the variation in its 
velocity vertically. Thus at its highest position the downward ac¬ 
celeration is a maximum and is equal to cd 2 R, where co is the angular 
velocity of the cranks in radians per second, and R the crank radius; 
the rod is acting as a beam with a downward force at each end, and 


a distributed upward ‘inertia’ force of -w 2 R lb. for every pound 
weight in the body of the rod. 

Example 6 . A coupling rod is of rectangular section 4 in. deep by 
1 in. thick, and 7 ft. 6 in. long between centres; the cranks carrying 
the rod have an effective radius of 10 in. and rotate at 240 r.p.m. 
If the weight of the material of the rod is 0-28 lb. per cu. in., what is 
the maximum inertia bending stress in the rod ? 

Weight per inch run of rod = 1 x4x0-28 = 112 lb. 

Maximum acceleration (o> 2 R) = = ^28 ft. per sec. 2 


112 

Inertia force per inch run = 528 X^-^ = 18*37 lb. 


Maximum bending moment on rod = 


Moment of inertia of rod = 


1X4 3 
12 


18-37 x90 2 
8 


= 18,580 lb. in. 


= 5-34 in. 4 


18580 / , M 

Tm ‘ 2 ,rom T 


/- 


18580x2 

534 


/ 

y 


= 6,950 lb. per sq. in. 

The maximum inertia bending stress is 6,950 lb. per sq. in. 

§ 53. Fatigue. Alternations of stress such as occur in the piston-rod 
of a double-acting steam-engine, if repeated a large number of times, 
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cause fracture of a machine part, even though the maximum stress 
reached is below the normal elastic limit for the material. This type 
of failure has been said to be due to ‘fatigue ’, and the term is still in 
common use, though ‘progressive failure’ has been suggested as a 
truer description of what actually occurs. 

The problem was first extensively investigated by Wohler in 1870, 
and since then by many ethers. 

The following table gives a few typical examples of results 
obtained: 

Table V 


Maximum 
Compressive Stress. 
Tons per sq. in. 

Maximum 
Tensile Stress. 
Tons per sq. in. 

Number of 
Repetitions 
before Failure . 

Ultimate 
Strength. 
(Single loading) 

15-3 

15-3 

56,430 


10-5 

10*5 

3,632,600 

23*0 

8-6 

8-6 

19,186,791 

tons per 

— 

210 

106,910 

sq. in. 

— 

15*28 

i 

10,141,645 



It appears that range of stress has a decided influence on the 
number of repetitions of loading required to break a test piece. Tests 
to determine the influence of variation in the rapidity of fluctuation 
of load have, so far, given no definite result. 

It can be seen from the above that a lower calculated stress must 
be prescribed in instances where the loading varies in amount or 
reverses in direction. 

The importance of this question is strikingly illustrated by con¬ 
sidering the reversals in stress in the crank-shaft of an engine, which 
passes through a complete cycle of reversal in each revolution. An 
engine running at 1,200 r.p.m., in 24 hours completes 24 x 1200x60 
or 1,728,000 revolutions; the bending stress at any point in the crank¬ 
shaft changes from maximum compressive to maximum tensile and 
back to compressive stress 1,728,000 times. 

§ 54. Impact. It may be readily proved that a load suddenly 
applied to a bar induces a stress of magnitude double that induced 
by the same load if applied slowly. A still greater stress results if the 
same load is allowed to fall a short distance before striking the bar; 
this form is termed impact loading. In addition to elastie deforma¬ 
tion of the bar struck, the following should also be considered to 
arrive at a truer figure for the maximum stress induced: 

(a) inertia of the bar struck; 

(b) elasticity of the falling load; 

(c) heat generated by the impact. 
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It is, however, usual to assume that the whole of the kinetic energy 
acquired by the falling body is spent in elastic deformation of the 
bar struck. 

Example 7. A weight of 200 lb. falls j in. before the load is 
taken axially by a steel bar \ in. diameter and 10 in. long. If E is 
13,500 tons per sq. in. for steel, compare the maximum stress in¬ 
duced with that induced by a static load of 200 lb. 

Neglecting the additional fall of the weight through the amount 
of the elastic extension, the energy stored in the bar is 200 X J in. lb. 
or 25 in. lb. 

If / is the maximum stress induced, 

work stored or resilience = ^ x volume of bar 

A Mi 


25 = 


fXlOXgX 


2x13500x 2240 


/ 


-J' 


25x2x13500x2240 


10x0196 
= 27,800 lb. per sq. in. 

200 

With static loading stress = —= 1,020 lb. 


per sq. m. 


Stresses induced are 

(а) dynamic loading 27,800 lb. per sq. in.; 

(б) static loading 1,020 lb. per sq. in. 

If the nuts on connecting-rod big-end bolts are allowed to slacken 
slightly, impact loading results. As the kinetic energy of the impact 
is stored in the elastic extension of the bolts it is important that these 
should have a high resilience, and such bolts are frequently turned down 
to a smaller diameter over a considerable proportion of their length. 

Example 8. In Fig. 31 are shown two one-inch diameter bolts, 
one having its diameter reduced to 0 840 in. (the diameter at the 
bottom of the threads) over a length of l inches, the other being 
left the full diameter of 1 in. over the plain portion of the shank. 
Determine their relative capacities for absorbing shock loads. 

For a bar of constant cross-section, 

P 

work stored = jr^ x volume of bar. 

A rL 


In bar A , for length l, if / is the stress where diameter is 1 in., 


P 

work stored = ^ 

A Mi 


rXl 2 XZ. 


P 

2 E 


X 0-7854 1 . 
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The maximum stress occurs at the root of the thread and is 

- as 0*554 sq. in. is the area at the root. 

0*554 

For the same maximum stress in B, 

/ 0-7854 A 2 

work stored in length l = \ 0*554 ■'/ x 0*554 l. 

2 E 

work stored in B _ /0*7854\ 2 0*554 

work stored in A \ 0*554 / * 6*7854 

= for length l. 

Over the remaining portions of the two bolts the conditions are 
identical. From this it can be seen that the bolt B can withstand a 



B 


considerably greater shock- or impact-load than A for the same 
maximum stress. 

As a general rule ductile materials should be used where impact 
loads occur; if the energy to be stored is at any time such that the 
elastic limit is exceeded, it will be absorbed during the plastic 
deformation; in such a case the machine may be partially damaged 
by this excessive deformation but not so seriously as if the particular 
part had actually fractured. 

The great advantage that some materials have over others in this 
respect is seen by comparing their load-extension curves. As the 
product of load and extension is a measure of the work done on (or 
stored in) the bar, the areas under these curves give a comparison of 
the total energy stored in a bar before actual fracture. From this 
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point of view the curves for cast iron and mild steel are well worth 
comparing (see Figs. 1 and 2). 

§ 55. Distribution of Stress. In most calculations it is assuihed 
that a direct tensile or compressive load acting normally to a surface 
at its centre of area produces a uniform stress over that area. This 
is far from true in many cases, especially where there is an abrupt 
change of cross-section; the effect of such a sudden change is shown 
by the diagrams in Fig. 32, where the ‘lines of stress' are indicated 
by the dotted lines. In Fig. 32 (a) the lines tend to run very close 
together at the sharp corner, and become more uniformly distributed 
further along the narrower portion of the bar; ( b ) the stress is higher 
in the narrow than in the wide portion of the bar but less than at the 
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sharp corner, and at any point along the bar is uniform over the 
cross-section. This corresponds very closely to the results obtained 
experimentally; there is undoubtedly greater intensity of stress im¬ 
mediately within the sharp comers, and the actual distribution of 
stress is probably of the form shown at (c). Similarly, in the case of a 
riveted joint; the actual intensity of tensile stress in the plate along 
a line of rivet holes is by no means uniform, but of greater intensity 
at the edges of the holes. 

This question is well illustrated by the results obtained by Pro¬ 
fessor Coker, who used semi-transparent test pieces through which 
polarized light was passed. 

Shear stress in rivets or bolts is often assumed uniform when it 
rarely is so; but the effect on the design of riveted joints, for instance, 
if this were considered, would be very small. The factor of safety 
now in use for each type of stress has been decided experimentally, 
and on the assumption that stress distribution is uniform; if the 
variation is taken into account in calculations, the same net result 
is achieved by a slight reduction in the factor of safety. 

§ 56. Working Stress and Factor of Safety. Experimental tests 
of a ductile material give two forms of maximum stress; i.e. the 
Ultimate Strength, and the Yield Point. The former is a definite 
amount for any given material and is exactly what its name states; 

£ 
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the latter can be considered as, roughly, the limit beyond which the 
theory of elasticity does not apply. The Yield Point is not fixed, but 
can be raised artificially by certain treatment of the material, such 
as cold working. For this reason the Ultimate Strength is the basis 
of reference for stress when calculating dimensions of machine parts. 

When calculating sizes, a maximum ‘ working stress ’ or ‘ calculated 
stress ’ is adopted as a limit for each material used; if all assumptions 
are correct this will be the maximum stress in the machine part 
under the worst combination of loads. The calculated stress must be 
obviously below the Ultimate Strength, and must be below the Yield 
Point, as the theory of elasticity on which the calculation is based 

does not hold above that point. The ratio: Strength . g 

Calculated Stress 


called the Factor of Safety. 

This factor must always be greater than unity, and is usually not 
less than 4, this being the value used for mild steel structures under 
static loading. The value varies to such an extent under different 
systems of loading for even one material that it is not worth while 
attempting to give any complete list of standard values. For brittle 
materials such as cast iron it is usually not less than 5, and may be 
often as high as 12 when the loads applied are liable to fluctuate. 
For materials such as timber or masonry, where the structure is not 
homogeneous, a factor between 10 and 20 may be necessary even for 
static loading. For ductile metals the factor of safety varies from 
3£ or 4 for definite and static loading to 8 or 10 for variable live loads. 

The following are some of the reasons for this margin of safety 
beyond the calculated stress: 

(а) Actual stress must be below Yield Point. 

(б) Material may not be perfectly uniform in quality nor always 
conform to results of laboratory tests. 

(c) It may not be possible to estimate correctly the maximum 
load which is likely to act. 

(d) The loading may fluctuate (see under Fatigue in § 53). 

(e) A margin must be allowed for possible imperfections of work¬ 
manship. 

(/) Considerable thickness of material may be lost by corrosion or 
wear. 

(g) The risks to which life or property may be subjected in the 
case of breakdown. 

The last is obviously of great importance in the case of all machines 
connected with transport especially in marine work; a breakdown, 
even if it only involves a comparatively short stoppage of the main 
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propelling machinery, is likely to be very much more serious at sea 
than on land. In the case of aircraft engines both lightness in weight 
and reliability must be satisfied; this is achieved by special attention 
to items (6), (c), and (e), and by eliminating any serious possibility 
under (/). 

§ 57. Examples of Avoidable Stresses. When either bending or 
twisting forces act on a machine part, only a small portion of the 
material is stressed to its full limit, and at the neutral axis in the 
case of bending, or the axis of the shaft in the case of twisting, there 
is no stress. It is obviously uneconomical to use material which is 



only partially stressed; and this can often be avoided by rearranging 
the relative positions of the parts to eliminate bending or twisting 
actions, or the proportion of low stressed material can be considerably 
reduced by altering the form of cross-section of some of the members. 
The use of a rolled steel joist in place of a plain rectangular bar, or 
the use of a hollow shaft in place of a solid one, are examples of the 
latter method. 

In Fig. 33 are shown two different methods of carrying a load P 
on a cantilever fixed to a wall at AB. In the second method (b) the 
bar BD is in compression and AD is in tension, the magnitudes of 

the loads in these being given by x P and x P respectively 


(from the triangle of forces for the point D). In the first method (a), 
there is a bending moment on AD in addition to the direct forces 
on the portion AC and on the bar BC. To show the effect of the other 
method on the size necessary for the member AD , actual figures can 
be taken. Let P be 3 tons, the length of AD be 96 in., of AB 40 in., 
and of DC be 36 in.; a maximum calculated stress of 7 5 tons per 
sq. in. can be taken for both bending and direct stress. 

Bending moment at C = 3 X 36 = 108 ton in. 

And if AD is 1 in. wide, and d in. deep, 


108 = 7 5 X 


lxd 2 


from M —fZ, 


Then 


d = 9*3 in. 
E 2 


6 
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To allow for the direct load in the portion AG a slight increase 
should be made in the depth, but this may be ignored for the present 
illustration. 

In the case of the completely triangulated cantilever the load in 
AD 

AD is X 3 which is 7*2 tons; an area of 1 sq. in. is sufficient for 
AB 

the cross-section of this member. There is thus a big reduction 
effected in the amount of material required for this member by 



using the second form of construction. If it is impossible to bring 
the point C closer to D on account of some obstruction, some 
economy in weight can be effected by using an X or channel section 
for AD. 

Fig. 34 shows a form of bracket used on motor-lorries to carry the 
fan belt pulley, the bracket being fixed to the crank-case casting A 
by four studs at B and C. The downward pull of the belt, which is 
driven from a pulley on the main shaft below, causes an upward pull 
on the studs at B , and a bending action on the bracket base. These 
actions, combined with the vibration which is liable to occur at high 
speeds, sometimes lead to failure on the section DZ>, which allows 
the bracket to tip forward, usually causing serious damage to both 
fan blades and radiator. By altering the design of the bracket, and 
extending the crank-case, as indicated by the dotted lines a much 
more rigid construction is obtained; as there is much less bending 
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effect in the modified form it can be of relatively light construction, 
and sufficiently narrow to avoid contact with the fan belt. 

It may be found that a tension rod originally intended to be 
straight is obstructed in some way, and has to be cranked; thus in 
Fig. 35 (a) a bar BC subjected to an axial load P has been cranked 
over the length DE to avoid the obstruction A. The portion DE is 
then subjected to a bending moment of Pxx in addition to the 
tensile load P. 


P 



Fig. 35 


Such a construction should be avoided wherever possible, but can 
be used if the effective depth of DE is increased as indicated in 
Fig. 35 (b ); this involves an increase in weight, and the increase in 
size may be inconvenient if clearances are small. Another method 
which avoids any bending action is shown in Fig. 35 (c), but whether 
this can be used depends on the form of the obstruction A. 

In Fig. 36 is shown a form of brake-shaft used on some locomotives 
to transmit the force exerted by the brake cylinder to the pull rods 
which are connected to the brake shoes. A and B are supporting 
journals carried by bearings attached to the main frame of the engine. 
P is the brake-cylinder load and R the reaction force from the pull 
rod. A bending action on the shaft occurs in two planes, and between 
the levers C and D there is a twisting action. The total resultant 
stress necessitates a relatively heavy shaft, and a large space is 
occupied. It is often possible to avoid these actions by either reducing 
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the distance between the shaft bearings or the distance between the 
levers C and D , or by making both alterations. Fig. 37 shows a 
construction in which the brake-shaft is practically eliminated and 




the two levers C and D form virtually a bell-crank lever. This 
method is of course only possible where P can be placed in the same 
plane as R , and where the supporting brackets can be carried from 
above instead of on the side frames. 


CHAPTER IV 

THE MACHINE IN USE 


§ 58. Introductory. When designing a machine, especially one of a 
new type, it is necessary to visualize all the possible conditions under 
which it may have to operate; extremes of heat or cold may be met, 
a dust-laden atmosphere may be a source of frequent trouble, or 
rigidity of the foundation may be impossible to attain. 

Previous experience in the use of similar machines is obviously 
of great assistance; so, also, is the study of previous failures of similar 
machines. If a machine shows a behaviour far different when ‘in 
service ’ from that shown under test, the reason should be carefully 
sought; this difference may be due to one part warping when exposed 
to the sun, or to dust working into a poorly-protected bearing, or 
to serious overstrain of some part while being installed, resulting 
from lack of proper provision for transport. 

§ 59. Corrosion. Protecting the ferrous metals from corrosion is 
a continual source of trouble and expense; they are the most used 
of all engineering materials, but the most liable to damage by cor¬ 
rosion. In the case of external structures a protective coat of paint 
or of some bituminous compound is employed but needs renewal at 
intervals. For machines which are protected from the weather the 
unmachined parts of a casting or forging are painted, and those 
which are to remain polished are coated with a thin film of grease or 
oil. Steel parts which are to remain polished should never be left 
quite dry. 

Plating with tin, zinc (galvanizing), or nickel is employed as a 
protection in many cases; thin sheets of iron or steel coated with 
tin are used to make the cannisters or ‘tins’ largely used as con¬ 
tainers for domestic purposes; zinc does not corrode and forms a 
good protection, galvanized iron or steel being largely used for roofing, 
tanks, wire fencing, and small fittings such as screw hooks, pulley 
blocks, &c. Nickel plating is largely used on small parts made of 
non-ferrous alloys, especially where a good appearance is important; 
chromium plating is also widely used. 

Wrought iron resists rusting better than either cast iron or steel. 
Chrome steel containing 13 per cent, of chromium is known as 
stainless steel and resists corrosion to a very high degree; it is, 
however, somewhat brittle and too costly at present to come into 
general use. 

Some of the non-ferrous alloys such as phosphor-bronze resist 
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corrosion, but brass is affected by many vegetable acids, and is 
liable to ‘rot* in an atmosphere containing a small quantity of coal 
gas. 

The corrosion of boiler plates due to galvanic action when surface 
condensers are used is checked by the use of zinc blocks; the blocks 
are placed below water-level in good metallic contact with the shell 
plates; whatever electrolytic action then occurs tends to waste the 
zinc, and this must be renewed at intervals. 

Where it is impracticable to protect iron parts adequately from 
corrosion, as in the case of a large amount of external marine work, 
dimensions are all made heavier to allow for wastage. 

Hidden corners favouring the collection and retention of moisture 
should be avoided; for instance, horizontal surfaces of girders on 
bridges, if near ground level, are often protected by asphalt, finished 
to a slope to drain water clear; lagging of boilers exposed to the 
weather may form traps for retention of moisture, which soon causes 
serious weakening of the plates in places where such effects are not 
easily detected. 

§ 60. Erosion and Wear. Wearing away of metal surfaces may 
be due to normal action of the mechanism, or may be the harmful 
result of the presence of foreign matter. When wear is normal and 
expected one of the two surfaces in contact is usually made softer 
and replaceable; thus a brake shoe on a railway vehicle is of cast iron, 
which is cheap, and easy to replace ; the lining of a bearing is of bronze 
or white metal, and can be readily renewed. 

Serious wear often occurs in parts which cannot be efficiently 
lubricated, or which are exposed to dust. A link carrying the brake 
shoe for an electric train was found to be worn from a circular to 
an elliptical section with a 60 per cent, reduction of area of cross- 
section ; the actual necessary movement was small, but the constant 
jolting combined with the position favourable for the collection of 
dust, and unfavourable for lubrication, was sufficient cause for this 
wear. The joints on all brake rigging are liable to wear of this nature. 

Chains and wire ropes, in exposed positions, are very liable to 
serious wear if in frequent use. 

Erosion, or wearing away by the action of fluids, occurs chiefly 
where there is continuous high-speed flow; turbine blading and the 
Beatings of steam valves, especially if the valve is used only partly 
open, are often scored in this way; a leaking joint in a boiler shell 
has given rise to serious grooving of the plate by the continuous 
action of a jet of steam. 

§ 61. Effects of Temperature. These may be of two types, due to a 
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machine working in an extreme temperature either hijgh or low, or 
to variations in temperature. 

The use of higher pressures and superheat temperatures on steam- 
boiler plant has brought attention to variations in the properties of 
materials at high temperatures. Mild steel shows an increase in 
Ultimate Strength up to about 200° C. but this falls rapidly to 5 tons 
per sq. in. at approximately 680° C. Alloy steels containing tungsten 
or chromium retain most of their strength at high temperatures, to 
a greater extent than the carbon steels; for this reason they are used 
for valves of internal-combustion engines. The strengths of non- 
ferrous alloys drop off with rise of temperature more rapidly than 
does that of steel. 

The curious phenomenon known as the ‘growth’ of cast iron at 
high temperatures, a definite and measurable increase in dimensions, 
appears to be due to the uncombined graphite present. 

At very low temperatures most metals become more brittle, but 
the effect is not very great. Apart from this there are many cases 
where extreme cold brings special trouble; in all water-cooled engines 
precautions must be taken to prevent freezing of the water and 
consequent cracking of the jackets if the plant is only running inter¬ 
mittently ; pneumatic plant is frequently hampered by the formation 
of snow due to the cool atmosphere combined with the cooling effect 
when air is expanded to a lower pressure. 

Variations of temperature will always cause variations of dimensions 
which may at times lead to serious trouble. In steam-boiler plant 
and pipe work provision must be made for this effect; lengths of 
steam pipe must be provided with expansion joints or bends; the 
flat front of a Lancashire Boiler is left unstayed immediately round 
the flue tubes to allow for ‘breathing’. In large horizontal gas- 
engines the cylinder liner is separate from the cylinder jacket, and 
fixed firmly at the breech end, the forward end having freedom to 
slide through what is virtually a stuffing-box in the outer jacket. 
In the case of road rollers or traction-engines, where the engine is 
mounted on the boiler shell, the slide valve should be set when steam 
is up, and not when cold, as the expansion of the shell will be greater 
than that of the eccentric rod and valve spindle, thereby altering 
the setting if this is carried out when the plant is cold. 

§ 62. Racking and Distortion in Use. Serious racking or distorting 
forces occur chiefly on road vehicles, on account of uneven road 
surfaces; if one wheel is lifted above or dropped below the level of 
the other three, though the springs take up some of the shock, there 
is a decided twisting action on the frame. If the frame is too rigid 
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heavy stresses are set up, but if the frame is flexible or resilient, the 
engine and transmission are liable to be overstressed. 

The hull of a fast sea-going boat is comparatively flexible, and it 
would lead to serious bearing trouble if the propeller-shaft were 
made too rigid. In fact care must be taken with any construction in 
which more than two bearings, carried on separate parts of the 
machine, have to be in true alinement; thus in the case of a small 
direct coupled petrol-engine and electric generator with two bearings 
to support each of the two shafts, the coupling should be of a flexible 
type. The following is an example of the distortion which may occur 
on a road vehicle; a lorry which had pulled in to the side of the road 
and had been shut down could not be restarted; the steep camber of 
the road had jammed the starting-handle against a part of the 
frame. 

A point which is sometimes overlooked is the pull on a machine 
from a belt drive; the bearings of an electric motor may be quite 
suitable where a pure torque is to be transmitted, but may give serious 
trouble if a drive through a belt or a chain is attempted. 

It is well known that with every force there is an equal and oppo¬ 
site reaction, but the latter may usually be ignored; in the following 
instance, however, the reaction must be considered. In Fig. 38 (a) 
the plan of a set of gear-wheels is shown; the shaft X carries wheel 1, 
which drives wheel 2 on the intermediate shaft Y ; the latter trans¬ 
mits the drive to shaft Z through wheels 3 and 4. Assuming that the 
point of contact B moves downwards, the contact point E between 
wheels 3 and 4 will move downwards also. 

The forces acting on shaft Y , and tending to produce bending, are 
as follows: a downward thrust from wheel 1, and an upward reaction 
thrust from 4 (resisting the downward thrust of wheel 3). The 
resulting bending moment diagram is shown in Fig. 38 (b). 

Also the torque transmitted by shaft Z is greater than that in 
shaft X ; (torque xspeed = power). The difference between these 
two is a reaction torque supplied by the casing. If the casing is not 
rigid, the reaction torque may distort it sufficiently to cause uneven 
load distribution between mating teeth on the gear-wheels. 

§ 63. Vibration. Vibration is likely to occur in all types of 
machines; it may be due to unbalanced masses, either rotating or 
reciprocating, or to unbalanced impulses such as occur in multi¬ 
cylinder engines. At higher speeds such unbalanced impulses may 
have a period closely agreeing with the natural period of vibration 
of part of the machine, in which case disastrous results are possible. 
A particular example—and its cure—of torsional vibration in a 
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system of shafting is given in a paper on ‘Nodal Drive for Geared 
Turbines’, by Prof, J. H. Smith and Mr. J. Wilkie. 1 In this case the 
trouble was excessive wear and fracture of teeth in the reduction 
gears; the cause of the trouble was torsional vibration of the shafts; 
and this was eliminated by arranging the main masses so that the 
reduction gears were at the natural node for torsional vibrations of 
the shaft system. 



In the case of the steam locomotive it is impossible to balance 
completely the two or four cylinder engine of orthodox design; a 
compromise has to be effected leaving unbalanced part of the re¬ 
ciprocating masses and part of the revolving masses. 

Vibration with which there is liability to impact—as in the case of 
gears which have slight back-lash—will soon cause failure, usually 
by fatigue. If there is the slightest play in a key fitted to a shaft 
which is driven by a series of impulses, or a slightly varying torque 
(as in the case of a drive by a petrol-engine) failure by fatigue will 
usually result from the ‘hammering’ action which occurs. 

If, in extreme cases, nuts are allowed to work partly loose, a heavy 

1 Proc. Inst of Mech, Eng., July 1924. 
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impact stress results; thus, if the nut on a ‘big-end’ bolt works loose 
as a result of vibration or for any other reason, the bolt is always 
liable to fracture. Mr. M. Longridge’s Reports published by the 
British Engine, Boiler, and Electrical Insurance Co., Ltd., give many 
instances of such failure. 

Rotary power units such as turbines or electric motors have a 
great advantage over reciprocating engines for high-speed work; 
with care, purely rotating masses can always be completely balanced. 
Where reciprocating masses are unavoidable it is often economy to 
use special light-weight materials or to use alloy steels of high 
strength, in order to reduce ‘inertia’ loads. 

§64. Erection Stresses. In big machines and structures there are 
sometimes certain parts which may be more highly stressed during 
the process of erection than when the machine is complete; also the 
question of transport must be considered, as large forgings or castings 
which must be moved some distance by road or rail are necessarily 
built in two or more separate sections in order to clear the railway 
loading gauge. 

In the case of all machines which are too heavy to be handled by 
manual labour there must be definite provision made for the use of 
lifting-tackle. If rope or chain slings are to be used, it must be pos¬ 
sible to use them without risk of crushing any part; eye-bolts screwed 
into suitable bosses provide a safe method of lifting such parts as the 
top casing of a turbine, or a large electric generator. 

Where part of a machine may in the normal course have to be 
removed at intervals (as in the case of the engine of a petrol-driven 
road vehicle) it is a great advantage to arrange for the base casting 
to have some form of feet on which it can safely stand, without risk 
of damage to oil pipes, drain cocks, &c. 

If electric cables, &c., form part of the equipment they should be 
easy of access especially near the terminals. 

A casting of large dimensions but relatively light weight, which 
serves as a cover, may be held in position by a number of bolts 
round the rim; there is practically no loading beyond its own weight 
and it is of sufficient strength when in place. When being lifted in or 
out of position, however, support is only given probably at two or 
three points; it is best then to provide definite handles or rings for 
lifting with suitably arranged webs to stiffen the cover against 
collapse, without adding unduly to its weight. 

Any part which is fastened by a cotter or similar connexion must 
be sufficiently stout to withstand the hammering which is required 
when driving the cotter in place, or when removing it. 
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§ 65. The Human Factor. While many machines need a high 
degree of skill for their correct operation, others are designed with 
a view to avoiding the necessity for any marked skill on the part of the 
operator; the latter type is far the most common. In a machine tool 
the best results are obtained by putting the utmost care into the 
design, and eliminating the necessity for special skill in the operation 
of the tool. 

The human being is of approximately uniform dimensions; hence 
the positions of handles and controls of all kinds should be placed 
at constant heights from the floor, and should always be grouped in 
convenient positions. Such handles should not vary in size nor in 
the force required to operate them; it is troublesome for an operator 
to turn from pulling heavy levers to adjusting a control needing 
a very delicate touch. 

There is no final limit on the size to which any machine may be 
developed, but the human operator or controller cannot be varied in 
dimension to suit—apart from the works in which the machine is to 
be constructed and the roads or railways over which it may be 
transported being all limited in capacity. Any boiler which is to be 
stoked by hand is affected by this question; the furnaces cannot 
exceed a certain maximum length—about 9 or 10 feet—while an 
increase in the number of furnaces in one boiler leads to difficulties in 
the lay-out of the stoking floor. 

The statement that a particular design is ‘good practice’ should 
not be used invariably as evidence that the best possible design has 
been attained; in many instances this is so, but in others it is merely 
evidence of inertia or a distaste for change. The throttle lever in 
a locomotive cab is now often placed in a position convenient for 
operation from one side of the cab, though for many years it was 
invariably placed in the centre and could not be conveniently 
operated while the driver was watching the road ahead. An altera¬ 
tion in a design intended to assist the operator does not always meet 
with approval if it involves a change in his mode of working; habit 
is such a strong factor that a simpler and less fatiguing^ method of 
operation often, at first, appears irksome on account of the necessity 
for a change of habit. 

The safety of the workman is an essential to be carefully considered 
in every type of machine; it must never be assumed that he will be 
careful to avoid danger. 

§ 66. Appearance. The value of good appearance varies with the 
type of machine, but is of some importance with all. As a general 
rule good appearance naturally follows good design, but such ideas 
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as beauty or prettiness in the ordinary sense must not be considered. 
A new type of machine is frequently strange in appearance, but, if 
of well-balanced and well-arranged proportions, can rarely be called 
definitely ugly. 

A designer who has some sense of fitness in this matter can cer¬ 
tainly be a powerful aid to the selling side of his firm even in quite 
commonplace items, while in such matters as motor-cars or machines 
for domestic use good appearance is one of the strongest selling 
points. 



CHAPTER V 

FASTENINGS—RIVETED JOINTS AND SCREWS 


§ 67. Introductory. Machinery largely consists of various separate 
parts either rigidly fastened together, or connected by flexible joints, 
or constrained to have definite motion relative to one another. Thus 
the plates of a boiler are fixed together by rivets, bolts are used to 
hold an engine cylinder on its foundation or crank-case, the com¬ 
ponent parts of a radial valve gear are connected by pin joints, while 
a shaft is constrained by a bearing so that only rotation of the shaft, 
relative to the bearing, is possible. In this chapter there will be 


i 



Fig. 39 

space only to consider the outstanding points of the more usual 
types of fastenings and connexions. 

§ 68. Rivets. A rivet is the simplest and usually the cheapest form 
of connexion, and is used mainly to connect plates or rolled steel 
sections. Fig. 39 shows a typical pair of rivets, (a) being the final 
form of the rivet, and ( b ) the shape when placed in position ready 
for closing. The shank is parallel for about half its length, slightly 
smaller than the hole, and tapers about one-tenth of its diameter 
for the remainder. The projecting portion is either pressed down 
while red hot by an hydraulic riveter, or is hammered to form the 
second head by hand or pneumatic hammers, when the rivet is 
either red hot or cold. While the second head is being formed the 
shank should swell laterally to fill the hole. 

§ 69. Rivet Heads. Rivet heads are of various shapes according 
to the particular type of work on which they are used, the com¬ 
monest type probably being the snap or button head (Fig. 39); other 
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types are shown in Fig. 40. Proportions of rivet heads have not 
been standardized yet and vary somewhat in different shops, but 
those given are common. Fig. 40 (a) shows a snap head and & cone 
head, (b) shows a normal type of pan head above, and below a rather 
taller one which has been used for certain boiler work, while (c) 
shows two forms of countersunk rivet, the upper being used when 
the plate surface must be left perfectly clear, the lower being used 
where there is insufficient clearance for a full head (half countersunk 
or nobbled ). 

The countersunk rivet should not be used where there is likely to 
be tension, and it is always weaker than a full-head rivet; the half- 



countersunk head is employed frequently on certain structural con¬ 
nexions where there is insufficient clearance for a full head but no 
necessity for leaving a completely plain surface on the plate. 

§ 70. Riveting. For all good-class work the holes in the plates 
are drilled with the plates clamped rigidly together, though for a 
few purposes punching of holes is still employed. Punching followed 
by reamering was the usual method formerly, but the material is 
distorted and weakened by the process, which is rarely used now 
except for thin plates; modem tool steels and machine tools have 
made drilling as cheap a process as punching. 

With drilling, even when the plates are clamped together, there 
is a tendency for a burr to form at the edge of the hole, which might 
prevent proper closing of the joint; hence plates should always be 
taken apart and the burr removed before riveting. It is an advan¬ 
tage to leave a slight countersink at the edge of the hole as shown in 
Fig. 39 (a), to avoid the sharp internal angle under the rivet head, 
especially if the rivet is in tension. 



FASTENINGS—RIVETED JOINTS AND SCREWS 05 

All riveting is carried out with the rivets red hot, if possible, the 
contraction in length as the rivets cool helping them to hold the 
plates closely together. Hydraulic riveting makes the soundest job; 
the slow squeezing action causes the shank to swell laterally and 
to fill the hole while the machine holds the rivet long enough for it 
to cool; this checks the slight yielding which would result if the re¬ 
action from the plates were allowed to act while the rivet was still hot 
and relatively soft. 

When designing a number of joints, as in a boiler shell, it is best 
to provide for hydraulic riveting wherever possible; pneumatic 
hammering of the heads is the next best form; hand riveting is 




too slow and uncertain in quality to be used except when other forms 
are impracticable, or in joints of minor importance. 

§ 71. Material and Use of Rivets. For connecting steel plates 
and rolled steel sections mild steel rivets are used, though formerly 
wrought-iron rivets were most general. Copper or brass, and some¬ 
times aluminium, are suitable in cases where strength is not a lead¬ 
ing factor. A rivet material must be strong as well as having a high 
ductility, an extension of not less than 25 per cent, with a tenacity 
of 26-30 tons per sq. in. being usually specified. 

/ Rivets are essentially for permanent joints, and are best used to 
v resist a shearing action; though rivets are sometimes used in tension 
► they are not reliable unless the stress is kept low; bolts are more 
suited to taking tensile loads, and are always used when taking apart 
and reassembling is necessary. In general riveted joints are cheaper 
than bolted ones, and the contraction of the rivets, as they cool, 
tends to make a tighter joint. 

§ 72. Caulking. To ensure that the joints in boiler plates are 
steam-tight the edges are caulked ; an additional reason is the 
tendency of the plate to curl up at the edges after riveting, as shown 
on the lower plate of Fig. 41 (a). The edge of the one plate is forced 
down against the surface of the other by either a broad fullering 
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tool as at Fig. 41 (6) or by a narrower caulking tool, as at (a). This 
cannot be done with thin plates on account of the spring, nor when 
rivets are widely spaced. Hand caulking has to be carried out in 
awkward places, but wherever possible pneumatic tools are em¬ 
ployed, producing a much more uniform result. To facilitate 
caulking, the edges of the plates should be machined to a bevel of 
about 75°. 



’ l®) (&) 

Fig. 43 


§ 73. Types of Joints. The simplest of any joint between two 
plates is the single riveted lap joint, Fig. 42. A stronger type of 
joint is shown in Fig. 43—a double-riveted lap-joint—where (a) is 
zigzag or staggered riveted and ( b ) is chain riveted. Treble riveted 
lap joints are also used. (See Fig. 161.) 

One disadvantage of all lap-joints is due to the pulls in the two 
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plates not being in line with one another, Fig. 44 (a); thus a couple 
is established tending to distort the two plates into the position shown 
in Fig. 44 (6). In some cases, where it is essential that the two plates 
should be co-planar, the edges are definitely set to the position shown 
before riveting; but in such a case the rivet is in a complex state of 




stress—part tension and part shear—for which allowance should 
be made when calculating the strength of the joint. 

Where greater strength is required a butt joint with two cover 
straps is necessary, see Figs. 45 and 46. The joint is named by the 
number of rows of rivets in each plate, thus Fig. 45 shows a double- 
riveted butt joint, and Fig. 46 a treble-riveted butt joint. Chain 
riveting is not used so often as zigzag for these joints on account of 
the greater width of strap which would be needed. 

v 2 
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Fig. 46 


§ 74. Modes of Failure of Riveted Joints. A riveted joint may 
fail by either of the following means: 

(i) Tearing of the plate along a line of rivet holes (Fig. 47). 

(ii) Shearing the rivets (Fig. 48). 



Fig. 47 


(iii) Splitting the edge of the plate (Fig. 49 (a)). 

(iv) Shearing the edge of the plate (Fig. 49 (6)). 

(v) Crushing of the rivet or of the plate (Fig. 49 (c)). 
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In a joint where there are two or more rows of rivets, failure may 
result from a combination of tearing along one line of rivets and 
shearing the other rivets or from tearing along a zigzag line; but the 
use of rivet bands in design readily enables the designer to provide 
against such possibilities (see § 77). 

Failures under headings (iii) and (iv) above are avoided by ensuring 
sufficient width of metal between the hole and the edge of the plate; 
usually the rivet hole centre should be not less than 1 \d from the 
edge of the plate. Failure by crushing is avoided by suitable pro- 



(«> (ft) (c) 

Fig. 49 


portions between d the rivet diameter and t the plate thickness 
(see § 75). 

If a riveted joint is tested to destruction, it is almost certain to 
fail by methods (i) or (ii). Other types of failure can be guarded 
against by suitable proportions, while the maximum possible strength 
of a joint is only obtained when the plate and rivet strengths are 
equal; either of these can only be increased at the expense of the 
other. If greater percentage strengths of both plates and rivets are 
essential, these can only be obtained by altering the rivet lay-out 
(e.g. from double riveting to treble riveting). 

§ 75. Size of Rivets. The thickness of plates is first decided, and 
rivet diameter next, when a joint is to be designed, but there is no 
rigid relation between total plate thickness (when two or more 
plates are connected), and rivet diameter; and those rules which 
are commonly used give relations between diameter and single plate 
thickness, e.g. Unwin’s rule is d = 1-2 y/t to d = 14 y/t, where d is 
the rivet diameter and t is the plate thickness. 
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The following are the chief considerations affecting rivet diameter, 
some of them being somewhat conflicting. 

(i) An increase in d increases the maximum possible efficiency. 

(ii) A larger pitch follows from a larger d , which may increase 

unduly the liability to leakage. 

(iii) If the ratio of d to t is increased unduly there is risk of failure 

by crushing. (Crushing strength oc d, but shear strength 
oc d 2 .) 

(iv) In the case of a long grip (overall length under heads of rivet), 

if the shank is of moderate diameter it does not swell to 
fill the hole when the head is formed, but tends to bend, 
while if of larger diameter an excessive load is required to 
form the head. 

(v) Most authorities state that d should never be less than t. 

Some authorities lay down a definite rivet diameter for every 
plate thickness, but give no general rule, though one set at least 

t 9 

gives a close approximation to the value d = ~ + — in. for plate 

Z lo 

thicknesses up to 1 in., d being given to the nearest sixteenth of 
an inch. 

In general such a rule, or the rather wider Unwin rule, can be 
used, but for plates of 1J in. thickness and above it is usual to make 
d = t, or d = in. 

In the case of good quality riveting the strength of a rivet in 
double shear (as in Fig. 45) is taken as being 1| that in single shear; 
in inferior work the ratio is If; it must never be taken as 2. This 
apparent loss of strength is probably mainly due to unequal distribu¬ 
tion of load between the two shearing planes. 

§76. Strength of a Riveted Joint. When calculating the strength 
of a joint, either the load required to tear the plate or the load required 
to shear the rivets may be considered; and as the complete series of 
rivets in a joint is made up of a number of repeats of the disposition 
of a small number of rivets, or units of pattern, it is sufficient to 
deal with one unit only. That is, all joint calculations are based 
on one pitch length of the joint, where the pitch is the greatest 
distance between adjacent rivets in a row, the row being taken parallel 
to the joint (see length p, Figs. 45 and 51). 

Consider Fig. 45; it is required to determine the maximum safe 
or calculated load on the joint, if the ultimate strengths of plate and 
rivet material are 30 tons per sq. in. and 23 tons per sq. in. respec¬ 
tively, a factor of safety of 4 being used. Dealing with one pitch 
length of joint: 
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(i) Load taken by rivets (two per pitch-length in double shear) 

- 2 Xj<Z 2 x23xlixl. 

(ii) Load taken by plate = (p—d)tx 30 x£. 

For maximum efficiency these two quantities should be equal, though 
usually practical considerations necessitate a slight inequality. For 
boiler work the pitch is sometimes made slightly smaller to ensure 
steam-tightness, while in other cases it is made larger, giving a greater 
plate strength to allow for wasting of the shell plate from corrosion. 



(a) Fig. 50 (b) 


§ 77. Calculation of Pitches. Though, with t and d decided, the 
above gives a means of deciding the pitch, it is necessary also to 
decide the distance between adjacent rows of rivets. Empirical 
rules are largely used for this purpose, but the use of Rivet Bands 
gives a means of deciding such dimensions from a theoretical basis. 

For this method the plate is assumed to be divided into strips of 
width w and thickness t (i.e. the plate thickness), w being of such a 
value, for a joint where the rivets are in single shear, that the follow¬ 
ing equation is true: 

2 wxtxft = |ePx/, 

f t being the tenacity of the plate and f, the ultimate shear strength 
of the rivet. This equation states: 

Tensile strength of two strips = shear strength of one rivet, 
and is illustrated by Fig. 50 (a). 
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Thus, in any joint, part of the solid plate may be replaced by a 
number of these bands, each looped round one rivet, and, being 
assumed flexible, all packed into as small a space as possible without 
reduction in width. This is illustrated in Fig. 50 (6) by the bands for 
one of the plates in a double-riveted lap joint. For maximum effi¬ 
ciency the bands should just fill the space between rivet holes along 




the line B ; if this space is more than Aw wide there is excess plate 
strength, but if less than Aw wide insufficient plate strength to 
balance the rivet strength. Also there must be more than a width 
of 2 w diagonally between the rivet holes in rows A and B. If this is 
only 2 w wide no allowance is made for the additional stress due to 
lateral forces when the band is forced into a curved shape. The 
shaded portions of the plate do not serve any useful purpose in 
transmitting the pull to the rivets. 

The bands both for main plate and for cover straps in the case of 
a butt joint are shown in Fig. 51. 
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If w is the width of band for the plate, w 1 the width of band for 
one cover strap, and t x the thickness of one cover strap, 

p 2 xi|x/. 

” = 2 x t x/7 


and 


u>i 


l*xf. 

2x77x7, 


From the figure it can be seen that p = 10 w-\-d = 10 w x +2d, 
which shows that w x is less than w. Also that the minimum value 
for lc v the diagonal distance between rivet centres in rows A and B 
is d-\-3w, and the minimum value for k v the diagonal distance 
between rows B and G is d-\-3w v 

The following are the main steps in the design of a treble riveted 
butt joint as in Fig. 51: 

(a) Main plate thickness t decided. 

(b) Rivet diameter d obtained by one of the methods given 

in § 75. 

(c) Type of joint decided; treble riveted butt joint in this case. 

(d) Calculation of rivet band width w from the relation 


l<pxf,xn 

W = 2x<x/, 

(e) Arrangement of rivet bands sketched. 

(f) Calculation of main pitch; from p = 10 w-\-d. 

(g) Calculation of rivet band for cover strap from lOw^ — p—2d. 

(h) Theoretical minimum thickness for cover straps obtained from 


# 

tl - 2 w x xf, 

(i) Distance between outer rows n x obtained from k x > 3 w-\-d 

and n x - \ZJcf— (p/4) 2 . 

(j) Distance between inner rows n 2 obtained from k 2 > 3 w x -{-d 

and n 2 = 

The process is further illustrated by the calculations for the rivet¬ 
ing of a boiler shell in Chapter XI. 

§ 78. Efficiency of a Riveted Joint. The efficiency of a joint is 
the ratio of the strength of the joint to the strength of the original 
plate; it is calculated on a pitch length and stated as a decimal or a 
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percentage. To decide on the minimum efficiency of the joint it is 
necessary to know the minimum strength. This may be either of 
the following for the joint shown in Fig. 51. 

(i) Load to shear all rivets. 

(ii) Load to tear plate along line A. 

(iii) Load to tear plate along line B and shear rivets in A ; or any 

other complex fracture of the joint. 

All the possibilities under (iii) can be calculated, but they can be 
shown graphically by a careful sketch of the equivalent bands, and 
keeping in mind that the same load is required to tear one pair of 
bands as to shear one rivet. Thus in this particular case the bands 
just fill the available space on line A , hence load (i) is equal to 
load (ii); also on line B the bands do not quite fill the available 
space, hence load required to tear along line B and to shear rivets 
along line A is greater than load (i). It can also be seen that there 
is ample diagonal distance between rows of rivets, hence there is 
no risk of tearing along these lines. 

Therefore least efficiency of this joint is 

i i , n . , 5 X ~d 2 xf, X If 

load to shear all rivets _ 4 

load to tear undrilled plate p X t X f t 

load to tear plate on line A (p—d)txf t p—d 

load to tear undrilled plate pxtxf t p 

A well-designed joint of this type should have an efficiency of 
82 to 85 per cent. 

§ 79. Bolts. A bolt and nut is the most common form of temporary 
or adjustable connexion, the majority used in this country conform¬ 
ing to the Whitworth standard. It is not such a rigid nor permanent 
.fastening as a rivet, and, being usually an easy fit in the hole, is not 
so suitable for resisting a shearing action. Wherever possible a 
dowel pin, or spigot, or a machined ledge is provided to locate the 
two parts exactly, while the bolt merely holds the two parts together 
without having to act against a lateral force (see Fig. 55). For special 
purposes (as in Fig. 63) turned bolts are fitted to certain machines, 
but this adds considerably to the cost. Bolts are best used in ten¬ 
sion, and nuts are usually so proportioned that they are stronger 
than the bolt at the bottom of the thread. Partly on account of the 
objection to the maximum stress occurring at such a place, the shank 
of the bolt is often turned down to a diameter slightly less than that 
at the bottom of the thread, as in the case of connecting rod big-end 
bolts. 
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Fig. 52 shows the usual proportions of nut and bolt head, in terms 
of the bolt diameter. 



Fig. 52 

§ 80. Threads. In Fig. 53 are shown the profiles of various 
standard threads. The value of the pitch P— or the reciprocal, the 
number of threads per inch (T.P.I.)—for various diameters of bolt 
may be found in any standard engineers’ pocket book (P = 0 • 1 D 
+ 0 025 in. approximately). Though the Whitworth standard is 



WHIT- B.A. US. A. 

BRITISH STANDARD BRITISH SELLAR 

WH IT WORTH. ASSOC I AT/ON. 

Fig. 53 

used for general work, for special purposes there are other standards 
in use. British Standard Fine (B.S.F.) threads are cut to the same 
profile as the Whitworth but with a larger number per inch, and are 
much used where fine adjustments are required. British Association 
(B.A.) threads are of different profile (see Fig. 53) and are very small, 
being used mainly on instrument work. They are denoted by numbers, 
and the diameters vary from 6 0 mm. down to 0-25 mm. The Sellers 
thread shown in Fig. 53 (c) is the standard used in America. The 
standard pipe threads used in this country are of Whitworth profile, 
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but have less variety in the number of threads per inch. It should 
be noted that while most threads are named by the bolt shank 
diameter, gas threads are denoted by the bore of the pipe, on the out¬ 
side of which the threads are cut; thus a 1 in. gas thread is cut 
on a pipe of 1 in. bore, and is 1-309 in. diam. over the tops of the 
thread. 

The Sellers thread is simpler to manufacture in the first place but 
is not so resistant to shock load, and the dies, &c., tend to wear at 
the sharp angles after being in use some time. 

In making calculations for the load which a bolt will stand the 
core diameter (at bottom of threads) is used, not that which is known 
as the effective diameter (mean diameter at threads). 

§81. Types of Nuts. The hexagonal nut and the square nut, 
Fig. 54 (a), are the most common forms, in both cases a chamfer 
being turned off the outer edge (formerly at 45°, but the standard 
angle is now 30°) to remove the sharp corners. The width across the 
flats, corresponding to the width of spanner grip, is standard for each 
bolt diameter, and is the same for all types of nut which suit the one 
bolt. The hexagonal head provides more positions for the spanner 
for adjustment in awkward places, but the square head which is 
often used for rough work is not so easily damaged at the corners. 
A cap nut (see Fig. 54 ( b )) is used to check leakage along the bolt 
thread, or to prevent contact of the bolt thread with corrosive 
matter. A cylindrical nut with radial holes, which is tightened by 
means of a pin key or sickle spanner is shown in fig. 54 (/). When 
frequent adjustment is required and hand tightness is sufficient a 
wing nut (butterfly nut) or knurled nut may be used (Fig. 54 (e)). 

§ 82. Types of Bolt Head. The form of a bolt-head may vary 
almost to the same extent as that of a nut. Fig. 54 (a) shows a form 
convenient in places where the head is inaccessible for holding with 
a spanner. The head is cylindrical (cheese-head), but the shank is 
forged square under the bolt head, this portion fitting in a corre¬ 
sponding recess to prevent rotation. Fig. 54 (h) shows a cheese-head 
bolt with snug (a small pin driven into a hole in the shank or head 
or forged with the shank) to prevent rotation, and Fig. 54 (i) shows 
a T-headed bolt, useful to slip into a slot and turn under a projecting 
lip or where there is not sufficient lateral space for a full head; the 
latter type is also frequently fitted with a square shank under the 
head. It is always important to ensure that a bolt can be prevented 
from rotating when the nut is being removed, by either the use of a 
spanner or one of the means shown. Threading wire through a ring 
of bolt heads is a cheap method of locking the bolt heads, but 




Fig. 54 
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troublesome in use as it is soon broken if one of the nuts gives the 
slightest trouble when being removed. 

§ 83. Locking Devices for Nuts. Nuts used in any place where 
they are subject to vibration always tend to work loose. The 
simplest and most common method of checking this effect is the use 
of the lock nut (Fig. 54 (c)); an additional nut (\d or \d in thick¬ 
ness) is screwed on the bolt under the main nut and the two tightened 
against one another. In practice on account of the difficulty of 
holding the thinner nut, the positions are reversed the thin nut being 
placed outside; but it can be easily seen that the action between the 




two nuts is to force the outer nut against the under side of the threads, 
hence the outer nut takes the bolt load; for this reason two nuts 
of full thickness are frequently used. The spring washer shown in 
Fig. 54 (d) is sometimes used but is not so reliable in action. Fig. 
54 (l) is a means of locking frequently used for marine connecting 
rod big-end bolts, the set screw tightening on a cylindrical extension 
of the nut; Fig. 54 (k) shows a castle nut which is locked by a split 
pin passing through .a hole in the end of the bolt and resting in one 
of the grooves cut in the nut; this is definite in action but does not 
permit of subsequent fine adjustments of the nut. A simpler method, 
where a split pin is used, is indicated in Fig. 54 (g), but this is not so 
satisfactory in use, the pin being liable to shear if there is any impact 
load on the bolt. Sometimes an ordinary nut is slotted (in the same 
way as the castle nut) or a hole is drilled straight through a standard 
nut and bolt for a split pin or taper pin. Other types of locking 
device include split nuts, locking plates, and washers with pro- 
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jecting tongues which can be bent up against one of the flat sides of 
the nut. 

§ 84. Studs and other Forms of Screws. Two types of stud are 
shown in Fig. 55. A stud is virtually a bolt-shank, with no head, but 
screwed at both ends; one end of the stud is screwed in place, and 
the projecting portion is then used as a bolt with a locked head. 
When screwed into a casting the stud should bind on the dead end 
of the thread (at P Fig. 55 (a)), not on the end of the hole, and 
should be left permanently in position. A collar stud is shown in 
Fig. 55 (6), where parts G and A are to be attached to B. Plate A 
is placed in position first and held by screwing in place the stud (by 
means of a stud box) the collar acting as a screw head; the cover 0 
can then be secured in place in the ordinary way by a nut, and can 
be removed if necessary without breaking the joint between A and 
B. The length of stud in a casting should be not less than ljd, 
and this type of connexion should be avoided if the material of the 
casting is soft or unreliable. 

In certain cases a tap bolt may be used instead of a stud; this is 
virtually a short bolt which passes through the attached flange and 
is screwed into the casting, holding the flange by the bolt head; it 
is not satisfactory in use. 

A set screw is a small bolt with the end turned to a smaller dia¬ 
meter, or to a cone, and is used as a locking device, as in Fig. 54 (1) 
or in Fig. 62. A grub screw is similar in action but has no head, the 
shank being slotted at the outer end; the length is so adjusted that 
there is no projection above the hole into which it is screwed. 



CHAPTER VI 

FASTENINGS—KEYS AND COUPLINGS 


§ 85. Keys. Keys are used to lock bosses of pulleys, or wheels on 
the shafts with which they are to rotate. Keys are usually rectan¬ 
gular strips, slightly tapered (Fig. 56 (e)) and are driven into slots 
or key-ways, cut parallel with the shaft centre line, in the boss of 



the wheel, in one of the fashions shown in Fig. 56 (a), (6), or (c). 
At (a) a saddle key is shown, holding the boss on the shaft by the 
frictional grip resulting from wedge action; at (c) a sunk key is 
shown, a key way being cut in the shaft as well as the boss. Inter¬ 
mediate between these two is the key on a flat shown in Fig. 56 (6). 

The strongest of these is the sunk key and this is always used 
where considerable power is to be transmitted, but accurate machining 
of the key-way is necessary and adds to the cost; the shaft is weakened 
somewhat. By the use of a saddle key a pulley can have its position 
altered or adjusted, and the shaft is not weakened, but the torque 
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that can be transmitted is relatively small, and some slip may occur. 
The use of a key on a flat is not to be recommended, although the 
operation of machining or filing the flat is a cheap one; after some 
use there is a tendency for such a key to work slack. In Fig. 56 (c), 
is shown the plain form of key, and in (/) a key with a head which 
is useful when the key has to be withdrawn. Sunk keys are usually 
finished with semicircular ends fitting into the ends of the slots formed 
by end-milling (Fig. 57 (a)). 

§ 86. Strength of Keys. A key may fail by shearing or crushing; 
in either case the value of the load is obtained by dividing the 



torque transmitted by the shaft radius; the area resisting shear is 
given by the product length X breadth and that resisting crushing by 
length x depth of Jceyway. Unwin gives the following as average 
proportions of keys; length not less than 1 *6xshaft diameter, 
breadth = 0-25 d+0125 in., and thickness = 0-5 breadth ; the taper 
is from | in. to £ in. per foot. Provision for heavy torques may be 
made by using more than one key, increasing the length of key, or 
using a splined shaft (see § 89). 

In practice the strength of a key depends as much on the accuracy 
of fitting as on its dimensions. A close fit top and bottom are vital 
to give a good grip from the wedge action, and a close fit sideways is 
essential to check risk of hammering; also, if practicable, a small 
radius should be left at the bottom of the key-way. In several cases 
of failure of a shaft or boss, a slight slackness has allowed a hammer¬ 
ing action to be set up, and the sharp angle of the key-way has then 
helped to start a crack. 

§ 87. Further Types of Keys. There are two other types of key 

a 
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'which are worth noticing, the tangent key and the Woodruff key 
(Fig. 56 (g) and ( h )). A single tangent key will take drive in one 
direction; thus in the case shown the shaft drives the wheel in the 
direction indicated by the arrow; a second key must be fitted if the 
drive is to be transmitted in both directions. This type of key is 
used chiefly on heavy shafting. The Woodruff key consists of a 
segmental disk of steel fitting in a recess cut in the shaft by a special 
milling cutter. The key can adjust itself in the shaft so as to bear 
fully on the boss key-way, but tends to weaken the shaft on account 

of its greater depth. This type is 
largely used in America. The taper 
pin shown in Fig. 56 (d) is used chiefly 
as a locking device in such cases as 
shrinking a crank web on to a crank- 
pin, or crank-shaft. 

§ 88. Feathers. A feather is a type 
of key which allows the boss of the 
wheel to slide relatively to the shaft 
while still rotating with it. A feather 
must be parallel in breadth and thick¬ 
ness ; and is a tight fit or fixture on 
the shaft and easy sliding fit in the 
boss, or vice versa. Two typical forms 
of feather are shown in Fig. 57 (a) and 
(6); in (a) a slot with semicircular ends, of exact length of the 
feather, is milled in the shaft, while the key-way for (b) must be cut 
to the end of the shaft, unless the sliding part has a split boss. 

§ 89. Splined Shafts. An end view of a splined shaft is shown in 
Fig. 58. The boss fitting on the shaft is cut to the same form, which 
gives the equivalent to four solid keys. The surface of the projec¬ 
tions in the boss and the bottom of the grooves on the shaft can be 
ground accurately, after hardening, so that perfect concentricity is 
assured. This type of connexion is largely used on motor-car trans¬ 
mission gear both to act as feathers, allowing sliding motion along 
the shaft, and to act as fixed keys for a rigid connexion. As this 
avoids the risk of a slight eccentricity which is possible with a key, 
it is especially suited for high-speed work where perfect balance 
is essential. 

§ 90. Taper Pins. A taper pin can be used as shown in either 
Fig. 56 (d), Fig. 59, or Fig. 61. In the first case it is chiefly used as 
an additional safeguard, and is not assumed to transmit the whole 
torque; in Fig. 59 the pin is used where the loading is light as in the 
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case of hand wheels on machine tools; for such small work it is a 
very simple and effective method of connexion. In Fig. 61 the 




pins serve to form a permanent connexion between the solid internal 
piece A and tube B ; an adjustable connexion is provided between A 
and C by a cotter. This is suitable where longitudinal motion is to 
be transmitted. 

§ 91. Cottered Joints. Fig. 60 shows a suitable cottered joint 
between two shafts A and B which have to transmit alternate pull 



and push. The cotter K is a broad flat strip, of width four to six 
times the thickness, with its sides parallel or slightly recessed and 
its edges tapered about 1 in 30. In the design shown, rod A is enlarged 
to form a socket C which passes over the spigot D formed on the end 
of B } the enlarged end E bearing against the collar on B. A slot 
through C and D is so placed that the wedge action of the tapered 
cotter tends to pull the end of A hard against the flange on B . The 
distance x is termed the draw of the cotter. 

When transmitting a pull, there is a shearing force acting on the 
cotter at the junction between C and D, and it is essential that D 
should be a close fit in C. If the part of the spigot D against which 

n 9 
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the cotter bears is made smaller than the socket at that part, there 
will bo a bending action on the cotter, with probable failure. When 
transmitting a thrust the load is taken between the shoulder on B 
and the end E. The edges of the cotter should always be rounded 
and not finished square, to avoid the risk of fracture of the rod, under 
tension, at the sharp interior angle of the slot. 

§ 92. Strength of Cottered Joints. In general such a joint should 
be designed so that at all parts it is as strong or stronger than the 
plain rod. The following are the chief modes by which the joint 
might fail: 

(i) Shearing cotter (allow If or 2 times area of cross section for 

double shear). 

(ii) Tearing of socket C at cotter slot. 

(iii) Tearing of spigot D at cotter slot. 

(iv) Crushing between cotter and rim E. 

(v) Crushing between cotter and end of D. 

(vi) Crushing between rim E and collar on B. 

In calculating any of these loads, or the dimensions concerned, it 
is well to keep in mind that there is an initial load set up by driving 
the cotter home. 



§ 93. Further Examples of Cotters. Fig. 61 shows the cotter 
employed to connect lengths of tubing which are to transmit pull or 
thrust, as in the gear operating railway points. The connecting 
block A is rigidly pinned to rod B, while C is connected to A by a 
cotter, providing a quick method of assembling or dismantling. 
Fig. 62 shows a connecting rod big end, suitable for a locomotive, 
where a cotter is used to transmit the load when the rod is in tension 
and to take up the wear of the brasses. On account of the latter 
function the cotter should have considerable draw or draught, and 
a set screw is usually added to lock the cotter when driven home. 

The addition of a gib (similar in shape to the cotter but with two 
projecting heads) is usual in big ends; the slots can be cut with parallel 
ends then, and there is no tendency for the lower strap to be forced 
downwards when the cotter is driven home. Cotters are also used 
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to connect piston-rods with crossheads (see Fig. 156), in which case 
the end of the rod is usually conical, and no shoulder is provided 
as on rod B in Fig. 60. On some connecting rod big ends two inde¬ 
pendent cotters are provided, one serving to hold the strap against a 
shoulder, the other to take up adjustments of the brasses. 



Fig. 62 


§ 94. Shaft Couplings. Fig. 63 (a) shows a east iron flange coup¬ 
ling, one of the commonest means for connecting two lengths of 
shafting. The two flanges of cast iron are keyed to each shaft end, 
and connected by four, six, or more bolts; contact between the two 
flanges is only made on a narrow machined strip near the circum¬ 
ference (Fig. 63 (c)). The bolt holes should be drilled and reamered 
together, and the bolts turned to an exact fit, while the flanges 
should be a good driving fit on the shafts. Fig. 138 shows another 
form where there is a rim or shrouding at the edge to prevent the 
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projecting bolts catching in clothing. A projecting spigot on one 
flange fitting into a corresponding recess on the other assists in 
obtaining the alinement of the two shafts (as in Fig. 138). 

§ 95. Solid Flange Coupling. Fig. 63 (6) shows a coupling forged 
from the shaft itself, a type usual in marine work; it is often more ex¬ 



pensive than a cast coupling, but saves considerably in space and 
in weight, the absence of a boss permitting a smaller pitch circle 
diameter for the bolts and smaller outer diameter of the coupling. 
The bolt shanks are usually tapered, and the thread diameter made 
rather less than the lesser shank diameter, to afford protection when 
the bolts are driven in place. 

§96. Other Types of Rigid Couplings. A very simple form is 



that known as a Muff or Box Coupling (Fig. 64 (a)), which consists of 
a cast-iron sleeve keyed to both shafts by one long key. A more 
satisfactory job is made, if the shaft ends are jumped up to increase 
the radius by an amount greater than the key-way depth, and a 
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flange forged on one shaft for the muff to butt against. Box couplings, 
when split in a plane parallel with the shaft, with the two halves bolted 
together, are more convenient to attach, but must be adequately 
protected to avoid the risk of catching in clothing. The cone coupling 
shown in Fig. 64 (6) is useful for a temporary connexion and avoids 
the necessity for key-ways, but should not be used for heavy torques. 
The two flanges are pulled together by the rotation of the double- 



Fig. 65 


ended bolts, usually four in number, which have right- and left-hand 
threads, so tightening the partially split cones on to the shaft ends. 

§ 97. Flexible Shaft Couplings and Clutches. In most cases 
exact alinement of two lengths of shafting is not easy, and it is often 
necessary to connect two shafts which are definitely out of line. For 
shafts which are parallel but not in line the Oldham coupling can be 
used, though it is rarely met in modern machines; the usual problem 
is the connexion of intersecting non-parallel shafts. 

For angularity of shafts up to twenty-five or thirty degrees the 
Hooke’s or Universal Joint (Fig. 65) is most used; between the two 
shaft ends is a cross-shaped piece carrying four pin bearings, each 
pair of pins connecting with a fork keyed on one shaft end. The 
velocity ratio between the two shafts varies slightly from unity in 
each revolution, but for moderate speeds and where an exact 
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velocity ratio is immaterial this coupling is suitable. The variation is 
entirely eliminated by using an intermediate shaft with two couplings, 
provided that: (a) the three shafts are co-planar, (b) the forks on 
either end of the intermediate shaft are co-planar, (c) the intermediate 
shaft halves the angle between the other two (see Fig. 65 (b)). The 
joint, usually in this form, is used on the power transmission of 
motor-cars; if properly fitted the friction loss is small.. 

§98. Other Flexible Couplings. Another common form used, 
where the angle between the two shafts is very small and accidental, 
transmits the drive through a number of leather loops, or a single 
continuous loop. Flanges on the shaft ends have six or eight bolts 
projecting from their faces, which are linked together by either a 
number of independent loops or by one endless strip passed round 
a bolt on either flange in turn. This is a form common on direct 
coupled petrol-driven electric generating sets, and has the advantage 
of cushioning torsional vibrations. Fig. 66 shows a similar type. 

Another form, sometimes used on motor vehicles, is that in Fig. 67. 
Two three-armed ‘spiders’, set at 60° with one another, on the two 
shafts are bolted to a leather disk, or to a composite pad of two or 
three disks; a woven fabric is sometimes used instead of leather. This 
type is relatively cheap, and reliable in operation, if the torque to be 
transmitted is not too heavy. No lubrication nor care to protect 
from dust is required, so that it can be used where a Hooke’s coupling 
would be troublesome and expensive; but it must not be fitted when 
the angle between the shafts is likely to be more than a few degrees, 
when the excessive bending of the disks would be very detrimental. 

§ 99. Clutches. Frequently the connexion between two shafts 
must be of such a form that the coupling may be readily disengaged 
and re-engaged at will. If engagement is to be made while the relative 
speeds of the two shafts is high, or when the slower running piece 
has a large moment of inertia, a friction clutch is used; but otherwise 
a dog clutch is often sufficient, providing a positive drive, and a form 
which is usually more compact and cheaper. 

A simple form of dog clutch, or claw coupling, is shown in Fig. 68. 
Each shaft carries a flanged piece with segmental projections or 
‘dogs ’ of such shape and dimensions that they can interlock. That 
shown on the left is keyed rigidly to the shaft while the other slides 
on a feather and can be operated by a forked lever fitting into the 
groove shown. When the dogs have their driving faces perpendicular 
to the coupling faces they are troublesome to engage if the shafts 
have appreciable relative speed, but can transmit the full power of 
which the shafts are capable; if the projections are tapered slightly 
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entry is easier, but an axial force is necessary to keep the clutch 
engaged. Giving a slope to the backs of the dogs provides for auto¬ 
matic disengagement if direction of drive is reversed; this arrangement 
is often used in such cases as the connexion of the starting-handle to 
the engine crank-shaft on a motor vehicle. Dog clutches are used in 
such cases as that of traction-engines, to connect the engine shaft 



Fig. 68 


with the gearing to the road wheels, when the engine must be fitted 
for driving stationary plant in addition to road haulage. 

§ 100. A friction clutch is essential in such cases as motor vehicles, 
when the rotating shaft from the engine has to be connected with the 
stationary shaft running to the road wheels. Fig. 69 shows diagram- 
matically a cone clutch, the type used on heavier vehicles. The 
female cone A is keyed rigidly to the shaft X, while the male cone B 
can slide on a feather on shaft Y ; when in the driving position a 
strong spring, usually concentric with F, holds B in position, and 
the torque is transmitted by the frictional grip between the coned 
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surfaces; B can be withdrawn or allowed to engage slowly by a forked 
lever engaging in the groove shown. The male cone B is faced with 
leather, or a composite material such as asbestos reinforced with metal 
gauze. 

The smaller the cone angle the greater becomes the tangential 
driving force at the cone surface, for the same spring load acting on 
B , but there is a tendency for seizing to occur if the angle is reduced 
too far. It is essential that the moving cone should be able to centre 
and bed itself fairly, and that it should still do so after wear has 
taken place. 

For smaller work plate clutches are used; the drive is transmitted 
by the friction between the flat surfaces of a number of rings or 


A 



plates which are clamped together by a spring, the plates being con¬ 
nected alternately to the driving and driven shafts. ‘ Ferodo ’ disks, 
or steel plates with small disks of cork inset are also used, on account 
of the smooth way in which the drive is taken up. 

§ 101. Pipe Connexions. The type of connexion to be used for 
pipes or tubing varies considerably with the material of the pipe, 
and the purpose which it serves. Small diameter pipes may be of 
cast iron, copper, or brass, while larger sizes may be of cast iron, 
cast steel, or mild steel; and they may be used to convey water at 
low or high pressure, steam at moderate pressure or high pressure 
and superheated, or any other fluid; each of these considerations may 
affect the type of joint to be used. 

Fig. 70 shows two types of joint which are very common for small 
size pipes with moderate pressures; (a) is a plain screwed socket 
and (6) a union coupling. The screwed socket is used chiefly for 
small wrought iron pipes and is made tight by screwing on to a few 
turns of hemp with red lead. It is simple, cheap, and compact, but 
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will not withstand high pressures. The union coupling is used chiefly 
to connect small brass and copper pipes; in the form shown parts A 



and B are soldered or brazed on to the pipe ends, the nut C being 
slipped over the end of the right-hand pipe before B is placed in 
position. 

§ 102. Cast-iron Pipe Flanges. For the bigger sizes of cast-iron 
pipes flanges are cast with the pipe (see Fig. 71). The dimensions of 
such flanges including the numbers of bolts to be used are now 




standardized and given in all mechanical engineers’ pocket books. 
The flange faces are usually left plain and machined all over. Such 
flanges are used for steam pressures up to 300 lb. per sq. in. For 
working at the higher pressures with superheated steam cast iron is 
unsatisfactory. 

Wrought iron and mild steel pipes usually have screwed, welded, 
or riveted flanges. A special type of joint designed for a pressure 
of 800 lb. per sq. in. with high superheat was described by Mr. R. H. 
Parsons at the Inst, of Mechanical Engineers in 1927. 1 

§ 103. Hydraulic Pipe Flanges. For high-pressure hydraulic mains 
the flanges, cast with the pipe, are elliptical in shape; standard sizes 
have been laid down for both steel and cast-iron pipes. Fig. 72 shows 
a cast-iron flange connexion. Gutta percha is used for the packing 
1 Proc. Inst. Mech. Eng., Jan. 1927, p. 134. 
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ring, the recess X which contains it being triangular in shape; the 
packing is in such a form that it cannot be blown out by internal 



pressure. The bolt holes are usually cast square and the bolt shank 
forged square under the head. 

§ 104. Expansion Joints. When a length of piping is carried, 
without bends, for a considerable distance special provision must be 



made for variations in length due to temperature changes. The 
cheapest method of doing this is to use expansion bends in the pipe, 
usually H-shaped, which can be deformed to a small extent without 
suffering excessive stress. A better, but more expensive joint, which 
sets up no additional stress in the pipe, is shown in Fig. 73; this is 
telescopic in action. The joint consists essentially of one short 
length of pipe A sliding in a stuffing box carried on another short 
length of pipe B. Safety bolts S are usually provided, as shown, to 
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limit the relative movement and to indicate the amount of move¬ 
ment permissible; they also prevent the two parts being blown 
apart in the event of other portions of the pipe being damaged. 

§ 105. Flexible Pipe Connexions. Apart from linear movement 
due to temperature changes, provision must sometimes be made for 
angular movements of pipes; spherical or ball joints arranged on 
somewhat the same principle as the expansion joint in Fig. 73, are 




used for this purpose, a typical application being in the suction 
piping for a grain elevator. Flexible metallic tubing as now made is 
largely used where more freedom than that given by a series of ball- 
jointed pipes is required, and is very reliable. It can be made to 
withstand high pressures, will not kink, and can receive rough treat¬ 
ment without damage. 

§ 106. Link Connexions. In many machines movements are 
transmitted through a number of rigid links connected by pin joints, 
or something equivalent, the most common example being the crank 
and connecting rod mechanism for the interchange of rotary and 
reciprocating motion. The levers and rods on a motor-car by which 
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the pull on the brake handle is transmitted to the brake shoes form 
another example. 

This type of connexion may be roughly divided into two groups; 

(a) where motion is continuous while the machine is in operation, 

(b) where the mechanism is only occasionally operated. 

§ 107. Continuous-motion Link Joints. Connecting rods, parts of 
the mechanism of machine tools or cotton-spinning machinery, and 
steam slide-valve gears are examples of this form. Provision for 
lubrication of the joints and for adjustment in case of wear are 




Fig. 75 


necessary, while the accuracy of the workmanship is usually greater 
than that required for the other type of connexion. 

The ‘big end’ of a connecting rod has been shown in Fig. 62. In 
this case there is continuous rotation of the crank pin, and the size of 
the pin is decided chiefly by the torque which the shaft transmits; 
provision is always made for positive lubrication, and the wearing 
parts (i.e. the brasses) are adjustable and replaceable. One type of 
small end of a connecting rod is shown in Fig. 74. At the small end the 
size of the pin is decided chiefly by the maximum shearing load, and 
the relative motion is oscillatory; wear is not so great, but separate 
and adjustable brasses are provided for moderate and larger sizes; 
for smaller engines the provision is not so elaborate, a replaceable 
bush only being fitted. A separate lubricator for the small end is 
provided on larger engines but on smaller types, especially in the 
case of high speeds, splash lubrication is used. 

Fig. 75 shows a rocking lever, which drives the circulating and air 
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pumps for a marine engine; the motion at all pins is oscillatory and 
only through a small angle, while the forces acting are relatively 
small. Wear of the brasses fitting on the end pins is small, and no 
definite provision is made for taking it up; lubrication is intermittent 
through an oil hole in the upper brass. 

§ 108. Intermittent-motion Link Joints. The air-brake rigging 
on a locomotive, the reversing gear on any steam-engine, or the 
remote control of steam valves, as in certain marine work, provide 
examples of this type of joint. Usually no positive lubrication is 
provided, nor adjustment for wear of the parts embracing the pins; 



Fig. 76 


there is often no objection to some slackness at the pins, though 
provision is sometimes made by which the length of the rod can be 
altered to take up wear at the joints. 

Fig. 76 shows a typical pin or knuckle joint for a rod which must 
transmit pull or push, with freedom for a certain amount of angular 
movement in one plane. Such a joint should be of equal strength 
with the rod and should permit easy dismantling. The use of a 
cheese-headed pin locked by a taper pin through a thick washer or 
collar, or by a split pin below a normal washer, makes a more compact 
job than the use of a bolt. Sometimes a snug is provided under the 
head of the pin to prevent movement relative to the fork end. Such a 
joint is not usually lubricated otherwise than by coating the pin with 
grease. The change of section from the plain rod to the shaped end 
should be made gradually; a cheaper form is to use separate ends, 
which may be cast, screwed on to the rods, but this would make the 
whole joint more cumbersome. 

Fig. 77 shows a typical hand lever for operating a valve or part 
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of a machine tool. In deciding dimensions for such a part it is neces¬ 
sary to consider the force a man may exert rather than the load 
actually necessary to operate the valve, including possible lateral 
bending action. 

§ 109. Standards. Standard proportions have been adopted for 
most common forms of fastening and connexion, and the principle 
has been extended to cover a wide range of articles and processes, 
so as to include bolts and nuts, rolled steel sections, small electric 
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fittings, and qualities of materials such as paints and varnishes, and 
cement. 

The advantages of standard forms of screw threads, or of rolled 
steel sections are very pronounced. A smaller range of sizes is pro¬ 
duced thus reducing initial cost of manufacturing plant; stock sizes 
can be produced at all times which leads to more steady and econo¬ 
mical use of plant; actual construction is simplified and rendered 
cheaper. The same principle can be applied to the products of one 
factory alone; a firm producing petrol-engines can effect economy by 
standardizing a number of the smaller fittings such as taps and levers. 

A standard form is not necessarily the best possible, but the best 
compromise considered possible at the time, and should never be 
considered as final. Experience over a number of years often shows 
that certain modifications are desirable ; this was the position in the 
instance of rolled steel joists, the standard sections for which were 
revised about the year 1919. 
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CHAPTER VII 

BEARINGS 


§110. Introductory. Bearings may be considered as the means 
by which one machine part supports another while allowing relative 
motion. The different forms of support can be grouped according 
to the type of relative motion thus: 

(a) Rotary motion with pressure normal to the axis, as in a journal 

bearing. 

(b) Rotary motion with longitudinal or axial load, as in thrust 

bearings. 

(c) Reciprocating motion, as in crossheads. 

(d) Rotary or reciprocating motion where rolling friction is sub¬ 

stituted for sliding function as in ball-bearings. 

In all these forms the function of the bearing, or supporting part, 
is to support the other, while permitting correct relative motion, 
with a minimum of friction. 

The term bearing is usually applied only to those supports which 
are relatively stationary, and support rotating shafts, but the same 
general principles apply to all those mentioned above; although those 
in group (c) are not normally included under the heading of 
bearings, they are strictly more akin to those under (a) and (6) than 
are those in group ( d ). 

§ 111. Development of a Journal Bearing. The simplest support 
for a rotating shaft is a plain hole drilled in a part of the main frame of 
the machine (Fig. 78 (a)). This is sufficient in cases where the load is 
very small, and when any wear which may occur is immaterial, hence 
this form is often used for light spindles and for parts where relative 
motion is only intermittent. 

The two principal drawbacks to the very simple form are: absence 
of provision for adjustment in case of wear, and limitation to cases 
where the rotating shaft can be threaded through the supporting 
piece. 

The first refinement is to bore the hole larger and fit a bush (Fig. 
78 (6)). This is of softer material than the spindle, so wears before 
the spindle or shaft, and is easily renewed if necessary; the bush 
may be a tight driving fit in the outer support or may be locked by 
a pin, as shown at A, to prevent rotation in the housing. 

A second improvement is to make the supporting piece of two 
separate parts bolted together, and to split the bush (Fig. 78 (c)). 
This bearing can now be used to support shafts at intermediate points, 
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and between projecting portions on the shaft such as pulleys, cranks, - 
&c., and is not limited to being threaded over the ends of the shaft 
as are the former types. But the splitting of the bearing brings 
certain troubles with it; a split housing is never so rigid as a solid 
one, and care must be taken that the keep or cap exactly registers 
on the main part of the support. In many cases, such as in loco¬ 
motive coupling rod ends, the plain bushed bearing is still the best 
type to use. These points are further considered in the analysis of 
the bearing shown in Fig. 141. 

§ 112. Forms of Brasses. The halves of a split bush are termed 
brasses or steps, and are usually made of brass or some form of 



(a) (b) (c) 


Fig. 78 

bronze when a steel shaft is to be carried; that portion of the shaft 
resting in the bearing is termed the journal. Brasses must be of 
such form that they cannot move axially or rotate in the housing, 
and must allow the shaft to be lubricated. Axial movement of the 
brasses is prevented by flanges on the ends, and rotation is prevented 
by various means: thus, in Fig. 78 (c) the upper brass has a projcct- 
ing lug fitting into a recess in the cap; other methods are illustrated 
in Figs. 79-83. In the simple bearing shown in Fig. 79 practically 
all surfaces of the brasses can be machined in a lathe; while Fig. 82 
shows a heavy type of bearing as used for the crank-shaft of a 
horizontal gas-engine. 

In all forms of brasses the amount of machining necessary should 
be reduced to a minimum; for that reason portions preventing 
rotation usually extend only a short proportion of the length of the 
brass. In the form shown at Fig. 80 (a) the cap or keep is flat 
beneath and rests on the flat top of the brass; while in Fig. 80 ( b ) 
octagonal machining surfaces are provided and fit into corresponding 
surfaces in the housing body and cap, at each end of the brass inside 
the flange. In Fig. 80 (c) the keep and brass have machined rings 
inside each flange for contact, and rotation is prevented by small lugs 
cast on the middle portion of the top brass. In all of these the 
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general outer shape of the brass is cylindrical and slightly eccentric 
with the bore; this allows for extra metal where the load occurs, and 
provides for scraping or re-boring when wear occurs. The lower 
brass is best cylindrical, on its surfaces in contact with the housing, but 
is sometimes provided with flats similar to those on the upper brass. 




Fig. 80 
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§ 113. Materials for Bearing Surfaces. Usually the journal is of 
steel and the ‘ brasses ’ of brass, gun-metal, or bronze, or are made 
of some cheaper metal lined with white metal. If lubrication were 
perfect a smooth finished surface of any material, providing it could 
stand the load, would appear to suffice; but in practice it is found 
essential to choose the bearing metal carefully. 
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A good bearing material should be softer than the journal, have a 
low coefficient of friction, have sufficient compressive strength and 
be easily replaceable; good conductivity for heat, small amount of 



wear, and low cost are also necessary : if the heat generated by fric¬ 
tion is not conducted away readily, the rise in temperature lowers 
the viscosity of the oil, so leading to a risk of seizing. For the bearing 
a softer material than that of the shaft is advisable to check wear of 
the journal, and to check scoring of the journal by chance grit which 
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may work its way in; such particles usually become embedded in 
the softer material. r 

For smaller brasses and light loads brass is used, but if the inten¬ 
sity of loading is high a hard bronze is better. For larger bearings 
where the extra complication is worth while a white metal surface 
is used; a bronze shell with white metal lining is a good combination 
as, if sufficient heating occurs to melt the white metal, the bronze 
will support the journal long enough to prevent serious damage. 

When white metal is used the average bearing pressure must not 
be too high, or there is a tendency for the lining to be gradually 
4 smeared ’ in a plastic state to one side. The steps can be made of cast 
iron, cast steel, or bronze, and are usually provided with projections, 
often dovetail in section, which remove any risk of the white metal 
rotating relative to the shell; the metal is poured in round a mandril 
slightly smaller than the journal, and is then machined and scraped 
to a good fit; to cast round the actual journal is possible, but is a 
bad practice. 

The chief advantages of white metal are its softness, low melting 
point, and semi-plastic nature which enables it to adjust itself to 
slight variations in the diameter of the journal under load. 

Fig. 81 shows a white metal lining to a cast steel shell as used for 
a marine connecting rod big-end; other examples of the use of white 
metal are shown in Figs. 87 and 88. 

Cast iron is still used in journal bearings, though not so much as 
formerly. Its granular structure and the presence of uncombined 
graphite are decided advantages, while its porous nature enables 
the steps to absorb the oil, tending to check the risk of running 
completely dry. Fig. 83 shows a bearing with cast-iron steps. 

§ 114. Design of Bearings. Bearings can only be designed by 
empirical rules based on practical results. The two principal factors 
affecting design are load and speed, i.e. the intensity of bearing 
pressure on the projected area of contact, and the rubbing speed or 
relative speed of brass and journal at the contact surface. A limit¬ 
ing figure is sometimes laid down for the product of these two 
quantities; thus Giildner 1 states that for main bearings of gas-engine 
this product should not exceed 42,000—the pressure being measured 
in lb. per sq. in. and the rubbing speed in feet per minute. The value 
of the permissible bearing pressure to be used depends chiefly on the 
nature of the metals in contact. The manner in which the load is 
applied, and the conditions under which the bearing is to work 

1 The Design and Construction of Internal Combustion Engines , by Hugo 
Gtildner. (Constable & Sons.) 
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also have considerable influence on the pressure allowed. In the 
case of a locomotive crank pin and crosshead limitations of space 
keep dimensions down, and bearing pressures are high, while the 
necessity for a relatively high margin of safety leads to a low pressure 
being used for marine work. The speed of most electrical machines 
is high, so that the pressure should be kept low; this leads to bear- 
ings sometimes inconveniently long. 

The principal dimensions to be decided upon in a bearing are 
the diameter and length of the supported journal; and of these 
the former is usually settled by questions of rigidity or strength 
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of the shaft in connexion with the machine of which it forms part; 
the speed of rotation is also settled by the nature of the machine. 
The length is then calculated by considering the permissible bearing 
pressure, or by using the product of pressure and rubbing velocity, 
but the figure finally adopted is always largely decided by previous 
experience. 

The removal of the heat generated by the friction in a bearing 
must be considered, and in some cases has considerable influence on 
the details of design. One of the chief advantages of forced lubrica¬ 
tion is the removal of heat by the relatively large quantity of oil in 
circulation. 

Rigidity is an essential property of any bearing, though some 
flexure of the shaft can be allowed if the brasses are given the type 
of freedom permitted in the bearing described in § 115. 

§ 115. Self-alining Bearings. In the case of all shafts, except 
relatively short and stiff ones, it is obvious that there is a tendency 
for the shaft to deflect on account of transverse loading due to pulls 
from belts, weight of pulleys and wheels, or thrust from gear wheels. 
In consequence the force at the bearing is concentrated at one end 
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instead of being uniformly distributed, as is generally assumed; 
while if the bearing is very rigid the shaft must be subjected to heavy 
stress. Again, when setting up a number of bearings to carry a 
continuous shaft it is difficult to ensure perfect alinement, so that 
there may be a slight distorting force acting on the shaft at one or 
more bearings, which would tend to produce overheating. To avoid 
these troubles ‘self-centring’ bearing are used (see Fig. 83). 

In the form shown the steps are of cast iron roughly double conical 
in shape, with a spherical enlargement at the centre which is gripped 
between the cap and base of the bearing in corresponding recesses. 



Thus slight deflexions of the shaft carry the bearing with it, and as a 
result the ratio of length to diameter can be increased, with conse¬ 
quent reduction of bearing pressure. The two cap bolts act as stops 
to prevent the steps rotating with the shaft in the housing. Emer¬ 
gency grease-cups are provided towards the ends as well as the 
normal means of lubrication at the centre. These can be filled with 
a grease which will melt if the bearing becomes overheated. 

A special type of self-alining ball-bearing is also shown in Fig. 93, 
and described in § 121. 

§ 116. Lubrication. The question of lubrication has been very 
carefully considered in recent years, and considerable experimental 
work carried out; but it is still largely in the empirical state, so far 
as practical design is concerned. 

The experimental results obtained by Beauchamp Towers 1 in 1883, 
and the mathematical analyses of Osborne Reynolds about the same 
time, threw considerable light on the principles to be observed in 
journal lubrication. Briefly the action in the lubrication of a plain 
cylindrical journal is this: the journal (Fig. 84) when at rest makes 
contact with the bearing at its lowest point P 1 leaving a crescent- 
1 Proc. Inst. Mech. Eng. f 1883 and 1884. 
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shaped space above which is filled with lubricant, shown to an 
exaggerated scale in the diagram. When the shaft rotates in the 
direction shown, it tends to climb slightly until slipping occurs 
when contact is made at P 2 slightly to one side of P x ; as the speed 
increases, the shaft carries the oil with it from the wide spaced towards 
C , and the fluid pressure in the oil rises. When the speed is higher 
the pressure is sufficient to carry the weight of the journal; there is 
then no metal contact, but the shaft is supported entirely by the oil, 
being nearest to the bearing surface at a point P 2 on the ‘off’ side; 
this will be the point of maximum fluid pressure. Under this condi¬ 



tion fluid friction in the lubricant is substituted for sliding, or solid, 
friction between the journal and the bearing. 

This action depends on the viscosity of the lubricant, and the 
rubbing speed; with high speeds a low viscosity is sufficient and gives 
a small fluid frictional resistance, but for lower speeds greater vis¬ 
cosity is needed. As viscosity falls rapidly at higher temperatures 
bearings must not be allowed to overheat; a steady temperature is 
essential for smooth working, and is sometimes obtained by providing 
for water circulation round the housing. Forced lubrication achieves 
the same purpose to a large extent. 

Fig. 85 shows the two methods of supplying lubricant which 
Beauchamp Towers found most efficient; bath lubrication as shown 
in Fig. 85 (a) is the best but difficult and costly to provide normally; 
pad lubrication was found very efficient (see Fig. 85 (b)) and is used 
in many cases, such as railway wagon axle boxes. 

Ring lubrication—Fig. 86—is largely used in electrical machines; 
a loosely suspended ring dips into a bath of oil and as it rolls on the 
shaft carries oil with it to the upper surface from which it can flow 
axially along the journal surface. The oil bath is formed in the outer 
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housing which supports the split bush by the cylindrical surfaces 
at A . 




§ 117. Thrust Bearings. Supports for rotating shafts which 
transmit an axial load are termed thrust bearings; an example 
where the end thrust is heavy is found in a ship’s thrust-block which 
transfers the thrust exerted by the propeller to the hull of the 
vessel; other examples can be found in all worm drives, bevel gear 
drives, or in cases where the main shaft of a machine is mounted 



vertically. In the older and simpler form of thrust bearing lubrica¬ 
tion is difficult if the end thrust is heavy, but the Michell thrust bear¬ 
ing has satisfactorily solved the problem. 

Fig. 87 shows part of a thrust block of the collar type, as used in 
marine work. The shaft carries a number of collars forged solid with 
it, and these bear against white metal faced shoes which are 
rigidly attached to the frame of the vessel. For convenience in 
construction the shoes are inverted U’s in shape, and are cast hollow 
so that water cooling may be effected. Each shoe is adjustable 
axially so that the load may be evenly divided among the collars. 
The maximum intensity of bearing pressure is usually taken as 
being 70-80 lb. per sq. in.; with such a low pressure, eight or more 
collars are necessary when a heavy thrust is to be taken. 

§ 118. Michell Thrust-Bearing. In the Michell thrust block 
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(Fig. 88) the same principle in lubrication as occurs in journal lubri¬ 
cation is used. That is, a wedge of oil is formed and the action of the 
moving parts is such that the oil dragged towards the narrow end 
of the wedge has sufficient pressure to support the load on the shaft. 
The shaft carries one collar A which rests against a ring of sector¬ 
shaped pads P; each pad is free to move slightly laterally and is 
supported at the back on a hardened rocking pivot; when running 
the pads adjust themselves to a suitable angle to form an oil wedge 



Y 


Fig. 88 

of the same nature as that between a journal and bearing (see § 116), 
oil being freely supplied to the pad surfaces. The angle of tilt of the 
pads is very small, measurable in minutes rather than degrees. In 
Fig. 88 the upper portion of the end view is taken in the direction 
of the arrow X, the lower portion in the direction of the arrow Y. 
The ring carrying the hardened pivots has a spherical seating at the 
back to ensure adjustment to slight alterations in the shaft alinement. 

The action of this type of bearing ensures proper lubrication of the 
contact surfaces and enables pressures of 500 lb. per sq. in. to be 
maintained efficiently. 

§ 119. Fig. 89 shows a simple type of bearing for a vertical shaft 
carrying a relatively small load. A gun-metal bush surrounds the 
end of the shaft which rests on a disk of steel, bronze, or brass, 
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pinned to the base of the bearing. The top of the bijsh has a lip 
to retain oil, but the lubrication of the lower end is uncertain; forcing 
oil in under pressure is sometimes found effective but adds consider¬ 
ably to the complication and cost of the job. For machines with 
heavy loads a bearing of the Michell type is certainly better, while 
for lighter loads ball-bearings are best. 

§ 120. Reciprocating Flat Surfaces. Flat surfaces are difficult to 
lubricate efficiently unless the mean bearing pressure is kept low, as 
there is no automatic formation of an oil wedge, as with a rotating 
journal. Crossheads form a class 
where the bearing pressure is 
kept comparatively low, a type 
used for marine engines being 
shown in Fig. 90. The piston-rod 
end P is attached to a block B 
carrying two lugs or pins B to 
which the small end of the con¬ 
necting rod is attached; B is 
bolted to a casting C which 
forms the actual slipper, and C 
is faced, back and front, with 
insets of white metal; the face 
A which has the greater area 
takes the load when going ahead, the other when going astern. 
Water-cooling is often provided for the crosshead guides. 

Fig. 91 is a section of a reciprocating tool-ram for a machine tool 
such as a shaper. The actual ram is A, B is a portion of the casting 
in which the ram slides, and C an adjustable strip which completes 
the restraint of A. Lubrication is indefinite in this case but the 
intensity of bearing pressure is very low; this is an example of a 
bearing where the two rubbing surfaces are of cast iron. 

§ 121. Ball Bearings. The idea of the substitution of rolling for 
sliding friction is as old as the use of a wheel for transport, but it 
was not practicable in the form of a ball-bearing until the modem 
machine tool of great accuracy was evolved. In Fig. 92 is shown a 
section of a typical modern ball-bearing. A and B are two steel 
rings, the former with a single groove round its outer periphery and 
the latter grooved on its inner surface; the grooves are of such dimen¬ 
sions that a series of balls C will exactly fit between them as shown. 
The cross-sectional radius of the groove is about 5 to 20 per cent, 
greater than that of the ball. 

A high degree of accuracy is necessary, and most makers of repute 
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now guarantee their work within one ten-thousandth of an inch, 
both as to size, and sphericity of the balls. Both balls and races are 
made of a carbon-chrome steel hardened throughout, and ground; 
uniformity of material is of first importance as well as uniformity 
of size; great care is taken in grading the balls which are nominally 
of the same size, as the pressure of one ball slightly oversize could 
easily ruin a bearing; if the bearing is fully loaded the one large 
ball may have to take the whole load at a certain point; that one 
ball will then be liable to fail and the fragments will lead to damage 
of the races and other balls. 


Fig. 91 




Fig. 92 


The making of ball-bearings is a highly specialized job, and it is 
always better for the designer to use a standard size as given in 
the makers’ catalogues; the important dimensions to know are the 
bore of the inner race, the outer diameter of the outer race, the width 
of each, and the maximum speed in conjunction with the maximum 
load on the bearing. The maximum safe load for a given bearing is 
reduced for high speeds. 

The mounting of ball-bearings must be carried out with care; 
the outer race is usually the fixed one while the inner rotates with 
the shaft. Neither race should have anything in the form of a screw 
in it nor key-way cut for the purpose of fixing to the shaft or housing; 
the inner race should be a light driving fit on the shaft and should 
be held against a shoulder by a ring nut; the outer or fixed race 
should be a good push fit in the housing with allowance for end 
play. For lubrication grease is not suitable, but a small quantity of 
good quality oil is best—practically only sufficient to check the 
risk of rust. Ball-bearings should alw T ays be well protected from dust 
(see Fig. 186). 
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Fig. 93 shows a section of a special type of bearing made by the 
‘Skefko’ Company. The inner race has two grooves, but the inner 
surface of the outer race is a portion of a sphere; two rows of balls, 
slightly overlapping as shown, are used. This bearing is self-alining, 
the balls running truly even when the inner race is tilted slightly 
relative to the outer. Although there is perfect freedom of rotation, 
and freedom to adjust itself to a misalined shaft, there is no relative 
movement possible between the two races in an axial direction. These 
bearings will take a considerable end thrust without detriment. 




§ 122. Roller-bearings. In ball-bearings there is point contact 
between balls and races; hence it would appear that rollers running 
on cylindrical surfaces on the two races should give greater load¬ 
carrying capacity than ball-bearings, as there would be line contact 
between the rollers and races. There are, however, several conditions 
which must be fulfilled. 

(а) The roller axis must be absolutely parallel with the roller path 

axis. 

(б) With the best possible finish to the contact surfaces there 

appears to -be always a tendency for the rollers to drift 

axially. 

(c) Thrust bearings must always be provided to take the slightest 

axial load. 

(d) While a long roller is very difficult to aline correctly, a short roller 

gives little advantage over a ball in load-carrying capacity. 

In Fig. 94 is shown a normal type of modem roller-bearing. The 
rollers are ‘spaced' round the ring by means of a cage, and axial 
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drift is checked by shoulders on the inner race. The bearing is 
mounted and housed in the same manner as a ball-bearing, with the 
necessary addition of a thrust-bearing. The. rated loading for the 
roller-bearing is between 50 and 60 per cent, greater than that of 
the ball-bearing of corresponding size. 



Fig. 95 


Fig. 95 shows two forms of roller designed to meet the demand 
for a long roller which can carry its load throughout the full length. 

In 95 (a) is one consisting of a strip of steel wound 
spirally to form a cylinder then hardened and ground 
in the normal manner; that shown in 95 (b) is formed 
by coiling a piece of steel plate of the form shown at 
(c) when flat. Both these forms give slight flexibility 
to the roller, and check the risk of all the load being 
taken at one end; the second method removes the 
tendency for axial drift. 

Coned rollers of the form shown in Fig. 96 have 
been used considerably for the bearings of motor-car 
front wheels; they act as radial bearings and take 
thrust in one direction; there is some friction and 
possibility of wear at the end of the roller butting 
against the shoulder on the inner race. For pure rolling contact 
the apices of the cones must lie on the bearing axis. 

§ 123. Thrust Bearings. Fig. 97 shows a type of ball-bearing 
which takes axial thrust in either direction. The thrust collar or 
washer B is carried on the shaft A in the same manner as the inner 
race of a ball-bearing; both sides of B have grooves for balls which 

i 




Fig. 96 
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roll between B and the thrust-races C. The seating surfaces for the 
two races C form part of one sphere on the inside of D, which is in 
turn carried by the outer housing (detail not shown). Thrust only 
is taken by the bearing; the spherical seating in D makes it self- 
alining, while the outer shape and dimensions of D permit a certain 
amount of radial movement. Both D and the outer housing are split 



in a plane passing through the shaft axis; the other parts are threaded 
over the shaft end. 

One disadvantage of the ball-thrust-bearing is the tendency of the 
balls to jamb, due to the centrifugal action, *when the bearing is 
running at high speed. 

§ 124. Comparison of Ball-bearings with Others. Compared 
with plain journal bearings the chief advantages of ball-bearings 
lie in the reduction of friction, especially at low speeds, and the 
absence of wear; and the chief disadvantages in the higher initial 
cost, more elaborate housing and greater care needed in use. 

The reduction in friction is most marked except at very high 
speeds; a plain journal-bearing of good design, if lubricated with oil 
of low viscosity, has very little frictional resistance when running 
at high speeds. This advantage is of considerable importance for 
shafts running slowly, running intermittently, or merely oscillating 
instead of rotating. What is known as ‘starting friction’ is always 


BEARINGS 


115 


high in a plain bearing, largely on account of the metal to metal 
contact, but with a ball-bearing there is no appreciable difference 
at low speeds. This is the reason for the adoption of ball-bearings 
for all points of support in the steering gear referred to in Fig. 140. 

When properly mounted ball-bearings show no wear, occupy little 
room, and require very little attention for lubrication; great care 
must be given to the design and manufacture of the housing, and 
to proper provision against dust or moisture reaching the running 
surfaces; otherwise the high quality work put into the bearings 
themselves is largely wasted. 

Ball-bearings do not withstand serious overloads as readily as 
plain journals running in bronze bushes; the material is normally 
stressed near the elastic limit, and a ball soon fails if the overload is 
maintained. These bearings do not withstand shock loads, and 
should not be used where heavy loads of a varying nature are 
probable. 

Both ball- and roller-bearings have been fitted to railway vehicles, 
but have shown no marked improvement over the normal pad- 
lubricated bearing. 



CHAPTER VIII 

SHAFTING, BELTS AND FRICTION GEARS 

§125. Introductory. Power may be transmitted mechanically by 
either: 

(a) Rotating shafting. 

( b) Belt or rope drive. 

(c) Friction gearing. 

(d) Toothed gear-wheels. 

(e) Chain gearing. 

(/) Reciprocating methods. 

The inertia of the masses involved prohibits the use of the last 
method, except for very slow motion as in the case of certain deep 
well pumps, or over very short distances, as in the steam-engine 
mechanism. 

Power may be transmitted by direct drive through rotating shaft¬ 
ing over distances up to 200 or 300 ft., but beyond this it is usually 
more economical to use electric transmission or other means. 

Belt or rope drives for transmission of power between shafting in 
parallel planes are convenient, adaptable, and relatively cheap, but 
are limited in their application, and do not give a constant speed 
ratio; in both these forms the capacity for transmission of power 
depends on friction. 

Friction drives (excluding clutches and belt drives) are very limited 
in power capacity and very little used now. 

Toothed gear-wheels and chain drives can transmit heavier loads 
than the above means, and give definite velocity ratios between the 
shafts they connect; but these methods cannot be used effectively 
across such long distances as rope or belt drives. Toothed gearing 
can be used to transmit power between two shafts which are com¬ 
paratively close and in any position relative to one another. 

Chain drives are in many cases very cheap and efficient means of 
power transmission between parallel shafts, but cannot be considered 
fully in this or the following chapter. 

§ 126. Shafting. Shafting maybe broadly divided into two main 
groups: (a) short shafts, including crank-shafts of engines, which are 
usually subjected to a combined bending and twisting action; and 
(b) long transmission shafting subjected mainly to a twisting action 
such as a marine propeller-shaft, or, with some bending action in 
addition as in the case of a machine shop main shaft. 

That coming within the second group above can be obtained in 
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stock sizes between f in. diam. and 5 in. diam. It is manufactured 
by hot rolling, and then either by turning to exact size and truth, 
or by cold rolling to final size; the latter process produces a high 
quality of finish and truth only slightly inferior to turned shafting, 
but has the effect of hardening the outer layers and giving them an 
initial tension; this may lead to distortion, if key ways are cut. Only 
turned shafting should be used for high speeds or where great 
accuracy and truth in rotation is required. 

Heavy shafting as required for larger marine work is usually 
forged to order, and is often hollow, with end flanges forged solid 
with the shaft (see Fig. 63 ( b )). The saving in material can be shown 
by an example. Two shafts A and B have the same cross-sectional 
area, A being solid and B hollow with internal diameter half the 


D 2 

outer. The ratio of external diameters * is — 7 ^ and, for the same 

I) A yS 

maximum stress in each case, the ratio of maximum torques which can 


be transmitted is T B : T. 
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16 \V3 




: 1 approximately. 


Cranked shafts may be either forged, or built up from separate 
parts for journal, webs, and crank-pins. In Fig. 98 is shown a three- 
throw crank-shaft, forged throughout, and machined only at the 
three crank-pins and the two end journals; this shaft is for a three- 
ram reciprocating pump. In such a shaft a central flaw may be 
produced during manufacture, due to insufficient ‘soaking’ in the 
fire, and these flaws are not easy to detect; but, if carefully made, 
the shaft has the advantage of continuity and correct direction of 
‘grain’ in each part. 

The locomotive crank-shaft shown in Fig. 99 is forged with the 
pair of webs for each crank solid; the gaps are cut afterwards and 
the webs turned elliptical and strengthened by shrinking-on weldless 
hoops; the crank-shaft is machined all over. For the power developed 
locomotive shafts are cramped in dimensions axially. The driving- 
wheel bosses are pressed, and often keyed, on to the ends of the shaft, 
the portion between the wheels and the crank webs forming the 
journals. The eccentrics for the valve gear are carried on the central 
portion. An axial hole drilled in the shaft ends, and through the crank- 
pins, gives facilities for examination of the shaft for internal flaws, 
without appreciable weakening. A generous radius must be left at 
all internal angles, especially at the junction between the crank-pin 
and web. 

Crank-shafts for petrol-engines are often cut from a solid slab, as 




Fig. 98 
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in the case of that shown in Fig. 100 which is for a four-cylinder 
four-stroke engine. Each piston gives one power stroke in four, a 
possible order of firing for the four cylinders being 1, 3, 4, 2. The 
shaft is machined all over to ensure perfect balance at high speed, 
and is supported on five bearings; in some instances the cylinders are 
brought closer together, in pairs, and the bearings reduced to three in 
number. The crank-pins are frequently drilled to reduce weight, 
and lubrication of the crank-pins is often effected by forcing the oil 
through a continuous central passage in shaft, webs, and crank-pin. 
In such a shaft, failure may be brought about by torsional vibration 
at high speed, and rigidity is essential. The maximum explosion 
pressure (350 to 400 lb. per sq. in.) should not cause a bearing pressure 
on any journal or crank-pin greater than 1,000 lb. per sq. in. 



§ 127. Forces acting on a Shaft. In all shafting transmitting 
rotary motion there is a twisting action tending to cause failure by 
shear. If power is being transmitted some distance this will be, 
probably, the only straining action, except that of bending due to 
its own weight; the latter effect is usually kept down to a low 
figure by suitable spacing of the bearings. The main shafting 
used in a machine-tool shop, usually gives out power at a number 
of points by means of belt drive; in such cases there is considerable 
bending due to the lateral pulls from the belts. In crank-shafts 
there is always bending, due to the thrust of the connecting rod, 
in addition to the torque being transmitted. 

Additional forces occur in practice on account of the difficulty of 
obtaining exact truth of alinement or of balance; it is always difficult 
to ensure three or more bearings on one shaft being on the same level, 
or to ensure the bearing surfaces being in exact alinement with the 
shaft axis. Even a slight inaccuracy may mean continuous loss of 
power. This trouble is partly eliminated by using adjustable bearings, 
and partly by flexible couplings (see Figs. 83, 93, 66, or 67). 

Want of balance will set up considerable forces if the speed of the 
shafting is high. Thus, consider the case of a pulley whose total 
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weight is 25 lb, and whose mass centre is \ in. from the shaft axis; 

if the shaft is rotating at 500 r.p.m. the radial force due tp the eccen- 

, . x . 25 /500x27t\ 2 0*25 lu . . 0 „ 

tricity of the mass centre is — X I—^—I X ^ = lh« 

As the force in question varies as the square of the speed this be¬ 
comes 40 lb. if the speed rises to 1,500 r.p.m. 

If the mass centre of a length of shafting is slightly eccentric there 
is a definite centrifugal force set up, when rotating at high speed, 
tending to bend the shaft. When the ‘critical’ speed is reached the 
lateral force is sufficient to overcome the stiffness of the shaft, 
giving a definite deflexion which tends to increase to a dangerous 
extent; this condition is known as ‘whirling’. The critical speed is 
lowered by the addition of weights such as pulleys or wheels. For 
this reason and to reduce the lateral bending due to the pull of belting 
or thrust of gears, such pulleys or wheels should be placed near the 
shaft bearings if possible. 

§ 128. Stresses in Shafting. When a pure torque acts on a cir¬ 
cular shaft the relation between applied moment and internal stress 
is given by the equation 

T q 
J~r 

and when there is, in addition, a bending action on the shaft, one 
of the following methods is adopted. 

(a) M e = \{M+y/W+F) 


(b) T e = y 'M 2 +T* 

The applications of these expressions have already been con¬ 
sidered fully in Chapter III. 

In many instances the bending actions on a shaft are not all in 
one plane; in such cases the resultant bending moment at a given 
point on the shaft is obtained as the vector sum for the two com¬ 
ponent moments at that point. If the planes of the two component 
moments are mutually perpendicular the resultant moment can be 
readily obtained thus: 

At a certain point in a shaft there is a horizontal bending moment 
of 400 lb. ft. and a vertical moment of 300 lb. ft. 
then the resultant bending moment = \/400 2 +300 2 

= 500 lb. ft. 

§ 129. General Points in Design of Shafts. One most important 
to watch is that there should be no sudden change of section; at all 


Me = f 
I r 
Te^q 
J r 
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changes of diameter there must be a fillet, and any change from 
circular to square section should be avoided where the stress is fairly 
high. It is quite common for line shafting to be used of constant 
diameter throughout; no change of size is made at the bearings, and 
all pulleys or couplings are held on the shaft by a friction grip. With 
shorter lengths, as occur in many machines, there is no economy in 
keeping to a constant diameter. Where a shaft is to run at low speed 
and to transmit a heavy torque more positive drive is necessary, and 
keys are commonly used to attach wheel bosses to the shaft; a good 
method of attachment, where a high speed is required and high degree 
of truth in rotation is essential, is that known as splining (see Fig. 58). 



When bosses of wheels are shrunk on to shafts, the diameter should 
be increased as shown in Fig. 101 (a ); the grip of the boss on cooling 
would tend to produce the effect shown in an exaggerated form in 
Fig. 101 (6), if shrunk jon to a constant diameter shaft. 

If a rotating shaft is used to transmit power from one building to 
another it should be carried across at a considerable height from the 
ground, or cased-in below ground level. In all cases where there is 
risk of workmen coming into contact with a rotating shaft it must 
be properly protected. A smooth shaft can be dangerous if a portion 
of clothing is allowed to become wrapped round it. 

Supports for shafts must always be rigid and well anchored. A 
vibrating support is liable to be dangerous either by leading to a 
failure by fatigue, or on account of the risk of an increase in the 
amplitude of the vibration if a periodic impulse acting on the shaft 
synchronizes with the natural period of vibration of the support. 
Torsional oscillations are liable to be dangerous and may lead to 
serious overloading of parts of the mechanism. 

§ 130. Forms of Belt Drives. Fig. 102 shows a number of typical 
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methods of using a belt drive. In Fig. 102 (a) and ( b) pulley A is 
driving B in the directions shown, the former being known as an open 
drive, the latter a crossed drive; in the open drive, if horizontal, 
the slack side is usually arranged above; if the open drive is 
used vertically or nearly so, there cannot be allowed so much slack 




as in the horizontal form. An intermediate form, the quarter- 
twist drive, is shown in Fig. 102 (c). This runs quite freely if 
the pulleys are put in the correct relative position as shown; the 
belt when feeding on to either pulley must lie in the plane of that 
pulley, but may run off a pulley at an angle to the plane of the pulley. 
If the direction of motion is reversed the belt immediately runs off. 
By observing this rule any relative position of shafts between (a), 
(6), and (c) may be used. The use of jockey pulleys, as shown at J 
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in Fig. 102 ( d) y enables a belt drive to work efficiently in a large 
variety of positions, provided that in every case the belt runs on in 
the plane of the pulley. 

§ 131. Materials for Belting. Most belting is made of leather ob¬ 
tained as strips of tanned hide; the thickness is fairly uniform (be¬ 
tween A in. and £ in.) while the limit to the length obtainable 
necessitates several joints in all but the shortest belts. For heavy 
loads double belting built up of two normal layers is used, or in some 
cases a leather link belt may be advantageously used when the speed is 
not likely to be high. Woven cotton belts have been used extensively, 
the complete loop being woven without any joint; in this case any 
stretch cannot be taken up except by movement of the pulley. For 
certain purposes a mixture of rubber and canvas makes a very good 
belt material, and another form, ‘Balata’ belting, is made of canvas 
treated with a certain gum; the latter is acid- and water-proof and, 
on test, shows a considerably greater strength than leather. Any 
woven form of belt has the advantage of higher efficiency owing to 
the absence of a joint. 

Steel belts have been used recently; the thickness varies from 0-2 
to 1 mm. and the width from 1 to 8 in. The joint needs careful 
making to avoid weakening the belt; and some have been made in 
a continuous loop by rolling a tubular section. It must be noted that 
the use of an endless belt often involves special design of the pulleys 
and shafting to enable it to be put in place without dismantling a 
large amount of the machine. The surface of the pulley for a steel 
belt drive is faced with cork or leather. 

§ 132. Working Stresses in Belting. The ultimate strength of 
leather belting varies between 3,000 and 9,000 lb. per sq. in., but 
the usual maximum working stress used is about 300 lb. per sq. in. 
or 70 lb. per in. width. While a higher stress can be safely used the 
life of the belt is then very much shorter; the necessary repeated 
bending also tends to shorten the life of a belt, and it is an advantage 
to use fairly large radii on all pulleys. Joints must not be so rigid as 
to put additional stress on the belt when it is passing round a small 
radius pulley. 

When running at high speeds such as 4,000 ft. per minute or more 
a certain proportion of the available strength of the belt is used to 
overcome the action of centrifugal force; as this action increases as 
the square of the speed it puts a limit to the speed above which it 
is uneconomical to run a belt. 

Steel belts are usually stressed to about 300 to 400 lb. per in. 
width. 
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§ 133. Calculation of Belt Loads. It can be proved that 
T 

log, Y = fj.9, where 

T 1 is the load in the belt on the tight side. 

T^ >) )j >> slack ,, 

/x is the coefficient of friction between belt and pulley. 

0 is the minimum arc of contact (in radians). 

It may be seen by reference to Fig. 103 that the arc of contact is 
less on the smaller pulley when an open drive is used. With a crossed 
drive 6 is the same for both pulleys; r x and r 2 are the radii of the 
two pulleys. 

It must be noted that the above equation gives the maximum 
possible ratio of tensions; the working tension ratio must be some¬ 
what less or excessive slip will take place. 



pulley face has become polished from frequent slip. Thus, if 6 is 
160° on the smaller pulley, and /x is 0-35, the maximum ratio for T 1 to 
T 2 is approximately 2*65. 

The effective tension is the difference between T x and T 2 , hence 
the power transmitted is (T 1 to T 2 ) V in 16 ft. per min., where V 
is the linear speed of the belt in feet per minute. 

If a working value of If is taken for the ratio of T 1 to T 2 and the 
maximum working tension is taken as 70 lb. per in. width, the horse¬ 


power transmitted per inch width of belt is 


30 V 
33000 


or just under 


one horse-power for every thousand feet per minute. 

The value of the additional tension due to centrifugal action is 
given by 

9 

where w = weight per foot run of belt 

v = linear speed of belt in feet per second. 

Thus, if a belt is f in. thick, and weighs 60 lb. per cu. ft., w is 0T04 lb. 
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per in. width of belt, and the value of T 3 for a speed of 6,000 ft. per 

minute becomes - = 32-3 lb. per in. width of belt. 

It can be readily proved that the maximum horse-power is trans¬ 
mitted when one-third of the total tension in the tight side of the 
belt is that due to centrifugal action. 




Fig, 104 

The following point should be noted carefully. If the tensions on 
the tight and slack sides of a belt are denoted by Tj + T 3 and T 2 +T 3 , 
the load T 3 being the centrifugal tension in each case, then, as before, 
T 

log* 7jT = pQ- The reaction to T 2 is not given by pressure between 
1 2 

the pulley face and belt, but by the inertia of the belt mass resisting 
movement in a circular path. 

‘ Creep ’ of a belt is caused by the greater stretch on the tight side 
compared with the slack side and has the effect of slightly reducing 
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the speed of the driven pulley; to calculate its amount is not simple 
as the value of E varies under different stresses. The effect of belt 
slip is the same and is generally stated as a percentage of the speed; 

rp 

slip begins to occur before the limiting value of the ratio ■— is reached. 

1 2 

§ 134. Speed Cones. This term is applied to an arrangement of 
pulleys enabling a main shaft running at constant speed to drive a 
machine at various speeds. In Fig. 104 is shown such an arrange¬ 
ment. X is a shaft running at a constant speed of 200 r.p.m. while 
Y is a shaft to be run at eight different speeds; the belt may run on 
pulleys A and E> or B and F , and so on. In the case shown there is 
in addition a ‘ back gear ’ comprised of the gear-wheels P, Q , P, and 
S. The pulleys E to H and the gear-wheel P are locked together and 
are free to revolve about the axis of Y. The gear-wheels Q and R 
may be brought into mesh with P and 8 , the latter being rigidly 
connected with the shaft Y ; the drive is then from the cone through 
P, Q , R, and S to Y. If the gear-wheels Q and R are thrown out of 
mesh with P and S, and S bolted to H , the drive is then direct from 
the cone through S to Y. 

With the back gear out the speeds of Y are: 

12 

When the drive is from A to E 200 X - 77 - = 400 r.p.m. 

6 

9.75 

When the drive is from B to F 200 X Q = 236 r.p.m. 

o'ZO 

7.375 

When the drive is from C to G 200 X = 139 r.p.m. 

10-625 

5-25 

and when the drive is from D to H 200 X = 82-5 r.p.m. 

12-75 r 

With the back gear in, the corresponding speeds of Y are obtained by 
multiplying the above values by the total gear reduction which is 
if X §1; this gives speeds of Y 48 7, 28-8, 16-9, and 10 r.p.m. It will 
be found that the above speeds are in geometrical progression, which 
is correct for such variable speed devices. 

In such a set of speed cones the question of belt length is important 
if an open drive is used. Referring to Fig. 103 it may be readily 
shown that the length of an open belt is approximately 

n ( r i+ r 2 )+ ~ 2 ~ +2 d , and that the length of a crossed belt 

is 2[(r 1 -\-r 2 ) ^+aj +d 008 a l- The latter length is a constant quantity 
if r x +r 2 is constant, and this property simplifies design considerably 
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where crossed drive between speed cones is to be adopted. In the 
case of the open belt no such simple relation holds. 

Further details of a speed cone are given in Fig. 105. The pulleys 
E to H form a light casting which is pinned at one end to M an 
extension of the gear-wheel P, and fixed at the other end to the piece 
j K, the whole being free to rotate on the spindle Y. The gear-wheel 
S is keyed to Y and provided with a radial slot in which the T-headed 
bolt V can be locked. On the flat outer surface of K is a rim with 



two or three gaps into which the head of the bolt V may be slipped. 
The back shaft X is in the form of a sleeve to which the gear-wheels 
Q and R are keyed; this sleeve can rotate freely on the shaft W which 
has eccentric ends carried in bearings provided in the main casting 
Z ; a half turn of the shaft W by means of the handle U throws the 
back gear out of action. In the position shown the drive is from the 
pulleys through the back gear and wheel S to the spindle Y ; for 
direct drive from the pulleys to the spindle the back gear is thrown 
out of engagement by the handle U , and the bolt V is locked at 
the outer end of its slot with its head in one of the gaps of the 
rim on K . 

The journals on Y are conical to facilitate maintenance of con¬ 
centricity, and to obviate any slackness; perfect truth of such a 
spindle is essential. 
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The diameters of the four pulleys are: 5f in., 6j| in., 8| in., and 
10 J in. 

§ 135. Belt Pulleys. The cheapest form of belt pulley is the cast- 
iron type shown in Fig. 106, which is driven by a key in the shaft; 
this form can only be used where it is possible to thread the pulley 
boss over the end of the shaft. In machine shops where pulleys are 
required at various points along a line of shafting, the split type is 
necessary. Split cast-iron pulleys with mild steel rims are largely 
used for this purpose; they can be readily bolted on the shaft at any 
convenient point, but depend on frictional grip for driving power. 


i 




In some instances split pulleys with cast-iron rims are used, but they 
necessitate awkward bosses on the rim at the joint, and are unsafe 
if run at high speeds. 

In Fig. 107 is shown a light pressed-steel pulley, built up entirely 
of thin sheet, except for the two halves of the cast-iron bush in the 
boss. The spokes are stiffened by being pressed out as shown at 
XX, and the pulley is considerably lighter than a split cast-iron 
pulley of corresponding strength. This form of pulley, and split 
wooden pulleys, built up in laminated form, are being increasingly 
used. Both types are safer than cast-iron pulleys being less liable to 
break when run at high speeds, and less dangerous if breakage 
actually occurs. 

Slightly increasing the diameter of the pulley face (‘crowning’) 
helps the belt to remain central on the rim; if the belt tends to run 
off to one edge, the slight cant given it by the slope of the crowning 
tends to make the belt climb towards the greatest radius again. 

K 
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The increase of radius for crowning is usually about ^ in. The pulley 
face is usually five-fourths of the belt width. 

§ 136. Fast and Loose Pulleys. This arrangement is similar in 
effect to a friction clutch, and is used between the main shaft and 
countershaft for a machine tool drive. On the countershaft are two 
pulleys A and B , of which A is fixed to the countershaft, while B, 
placed alongside A, rotates freely on a bush carried on the counter¬ 
shaft. The corresponding pulley C on the main shaft has a face width 
equal to the combined width of A and B. The main shaft runs 
continuously, and when the machine is operating the drive is from 
C to A ; when the machine is to be stopped the belt is pushed to one 
side so that it runs on C and B. The ‘striking ’ gear, used to move the 
belt, should be placed at a point ju^t before it feeds on to pulley C . 


<*) 

§ 137. Rope Drive. Ropes are frequently used now for power 
transmission in a manner similar to belts. A number of ropes are 
usually driven by one pulley; in a main drive as many as thirty or 
forty are carried on one flywheel, each rope lying in a separate groove 
of the section shown in Fig. 108 (b). Cotton ropes are used mainly in 
this country though Manila hemp is stated by some authorities to 
be stronger; the latter material is stiffer and liable to more rapid 
deterioration through internal friction. 

Rope drive has replaced gear-wheels in certain cases where heavy 
shock loads occur; rolling mill drives can be composed of ropes with 
safety when gear-teeth are liable to be fractured. Rope drives are 
largely used for the transmission of power from the main engine on 
the ground floor of a mill to the shafting on the several floors (see 
Fig. 109 (a)). 

§ 138. Strength of Ropes. It can be proved that the ratio of 

k 2 
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tensions in the two portions of a rope when running in a grooved 

wheel rim and when on the point of slipping is given by log ^ = -4r^— 

j. 2 sin tt 

where 6 is the angle of the arc of contact as with belting, and 2a is 
the cross-sectional angle of the groove (Fig. 108). 

Thus the use of the grooved pulley has the same effect as a definite 
increase in the value of the coefficient of friction. In practice it is 
found that values of 2a below 40°, while giving greater tension ratio, 
lead to very rapid wear of the rope. 

It is possible to transmit power efficiently at high speeds when 
ropes are used, but the effect of centrifugal action as the ropes pass 
round the rims of the pulleys tends to reduce the effective pull. 

An average value of safe stress can be taken as 200 lb. per sq. in. 
of section corresponding to a factor of safety of about 20 to 25. While 
ropes can be run at higher stresses it is found that the possible life 
is shorter. The linear speed at which a cotton rope transmits its 
maximum horse-power is about 4,800 ft. per minute. 

§ 139. Forms of Rope Drive. It is customary in this country to 
use a number of independent ropes (Fig. 109 (a)); thus the main 
driving-wheel may have 20 or 30 grooves, separate ropes running in 
each, of which 4 to 10 run to each floor; it is common practice in 
America to use one continuous rope in place of a number, as indicated 
in Fig. 109 (b), the rope being carried from the last groove of wheel 
B to the first of wheel A by jockey pulleys. 

Theoretically the driving tensions are all equal in the continuous 
systems, but in practice this result does not always appear to obtain. 
It is difficult to ensure that all the ropes are equally stressed in the 
multiple rope system, but the multiple system gives a margin of 
safety in that one rope may fail without the whole plant being shut 
down; this system also gives more flexibility in the arrangement of 
the power distribution to different floors. In the continuous system 
one of the jockey pulleys may be attached to a tension carriage, and 
the system may be used more readily for vertical or half-twist drives. 

Ropes can be run with more slack than belts, but excessive sag 
may give trouble due to surging or to swaying, or to rubbing against 
partial obstructions. 

On the question of cost a rope drive appears to compare quite 
favourably with either belts, toothed gearing or electric transmis¬ 
sion ; though it is difficult to obtain any exact comparisons. 

A typical size of installation is a 1,200 B.H.P. steam-engine 
running at 72 r.p.m. driving a flywheel of 22 ft. 6 in. diam. with 
grooves for 32 ropes of If in. diam. 
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§ 140. Wire Rope Transmission. Wire rope is not used much as 
a means of power transmission except in certain special instances 
where the distance is too great for cotton or manila rope. The pulleys 
used are grooved, but the ropes rest on the bottom of the groove 


i 



Fig. 109 


which is fitted with wood, leather, or rubber. The maximum ratio 
of tensions is then as for belts, and not as for ropes. 

In wire ropes the destructive effect of constant bending and un¬ 
bending round the wheel-rim is greater than for cotton ropes, and 
the pulley diameter should never be less than 20 times the rope 
diameter; this factor must be increased to 30 or more for higher 
speeds, but little is gained by increasing it beyond 60 or 70. 

The material of which wire ropes are made is usually a high grade 
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crucible cast steel, the best quality being often referred to as ‘plough’ 
steel; its breaking strength is normally 80 to 100 tons per sq. in., 
while the best kinds have a tenacity of 120 to 150 tons per sq. in. 

By providing idle pulleys for intermediate supports, or by driving 
on to an intermediate shaft, power can be transmitted by wire ropes 
over several hundred yards. 

§ 141. Friction Gearing. Power can be transmitted between two 
parallel shafts by the use of two cylindrical friction wheels. Thus, 
if in Fig. 110 the two cylinders are pressed together by a force P lb. 
and the coefficient of friction between the surfaces is /x, the maximum 




tangential force T that can be exerted without slip is /i P lb.; if V is the 
linear velocity, in ft. per min., of the contact surfaces the maximum 


horse-power transmitted is 


fxPV 

33000 


. The value of varies between 0 2 


for two metal surfaces and 04 for leather surfaces, and rarely can 
exceed 0-5; hence the force P must always be greater than twice the 
tangential force. While considerable power cannot be transmitted 
by this means, it is convenient in certain cases where relative 
motion with small power is to be transmitted, and acts as a safety 
device by slipping if overloaded. 

A variable gear ratio in a drive between two shafts at right angles 
can be obtained by the arrangement shown in Fig. 111. Wheel B y 
which is pressed against the face of the disk A , can be moved along 
its own shaft, giving a wide range of speed ratio, or even reversing 
the direction by moving beyond the centre of A. As the rim of B 
must be of appreciable width some slip and wear occurs. 

For a right-angled drive with constant gear ratio coned friction 
wheels can be used (see Fig. 112), made of wood, leather-faced 
castings, compressed fibre, or millboard. An arrangement giving easy 
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means of varying the speed ratio between two parallel shafts is 
shown in Fig. 113. A leather belt hangs loosely on the lower cone 
and is gripped between them; the belt can be easily moved axially 
to any desired position from the ‘feeding-on’ side. 



Fig. 113 


In Fig. 114 is shown an application of friction drive to a simple 
form of earth rammer or drop hammer. P is a flat plank freely 
sliding in vertical guides, and carrying at its lower end a ram or 
hammer head; the drum D presses against the flat side of P, but is 
gapped or flattened for about J to $ of its circumference?. If D is 
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rotated uniformly it will lift P until the gap in D is opposite P when 
the ram will drop and be picked up again as the full radius portion 
of D approaches P. In this device the wearing surfaces can be 
readily and cheaply renewed. 



Fig. 114 



CHAPTER IX 
TOOTHED GEARING 


§ 142. Toothed Gear-Wheels. All modern toothed gear-wheels 
have tooth profiles based on an imaginary circle called the pitch 
circle, and when two toothed wheels are correctly gearing together 
their relative motion is identical with that produced by the two 
pitch circles acting as friction wheels without slip. 

The following are standard terms in use respecting gear teeth 
(Fig. 115): 

Pitch Circle. The equivalent rolling (or friction) circle, and the basis 
on which tooth shapes are formed. 



Addendum. The radial height of a tooth above the pitch circle. 

Dedendum. The radial depth of a tooth below the pitch circle. 

Face . The working or contact surface of a tooth above the pitch line. 

Flank. The working or contact surface of a tooth below the pitch 
line. 

Clearance. Excess of dedendum of one wheel over the addendum of 
its mating wheel. 

Circular Pitch. The distance between corresponding points on ad¬ 
jacent teeth, measured round the pitch circle. 

Diametral Pitch. The ratio of tooth number to diameter of pitch 
circle in inches. 

Module Pitch. The ratio of the pitch circle diameter in inches to the 
number of teeth. 

Pitch Point. The point of contact between the pitch circles of mating 
wheels. 

Pinion. A gear-wheel with a small number of teeth. 
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Spur-wheel. A gear-wheel with a moderate or large number of teeth. 
Rack. A series of teeth whose pitch line is a straight line; virtually 

a portion of the rim of a wheel of infinite pitch circle diameter. 

In general the addendum is made equal to the module, and the 
dedendum equal to the module plus a clearance of one-twentieth of 
the circular pitch, but these proportions are impracticable for wheels 
having a moderate or small number of teeth. To enable small tooth 
numbers, with the advantage of stronger teeth to be used, other 
proportions have been standardized for certain classes of work as in 
the case of Electric Tramway Gears (B.E.S.A. Standard Specification 
No. 235—1927). 

The following relations between the three types of pitch should be 
noted: 

If Circular Pitch = p 

Diametral Pitch = s (or D.P.) 

Module Pitch = m 

Number of teeth = T (or N.) 

Pitch Circle Diameter = D (or P.C.D.). 

then 



§ 143. Tooth Profiles. While two friction wheels always make 
contact at the pitch point, with toothed wheels the point of contact 
between mating teeth moves across from one side of the pitch point 
to the other; thus in Fig. 116 tooth contact is made at K while the 
pitch point is at P. For smooth running it is essential that the ratio 
of the velocities of the two wheels should remain constant; if the 
speed of A is constant, that of B should be constant too. This applies 
not only to the ratio of mean speeds but to the ratio of speeds at any 
particular instant. Thus, if in the position shown the angular speed 
of B is slightly less than its mean speed, that of A remaining constant, 
while after a short interval of time t secs, the speed of B reaches its 
mean value, then the wheel B has been accelerated during this time. 
Even with slight changes of velocity the time t is so short that the 
corresponding acceleration may be very large; additional pressure 
is required from the tooth on wheel A to cause this acceleration, and 
in high speed gears this may be sufficient to overstress the teeth. 
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This can be readily shown by a numerical example. If wheel B 
rotates at a mean speed of 1,200 r.p.m., and at one point undergoes 
a velocity change of 1 r.p.m. while turning through an angle of 5°: 

277 

Change of angular velocity = — radians per sec. 

o0 

Time taken for change = ~ X ~ sec. 

277 

Mean acceleration = =151 radians per sec. 2 

1440 

If the effective radius of B is 8 and the moment of inertia of B (with 



attached masses such as an armature) is 48 in pound and inch units, 
the accelerating force F to be provided by the wheel teeth is given 
by: 

Fx8 = 48x151 ,\F = 906 lb. 

To obviate the possibility of such additional loads the velocity 
ratio between two gear-wheels must be constant, i.e. the two wheels 
must at all times move so that their pitch circles roll on one another 
without slipping. It can be proved that this result is obtained if the 
common normal at the point of tooth contact (K in Fig. 116) passes 
through the pitch point. 

Two geometrical curves for tooth profiles which satisfy this con¬ 
dition are the cycloid and the involute. 

§ 144. Cycloidal Teeth. The application of cycloidal curves to 
tooth profiles is illustrated in Fig. 117, where 0 and Q are the centres 
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of two gear-wheels, P is the pitch point, and R and S are two small 
circles which make contact at P. All four circles roll on one another 
maintaining contact at P. If the circle O rotates in the direction 
shown, and the rolling circles R and S move without slip, a point on 
circle R traces the curve ABKC (hypocycloid) on wheel 0, and the 
curve FOKH (epicycloid) on wheel Q . On the other side of the com- 



i 

Fig. 117 


mon tangent a point on the rolling circle S traces out the curve CDE on 
wheel 0, and the curve HJM on wheel Q (complete profile is GKHJ). 

The largest size rolling circle usually adopted has a diameter equal 
to the radius of the pitch circle, and gives radial flanks. If a number 
of gear-wheels are to be interchangeable the same size rolling circle 
must be used throughout; a rolling circle larger than the pitch circle 
radius gives very weak roots to the tooth, and the rolling circle 
diameter chosen is usually the radius of the smallest circle in the set 
of gears. The path of contact is shown by the broken line XKPHY , 
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and its effective length is determined by the points where it is cut 
by the addendum circles of either wheel. 

§ 145. Involute Teeth. In Fig. 118 0 and Q are the centres of two 
gear-wheels whose pitch point is P; XPY is a straight line making 
an angle <f> ( 15° to 20°) with the common tangent at P. Two circles 
are drawn with centres at 0 and Q , touching X Y at M and N ; these 



i 

Fig. 118 


are the base circles for the involutes. It is assumed that wheels 0 
and Q rotate, and that the line MN may be considered as part of a 
continuous string which is unwound from base circle O and wound 
on to base circle Q. Any point K on this string traces out the involute 
AKBC on wheel 0 and DEKF on wheel Q, AKB and EKF forming 
the mating surfaces on the two teeth. 

The angle <f> between the line MN and the common tangent to the 
pitch circles at P is called the angle of obliquity or pressure angle; 
this was formerly made 14£°, but larger angles up to 22J have been 
used, though 20° is the most usual at present. 
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It should be noticed that the involute does not extend within the 
base circle, hence no working portion of the tooth flank should fall 
within this circle. 

In Fig. 119 the application of the involute to internal gearing is 
illustrated. P is the pitch point for the circles of centres 0 and Q , 
and XPNM is the common tangent to the two base circles. If XM 

i 



Fig. 119 


is considered as a straight-edge which moves on the base circles as 
they rotate, without slipping, a point on XM traces out the involutes 
F and 0 on the base circles of centres 0 and Q respectively. 

For all involute teeth if: 

R = radius of pitch circle 
r = radius of base circle 
and <f> = angle of obliquity or pressure angle 
then r - R cos <j >. 

§ 146. Comparison of Cycloidal and Involute Teeth. Briefly, 
involute teeth are easier to manufacture with precision, but cycloidal 
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teeth are better in shape for good running qualities; in practice the 
correct profile for the latter is not easily produced, hence the advan¬ 
tages cannot be readily realized. 

The rack for involute teeth has a straight line profile, and in 
modem gears the rack forms the essential basis of practically all 
methods of manufacture, especially where great accuracy is essential; 
such a rack can be made with far greater precision, and can be more 
readily checked for accuracy than one with a curved profile. 

The fact that the working portion of the profile in cycloidal teeth 
is made of two different curves, while that in involute teeth is in one 
sweep, facilitates accurate setting-out of the latter. (They are often 
referred to as double-curve and single-curve teeth respectively.) 

The thrust between involute teeth is constant in direction, being 
along the line of obliquity, but between cycloidal teeth varies in 
direction; in the latter case the thrust is most oblique when the teeth 
first engage and is parallel to the common tangent to the pitch circles 
when the point of contact is at the pitch point. This is certainly 
an advantage for the steady running of involute gears, especially 
at high speeds. 

It can be easily proved that two involute gears still transmit their 
correct velocity ratio if their centres are moved slightly apart; this 
may be an advantage when bearings have worn, but gives bigger 
backlash (i.e. clearance or slackness of mating teeth usually measured 
along the pitch circle). 

By reference to Fig. 117 it may be seen that in the case of cycloidal 
teeth a convex surface usually engages with a concave surface on the 
mating tooth; on the involute tooth both surfaces are convex. The 
former type is able to support a greater load without failure by crush¬ 
ing. With internal gearing involute teeth have concave and convex 
surfaces in contact (see Fig. 119), and though there is still some ad¬ 
vantage in favour of cycloidal teeth the difference is much less. 

In general the roots of involute teeth are stronger than those of 
cycloidal teeth. It can be shown that the proportion of sliding to 
rolling action between mating teeth is smaller in the latter type; this 
leads to less wear, which is one of the biggest problems to be over¬ 
come in all practical gears. This point, so far as involute teeth are 
concerned, is dealt with more fully later. 

All involute wheels of the same pitch and obliquity gear correctly, 
together. 

§ 147. Interference. For correct engagement the working portions 
of involute teeth flanks should not extend below the base circle; in 
other words all contact between mating teeth must lie within the 
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length of the common tangent to the two base circles; if this is not 
done the trouble known as interference results. In Fig. 120 is shown 
a pair of wheels, A with 48 teeth and B with 12 teeth, the obliquity 
being 14J°; the teeth have been drawn to standard proportions with 
the addendum equal to the module. The line XY is the common 
tangent to the base circles. It can be seen that the tips of the addenda 
on A extend beyond the tangent point Y , and have no proper 
working contact with the flanks on B ; in fact they tend to ‘interfere* 



with the flanks of B , or to undercut them. Those portions of the 
addenda of A shown shaded are useless. 

A common method of avoiding interference formerly was to round 
the tips of the spur teeth (A) and to keep the pinion teeth flanks (B) 
radial; but this was unsatisfactory. At the best the teeth were part 
involute and part cycloidal, thus losing the advantages of the former 
type; at the worst there was no proper contact between the teeth 
over that portion, and the effect was merely to reduce considerably 
the effective length of the line of contact. 

Another method was to reduce the addendum on the spur-wheel, 
which, again, reduced the period of contact; such teeth are known as 
‘stub* teeth. This is not a satisfactory method. 

Increasing the pressure-angle reduces interference, and the angle 
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is usually 20° now instead of 14£°, which was more common formerly. 
The minimum number of teeth on a pinion gearing with a rack are 
32 for 14|° and 17 for a 20° pressure-angle. If two pinions of equal 
size are geared together the minimum number of teeth is 14 for 20° 
angle. 

The best method of avoiding interference is shown in Fig. 121, 
where the two wheels A and B have the same tooth numbers and 
pressure-angle as in Fig. 120. The addendum of A and the dedendum 
of B have been decreased so that contact ceases when the point Y 



\ 


Fig. 121 

is reached. The dedendum of A and the addendum of B have been 
increased, keeping the total height of the teeth the same as before. 
These have been termed ‘corrected’ teeth, and certain proportions 
have been standardized for particular cases. 

It must be noted that interference only occurs with small tooth 
numbers. As corrected teeth are slightly more trouble to manufac¬ 
ture they should only be used where necessary, e.g. when a compact 
single reduction of fairly large velocity ratio is required. 

§148. Corrected Teeth. A pair of gear-wheels with ‘corrected’ 
teeth are shown in Fig. 122; these are on a wheel A and pinion B of 
72 teeth and 18 teeth respectively, which conform to the standard 
for tramway gears (see § 142). In such gears it is desirable to make 
the reduction from motor to road wheels in one step, and to keep 
the dimensions of the gears within reasonable limits by using a 

L 


146 ELEMENTS OF MACHINE DESIGN 

small number of teeth on the pinion, at the same time using a 

strong tooth. 

For a given pitch the total tooth height is normal (2 x module), 
but the addendum is slightly more than twice the dedendum on the 
pinion. The tooth thickness on the pitch circle is no longer equal to 
half the circular pitch—as with the normal standard. 


i 



§ 149. Relative Sliding and Rolling. The relative motion be¬ 
tween the two mating surfaces of a pair of teeth is made up partly 
of sliding and partly of rolling. The former is liable to be injurious 
through leading to wear which may affect considerably the profile 
of the tooth. The way in which the amount of relative sliding or 
rolling varies is shown in Fig. 123. The path of contact QR has been 
divided into ten equal intervals, which represent equal portions of a 
fraction of a revolution, or equal time intervals; the corresponding 
points on the two contact surfaces of the teeth are shown. The spacing 
of these intervals is wider near the tip than near the root of a tooth; 
where spacing is equal, as near the pitch circle, practically pure 
rolling action occurs, but where the tip of one tooth is in contact with 
the root of the other the difference between the spacing represents 
relative sliding. Thus the space 0-2 on A is wider than the space 
0-2 on B ; and, while the point of contact on the teeth is moving 
from 0 to 2 on the line QR , there is rolling represented by 0-2*, and 
sliding of A over a portion of B represented by the excess of 0-2^ 
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over 0-2*; this obviously tends to produce greater wear on the flank 
of B than on the face of A. Similarly the face of B tends to wear the 
flank of A. The bad results from this uneven distribution of wear 
can be partially reduced by the use of stepped or helical gears. An 
increase in the number of teeth in contact also reduces the effect of 
wear, but this leads to a reduction in the strength of individual teeth. 

The tramway gears, shown in Fig. 122, illustrate how the ratio of 
rolling to sliding contact may be increased by altering the proportion 
of addendum and dedendum; the improvement results from the line 
of contact between the gears not being carried to the end of the 
common tangent to the two pitch circles. 



§ 150. Strength of Teeth as Cantilevers. A rough approxima¬ 
tion to actual conditions of loading on a tooth is illustrated in 
Fig. 124 (a), which shows a portion of a rack with a load P acting 
parallel to the rack at the tip of a tooth. If / is the stress in the tooth 

Pxh = fx ^6 t 2 . If more than one pair of teeth are in contact the 

distribution of the loading is not easily determined. Thus in Fig. 
124 (b) three pairs of teeth are in contact, the driving wheel exerting 
a total force P along the line of obliquity X Y. In the position shown, 
for equal forces between the three pairs of teeth, tooth E deflects 
more than A or C, but equally with B if the wheels are of equal size; 
if the driven wheel is greater in diameter tooth E is weaker than B, 
hence deflects more, in which case the loading between E and F 
cannot be as great as that between A and B. Again for equal loading 
the maximum bending stress in B must be greater than that in F . 

L 2 



148 ELEMENTS OF MACHINE DESIGN 

From the above it can be seen that, with n teeth in contact, the 

P 

most favourable condition will give a load of — on each tooth, while 

with unequal wheel sizes or slight variations in profile, due to errors 
in manufacture or to wear, the whole load P is liable to be carried 
by one tooth. In this case the greatest bending effect will occur if 

the whole load is taken when 
the tooth first picks up the 
load at the tip, as shown in 
Fig. 125. The tooth shown has 
a pressure angle of 20°, and 
24 teeth on the wheel; adden¬ 
dum = module, and deden- 
dum = addendum + clear¬ 
ance. The root thickness t 
has been measured at the 
commencement of the corner 
radii, and the corresponding 
lever arm h measured from 
the centre of this line per¬ 
pendicular to the thrust line 
ABC. The thrust line is 
always tangential to the base 
circle. 

As before, equating bending moment to moment of resistance 
Pxh =/x - 6 bt*. 

For a standard tooth profile and obliquity, h and t are directly 
proportional to the circular pitch p, hence the above expression may 
be written P = fxpxbxC where C is a constant whose value is 

t 2 

given by Cp = 

The breadth of a wheel is usually from 2 to 4 times the circular 
pitch, but this figure may be as high as 30 or 40 in the case of special 
helical gears with very accurate and rigid mountings. 

§ 151. The Lewis Formula. Mr. Wilfred Lewis in 1893 published 
a series of tables giving working loads for teeth based on the same 
expression as that given at the end of the last article. The value of 
the constant was obtained by drawing a tooth to a large scale, and 

the results were embodied in the expression C = (o-154 


912\ 
T I 
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where T is the number of teeth in the wheel. The above was for 20° 

pressure angle, while for 15° the expression was C = |o i24—~ j. 

Both these appear to have been modified slightly later, but, as the 
accepted values are given in all engineers’ pocket books, the point 
will not be considered further here. 



The following dimensions were obtained for the tooth shown in 
Fig. 125: 

Obliquity = 20° Circular pitch = 314 in. 

Number of teeth = 24 Arm h = 1*6 in. 

Pitch circle diameter = 24 in. Thickness t = 1*8 in. 

1 - 8 2 


Hence G = 


6x1-6x3-14 


= 0107. 


Thus the safe load for any wheel of 20° obliquity and 24 teeth is 
0107 xfxbxp , or if the module m is given instead of circular pitch, 
safe load = 0-336 xfxbxm . 

This formula does not apply to ‘corrected’ teeth, as shown in 
Figs. 227 and 228; for such teeth new values for the constant C must 
be calculated. For the wheel and pinion tooth numbers in Fig. 122 the 
‘ Lewis ’ values for C are 0-431 and 0-307 respectively; but by measure¬ 
ment the actual value of C is approximately 0-38 for both. 

§ 152. Other Factors affecting Strength and Wear. For the 
complete design of a suitable gear tooth many other factors than 
those mentioned above must be considered, e.g. hardness of the 
material and resistance to wear, efficiency of the lubrication, shock 
absorption qualities, in addition to the permissible stress. In many 
of these allowance can only be made empirically. 

It has been generally accepted that the value of the safe stress / 
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in the Lewis Formula should be reduced for high-speed gearing; 
several different expressions have been adopted, one fairly simple 
form making the stress vary as F“*, where V is the pitch line speed 
in feet per minute, thus 

/ = safe static stress X 

V V 

As repeated shock loads lead to early failure of metal by fatigue, 
backlash should be kept down; and it is reasonable to expect much 
longer life from carefully cut gears than from those of rough or in¬ 
exact finish. Torsional oscillations set up in that portion of the 
machine external to the gears may readily cause failure by fatigue 
(see reference in § 63). 

§ 153. Materials and Manufacture of Gear Wheels. Cast iron is 
the cheapest material and is quite suitable for wheels running at 
pitch line speeds up to 1,500 feet per minute; pinions are sometimes 
made of harder material than the mating spur wheel so that wear is 
approximately equal, and for very heavy loading cast steel is used 
for both pinion and spur wheel; cast steel is, however, more difficult 
to cast and machine. Mild steel case-hardened after the teeth are 


cut, or tool steel treated in the same way, are sometimes employed; 
the case-hardening considerably improves the wearing qualities of 
the gear but produces distortion which causes very noisy running at 
high speed. Finishing by grinding after hardening gives very good 
results; the teeth are hard enough to withstand considerable wear, 
and of such accuracy that high speeds can be employed without 
undue noise or overstress. Rawhide or compressed paper pinions are 
used, gearing with cast-iron or cast-steel spur-wheels which have 
only been comparatively roughly finished; they run very quietly. 
The rawhide is clamped between metal plates and the teeth cut 
through the whole, but the side plates do not engage with the spur- 
wheel. High carbon steel (0-3 to 0-5 per cent. C.), nickel steel, and 
nickel chrome steels are used where high speeds are combined with 
heavy loading; where a comparatively narrow face is used they can 
be hardened after cutting the teeth. Turbine reduction gears must 
not be hardened after cutting the teeth; the high ratio of face width 
to circular pitch can only be fully utilized if the teeth are perfectly 
true, and hardening always leaves some distortion. For high speeds 
with light loads bronze pinions with steel spur-wheels are sometimes 
used; the two dissimilar metals in contact give small friction losses. 

Formerly tooth shapes were cast, and the working surfaces finished 
by hand; large slow-speed spur-wheels (cog-wheels) were often built 
with wooden (hornbeam) teeth let into a cast-iron rim; such gears 
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ran well with very heavy loading but were not qf the vefy high 
accuracy necessary for high speed work. The modern type of 
machine-tool automatically generates a gear which needs no further 
trimming or ‘dressing’. One method, hobbing, has already been 
mentioned in Chapter II; two other methods are indicated in Fig. 
126 in both of which the cutter has a reciprocating motion. A wheel 
blank, shown at A, is rigidly attached to a vertical spindle, while B 
is a cutter in the form of a gear-wheel; this cutter can be reciprocated 



Fig. 126 


vertically and can rotate, while, by suitable gearing the wheel A 
can be rotated at the correct relative speed. By slowly rotating A 
and B together the vertical motion of B cuts the required teeth on A. 
The other type of cutter shown at C is in the form of a rack; in this 
case while reciprocating vertically the cutter moves slowly in the 
direction of the tangent line XY , while the wheel rotates, correct 
relative speeds being given by gearing. 

A further improvement in the production of precision tooth forms 
is the use of grinding; by this means very hard materials can be 
employed for the gears, and the serious troubles due to wear very 
largely eliminated. 

§ 154. Construction and Mounting of Gears. Some typical forms 
of gear-wheels are shown in Fig. 127. The first shown is frequently a 
stamping, though sometimes cast with spokes instead of a plain disk 
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centre; the form shown in Fig. 127 ( b) is for a pinion on a tramway 
drive. In both cases the gear-wheel is attached to the shaft by a 
key, in the latter case the bore being tapered, and in the former 
a plain cylindrical hole. Attachment by a single key on a plain 
cylindrical shaft is not sufficiently accurate for high-speed work, 
a splined shaft being better especially if the gear is to be allowed 



Fig. 127 


sliding motion as in a car gear-box. The coned fitting is very rigid 
and accurate for concentricity if carefully machined. In Fig. 127 (c) 
is shown a large spur-wheel made in two separate castings bolted 
together. Large spur-wheels may be conveniently made with a cast- 
steel hub and spokes, and an alloy-steel rim (as in Fig. 128); or the 
hub may be split and strengthened with shrunk-on steel hoops. 

In general, for slow pitch line speeds, strength is more important 
than absolute truth of profile, while for high speeds accuracy of 
profile, and in mounting, is most vital. Hardness to resist wear is 
important in both cases. The question of permissible inaccuracy has 
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Fig. 128 
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been considered at some length by Mr. Daniel Adamson in a paper 
read at the Institution of Mechanical Engineers (June 1916). 

Apart from the question of accuracy of tooth form the following 
points must be considered: sufficient length of boss to provide 
rigidity; stiffness of shaft carrying gear-wheel; and rigid connexion 
between the two shaft bearings; any appreciable deflexion of a shaft 
may tend to throw the load on to one corner of a tooth. 

In Fig. 128 is shown a form of shafting used to give flexibility 
between the first wheel and second pinion of a double-reduction 
gear for a marine turbine; this is sufficiently flexible to prevent 
propeller oscillation being transmitted back through all the gears. 
From the pinion on the turbine shaft the drive passes successively 
through the intermediate wheel X , the coupling at A, the central 
solid shaft AB , the coupling at B, and to the intermediate pinion 
at Y. The wheel and pinion are sufficiently rigid, but are connected 
by over six feet of relatively flexible shaft. 

The form of flexible coupling at B allows for exact location of the 
gear-wheels in their bearings with some axial freedom for the central 
shaft; an advantage both when installing and when temperature 
changes cause some slight variation in length. 

§ 155. Gear Trains. When power is transmitted from one shaft to 
another by a series of toothed gear-wheels, the wheels form a gear 
train. In a simple gear train there is one wheel on each axis, and the 
speed ratio between the two shafts depends only on the sizes (or tooth 
numbers) of the first and last wheels. Thus in Fig. 129 (a) the speed 
ratio between the shafts Y and X is D 0 j D F ; the same ratio can be 
obtained by the direct drive between wheels A and B, but the train 
comprised by C, D , E, F is more compact. In Fig. 129 (b) the direction 
of rotation is the same for both shafts X and Y ; the wheels P and Q 
produce the same result, but wheel Q must have internal teeth. 

In a compound gear train an intermediate axis may carry two 
wheels of different diameters, as in Fig. 129 (c). In this case the speed 
ratio is affected by the intermediate wheels, and much bigger reduc¬ 
tions in speed may be obtained. Thus the ratio of the speed of N to 

that of M is — X 

K Jti 

If the axes of the first and last wheels are coincident a reverted 
train is obtained (as in Fig. 129 (d)). In this instance the ratio of the 

X Z 

speed of W to that of Z is -Xy. 

In Fig. 130 a diagrammatic lay-out for a motor-car gear-box is 
shown. Shaft X is connected to the engine, and shaft Z to the road 
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wheels through the differential gear in the back axle. The inter¬ 
mediate or lay shaft Y is in constant gear, through wheels A and B ; 
and wheels C , E , and G are in constant rotation. 

Below is a table showing the speeds of the shaft Z when the dif¬ 
ferent gears are engaged: 

TABLE VI 



Wheels 



Speed of Z. 

Ratios of 

Gear. 

Engaged. 


Speed of A . 

r.p.m. 

Speeds. 

Bottom 

ABGH 



17 17 

X 1,000 = 266 






33 33 

439 

Second 

ABEF 



17 23 

33 * 27 x 1 , 000=439 

266 = 1 ' 65 
656 

Third 

Fourth 

ABCD j 


y 1,000 r.p.m. 

17 28 

3-3><22 Xl ’°° 0 = 656 

- = 1-50 

439 

or Top 

Direct 



1,000 

Reverse 

ABGRH 

> 


-266 

1 



In the position shown the extra wheel B is gearing with H and G 
giving a slow reverse speed; for all forward speeds B must be dis¬ 
engaged. The two gears F and H may be moved to the right giving 
bottom gear, or to the left giving second gear; while if wheel D is 
moved to the right third gear is obtained. If D is moved to the left, 
the dogs on the faces of A and D engage and direct drive is obtained. 

For facility in gear changing, it is essential that the ratio of one 
speed to the next should be approximately in geometrical progression. 
This can be seen if the necessary steps to a change of gear are con¬ 
sidered; thus to change from bottom to second speed, the speed 
of Z must be increased to something near 439 r.p.m. by increasing 
the engine speed to |||x 1,000 = 1650 r.p.m. If the gears G and H 
are now disengaged, and the engine and lay-shaft speeds allowed to 
drop to normal at the same time, wheel F can be slipped smoothly 
into gear with E . Similarly for the next change into third speed, the 
engine speed must be increased to 1,000 or 1,500 r.p.m. 

For the change in the other direction (e.g. from top to third gear) 
the lay-shaft speed must be increased before completing the step 
by bringing into engagement the next pair of gears; this is done by 
slipping the clutch in, while the gears are in the neutral position, and 
slightly speeding-up the engine; and is known as double declutching. 

§ 156. Epicyclic Gear Trains. In an epicyclic gear train one or 
more of the axes revolve in a circular path, and usually one of the 
wheels is fixed. Thus, in Fig. 131 (a), A is an arm on the end of a 
shaft co-axial with wheels B and E \ pinions C and D rotate to- 
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gether on a spindle which is carried in the end of A ; wheel B is 
fixed to the gear casing. As the shaft to which A is attached revolves 
pinion C rolls on wheel B and pinion D rolls on wheel E. If C and D 
are nearly equal in size, with D the larger, the wheel E revolves 
slowly in a direction opposite to A ; if D is smaller than C, E rotates 
in the same direction as A. C and D are sometimes termed planet 
wheels and B and E sun wheels. 




To determine the ratio between the speeds of A and E, the relative 
speeds are first determined with the arm fixed, and the sun wheel B 
free to revolve; then the whole gear train is assumed to be rotated 
about the axis of B sufficiently to bring B virtually to rest; the result¬ 
ing revolutions for A and E give the required figures. This can be 
well shown in tabular form; thus, in the table below, the letters 
stand for the numbers of teeth in each wheel. 


Table VII 


Line. 

Condition. 

Revs. of 
A. 

Revs, of 

B. 

Revs, of 

C and D. 

RcV 8. of 

E. 

1 

. 

A fixed. B -f 1 rev. 

0 

+ 1 

B 

C 

B D 

+ C X E 

2 

Add —1 rev. to all 

-i 

0 


♦S-* 

3 

Multiply by 100 

-1000 

0 

- 





158 


ELEMENTS OF MACHINE DESIGN 


From the above, if A makes one revolution, E makes — 1 j 

revolutions; E moves in the same direction as A if lj is 

negative, and in the reverse if — 1 j is positive. 


The big reduction in speed which can be effected is seen if a 
numerical example is taken: 

(a) If B 9 Cy Dy and E have 51, 20, 21, and 50 teeth respectively 
and speed of A is -1,000 r.p.m. 

From the table above, while A makes — 1 revolution, E makes 


+ 


\CE )’ 


or + 


/51X21 
\20x 50 


11 which is + JjL revolution. if A 


makes —1,000 r.p.m., wheel E makes +71 r.p.m. 

(b) If By 0, Dy and E have 50, 21, 20 and 51 teeth respectively 
and speed of + is + 1,000 r.p.m. 

Speed of E is — lj X 1,000 or— — lj X 1,000,i.e. 


speed of E - +66 r.p.m. 

Where such gear trains are used to transmit heavy loads it should 
be noted that there is a heavy torque tending to rotate the fixed 
wheel, the following equation being true: 

Input torque on ++reaction torque supplied by B — output 
torque in E. 

A well-known application of this form of gear is found in the earlier 
type of ‘Ford’ motor-car; part of the gears is shown in Fig. 131 (b). 
The flywheel F and pin Q correspond to the arm + ; the three planet 
wheels 0 , H , and K are locked together but revolve freely on Q; 
the three sun wheels M, N, and P are attached to sleeves m, n y and p. 
The sleeve p is connected direct to the drive to the rear wheels, 
while m and n are connected to two drums either of which may be 
locked by a form of brake band, to give slow forward or slow reverse 
movement. 

If m is locked the arrangement corresponds to condition (a) above— 
slow reverse, and- if n is locked, to condition (b )—slow forward; 
wheels K and P correspond to D and E in both cases. The tooth 
numbers are given in the diagram, and the gear reductions may be 
readily obtained by the method shown above. 

A ‘spur differential’ (Fig. 132) is another form of epicyclic gear. 
This is used in the rear axles of motor vehicles to enable the driving 
wheels to revolve at different speeds while the car is turning a 
comer and, at the same time, being driven by the engine. Wheels + 
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and B are attached to two separate ‘ live 5 axles, while pinions C and 
D gear with A and B respectively and with each other; the pinions 
are carried on a crown bevel-wheel, or a worm-wheel, which is driven 
by the engine. 

An application of this form of differential is shown in Fig. 137, four 
sets of pinions being used. 



§ 157. Lubrication of Gears. As there is some sliding action be¬ 
tween mating teeth, gears should always be lubricated, grease or oil 
with high viscosity being used at low speeds and heavy loads; and 
thinner oils for high speeds. Even at moderate speeds considerable 
power may be lost in friction if the gears are allowed to revolve 
immersed in oil, but the method is the cheapest and simplest; most 
car gear-boxes are so arranged, the oil level usually being sufficient 
to immerse the lower half of the lay-shaft gears (see Fig. 130). 

For high speeds and heavy loads—as in turbine reduction gears— 
oil is sprayed on to the teeth just before engagement and then 
drained to a sump in the gear-case; viscous friction is thus reduced. 

Raw hide pinions are best lubricated by graphite mixed with an 
animal oil—mineral oils are unsuitable. 

§ 158. Stepped and Helical Gears. If a normal spur-gear is 
divided into a number of thin lamina or slices by planes perpendicular 
to the axis, and these lamina are reassembled with a slight angular 
displacement between succession layers a stepped wheel is obtained 
(Fig. 133 (a) and (6)). The chief advantage of such a gear-wheel, 
smoother running, is due to the more uniform distribution of wear. 
This can be followed by referring to Fig. 123 and § 149, where it was 
shown that the greater part of the wear occurred below the pitch line. 


160 


ELEMENTS OF MACHINE DESIGN 


In the stepped gear, if the tooth C is making contact with its mating 
tooth at point 8 (see Fig. 123), tooth D is making contact about 
point 6, tooth $ at 4, and so on. Then, if wear commences at the 
lower part of tooth ( 7 , the pressure is relieved and more load is taken 
by the other teeth, checking further wear on C. Slight irregularities 
of tooth profile have less effect in such a gear; but great accuracy is 
necessary to ensure the two mating wheels being correctly spaced. 

If the number of lamina is continually increased, and the thickness 
of each decreased the single helical gear (Fig. 133 (c)) is obtained. 
Helical gears can be cut with accuracy almost as easily as straight 
spur-gears, and are largely used for heavy duty transmission gears. 
The single helical gear has considerable end thrust, and the double 
helical form (indicated in Fig. 128) is more common. In Fig. 134 are 
shown two arrangements of marine reduction gears, in each case 
double reduction being effected; double helical teeth are used 
throughout. The pinions T are on extensions of the turbine shafts, 
and drive the intermediate wheels W ; from the intermediate shafts 
the pinions P drive the wheels S which are connected to the propeller- 
shaft. Of the forms shown one takes up more floor space but pro¬ 
bably allows for a more rigid mounting. Perfect alinement of the 
shafts in their bearings, and absolute rigidity of the gear-case are 
essentials for smooth running of these gears. Further detail of an 
intermediate shaft is shown in Fig. 128, and has been discussed in 
§154. 

§ 159. Bevel Gearing. The basis of a bevel gear-wheel is a friction 
cone. In Fig. 112 the contact surface A corresponds to the pitch 
cylinder of a spur-wheel, and in all bevel gears the relative motion 
is equivalent to that produced by two friction cones. Cycloidal and 
involute teeth can be used for bevel gears, the correct shape being 
projected on to the developed surface of the back cone B (see Fig. 
112). 

In Fig. 135 is shown a pair of bevel wheels giving a two to one 
reduction between two shafts at right angles to each other. The 
pinion B is fitted with a bronze bush, and with a claw coupling of 
four dogs or projections; by means of a sliding coupling the drive 
can be transmitted to B from the shaft, which would otherwise rotate 
freely in the bush. B drives A which is keyed to the vertical spindle 
of a winding drum; the skirt or rim attached to the periphery of A 
serves for a braking surface. The module pitch of 04 in. is measured 
on the maximum diameter of the pitch cone. 

For smooth and silent working, the gears must be accurately 
maintained in position. Lubrication is difficult to arrange as it is 
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not practicable to run either wheel partially immersed in oil, and 
any excess oil would be liable to interfere with the efficient working 
of the brake. 

Bevel teeth may be cut by a generating process with a reciprocating 
cutter, either straight or helical; especial accuracy is essential when 
mounting spiral bevel wheels. For calculation of the strength of 



bevel teeth the mean dimensions of a tooth should be used, and the 
same method as applies to spur-gearing can be adopted. 

With all bevel drives there is a definite end thrust, for which proper 
provision must be made, either by a ball-bearing or by a plain type 
thrust-bearing. 

§ 160. Skew and Spiral Gears. When gears are required to con¬ 
nect two shafts which neither intersect (as with bevel gears), nor are 
parallel (as with spur-gears), the pitch surfaces are hyperboloids (see 
Fig. 136 (a)). If such surfaces are used for a friction drive it may be 
shown that there is sliding in a direction parallel to the lines along 
which the teeth would lie. A pair of skew bevels is indicated at the 
left hand of the diagram, but the more usual form is shown in Fig. 
136 (6), where the portions of the hyperboloids of minimum diameter 
have been utilized. Helical gears very closely approximate to this 
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form of skew or spiral gears and are often employed, but do not give 
true contact along a line but only on a point. True skew gears are 
not easy to manufacture, and need very accurate setting; they are 
rarely used in practice. 

The term spiral gear appears to be used somewhat loosely at times 
and it would be best to avoid any ambiguity by using the word 
‘skew’ to describe any gears based on the hyperboloid, and ‘helical' 
for gears based on a cylindrical pitch surface. A ‘spiral’ bevel wheel 




would be based on a conical pitch surface, with teeth conforming to 
a spiral on the cone. 

§ 161. Worm Gearing. A worm and worm-wheel may be con¬ 
sidered as a special case of a skew gear, with a big gear ratio; but 
the complete study of the best form of worm and wheel tooth is too 
complex to be considered here. A typical form of this drive is shown 
in Fig. 137, which gives some of the details of the back axle of a 
heavy road vehicle. The worm is cut in the solid on shaft AB y the 
drive from the engine being connected to the splined end at B ; the 
dotted lines indicate a ball-bearing supporting this end, and part of 
the spider of a flexible coupling. The worm-wheel consists of a bronze 
rim W bolted between cast side plates E ; the latter serve as bearings 
for the live axles C and D, and are themselves supported in ball¬ 
bearings. (There is no relative motion between the live axles and the 
side plates E except when turning a comer.) The four pairs of pinions 
O carried on pins attached to the side plates, with the two spur- 
wheels on the splined ends of the live axles, form the differential 
gear which permits partial freedom of action for the road wheels. 

















CHAPTER X 

'design and analysis of machine elements 

A. SHAFT COUPLING 

§162. General Considerations. Fig. 138 shows a design for a shaft 
coupling to connect two 2-in. diam. shafts. The torque exerted by 
shaft X is transmitted through the key to flange A , thence by the 
bolts to flange B , and so by the other key to shaft Y. The part which 
each component of the complete coupling plays in this transmission, 
and the nature of the loading to which it is subjected must be kept 
in mind when considering the design in detail. Each component 
must be of sufficient strength and should be of a form simple to 
manufacture. The whole must be convenient for assembly. 

§ 163. Details of Component Parts. The basis of the design is 
two disk-shaped flanges each of which can be attached to a shaft 
end, while the two can be bolted together; each disk or flange needs 
a boss of sufficient length to take up the load from a key, and to 
avoid the possibility of rocking on the shaft. The shrouding or ex¬ 
tended rim on the back of each flange is a necessary protective 
device, to obviate risk of injury to workmen through clothing 
catching in the projecting bolts. This is a most essential precaution 
on all rotating shafts, as there is always a possibility of workmen 
being engaged close by while the shaft is running, and under such 
conditions it is not always noticeable that there are projections on 
a revolving part; complete enclosing of the entire coupling in 
smooth-finished sheet steel is safest, and is sometimes used. 

Machined faces for contact between the two flanges are necessary 
to ensure a rigid connexion and, by restricting the actual contact to 
rings at the edges of the flanges, the amount of machining required 
is considerably reduced, while a more rigid contact, with no tendency 
to rock, is assured. In the design shown a spigot is provided on 
flange A entering a corresponding recess in B, to ensure exact aline- 
ment of the two shafts, a more satisfactory method than relying on 
the truth of the bolts and bolt holes. It is a sound principle to 
separate the two independent functions ; i.e. the spigot deals with the 
question of alinement, while the bolts have only to withstand the 
shear load due to the torque transmitted. The spigot must bear 
only on its cylindrical surface, and must have definite clearance in 
an axial direction. 

Turned bolts, carefully fitted, should be used to prevent any play, 
which might lead to vibration and hammering action on the bolts 
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with ultimate failure from fatigue. It should be noted that the 
machined contact surface of each flange is carried round each bolt 
hole, so that the torque load produces pure shear; if there were a 
clearance between the flanges here the bolts would be under a bending 
action in addition to a shearing force, producing a considerably 
higher resultant stress. 

A sunk key of standard proportions should be used, and must be 
a good fit at the sides as well as top and bottom; the crushing load 
between the key and side of the keyway in the flange must be con¬ 
sidered, on account of the relative weakness of the flange material. 
It is advisable to provide a small radius at the bottom of the keyway, 
a sharp internal angle being a source of weakness. Failures of bosses 
keyed to shafts are worth studying, and are often found to be due 
either to hammering on account of slack lateral fit, or to a crack 
starting at the sharp angle at the base of the keyway. Clearance 
between the shaft ends themselves should always be left. 

§ 164. Manufacturing Operations. The cast flanges are usually 
at least rough machined all over, though the recess on the face may 
sometimes be left rough as it leaves the foundry; the boring of the 
boss, the machining of the contact ring and the machining of the 
spigot surface and the corresponding recess must be finished accu¬ 
rately; especial care being taken that the shaft hole and spigot 
surface are truly concentric, and that both are square with the con¬ 
tact surface on the face of the flange. The keyways in the flanges 
are slotted. The bolt holes are best drilled small, and reamered to 
size, while the two flanges are held together on a mandril; spot facing 
the bolt holes with a pin-bit ensures perfectly steady seating for the 
nuts and bolt heads. 

The keyways in the shaft ends are milled with an end mill, and the 
keys finished close to size by shaping, being finally fitted accurately 
by hand. As mentioned above, exact fitting of the key is most es¬ 
sential for steady running. In general, the assembled coupling should 
present an outside surface as smooth as possible, and should not 
be out of balance especially in the case of high speed shafting; 
though there should be no risk of want of balance if all machining 
is carried out based on a shaft hole and contact ring true with each 
other. 

§ 165. Materials. There is little variety of choice of material in 
this case. The flanges are of cast iron, the cheapest material, and 
one of sufficient strength; the small saving in size and weight which 
might be achieved by using cast steel or a mild steel stamping would 
be outweighed by the additional cost of manufacture. The keys and 
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bolts are of mild steel, there being no need for a stronger (and 

usually more expensive) steel. 

§ 166. Stresses in Various Parts. All parts should be as strong as 
the shaft for transmitting torque, and allowance should be made for 
the possibility of a bending action on the shaft causing additional 
stress in the bolts, if the coupling is not close to a bearing. 

Using the ordinary relation between torque and stress we can 
calculate the maximum torque which a 2-in. diam. shaft takes if the 
maximum permissable shear stress is 3 tons per sq. in. 

7rd 4 

Thus, the polar second moment of the shaft is = 1-57, hence * 

we have = 3/? from which T = 4*71 ton in. 

The maximum stress occurring in each component part while trans¬ 
mitting this torque can now be calculated. 


A. Shearing stress in key. 

At 1 in. radius the tangential force required 
Area under load = 2£ X f = 1 -4 


Torque 

Radius 


4-71 tons. 


Hence mean shear stress 


4-71 

14 


3*36 tons per sq. in. 


B. Crushing stress at key. 

(а) Between key and shaft (depth of keyway in shaft=0*1556 in.), 

(б) Between key and flange boss (depth in boss=0*2194 in.). 


(a) Area resisting load = 2^x01556 = 0-35 sq. in. 
Load acting = 4-71 tons (as above). 

4-71 

Hence crushing stress = “134 l° ns P er sq. in. 

v/’OO 

(h) Area resisting load = 2Jx 0-2194 = 0 494 sq. in. 
Load acting = 4*71 tons. 

471 

Crushing stress = = 9*5 tons per sq. in. 


C. Shear stress in holts. 

If load on each bolt = F tons. 

Fx3 in.x4 = Torque = 4-71, F = 0-39 tons. 


Cross-sectional area of each bolt = gd 2 = 0 4418 sq. in. 

0*39 

Shear stress in each bolt = = 0*89 tons per sq. in. 
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D. Crushing Stress between bolt and flange. 

Bearing area of one bolt = 0-75x0-75 = 0-5625 sq. in. 
Load on each bolt = 0-39 tons. 


Hence crushing stress 


0-39 
0 5625 


= 0-69 tons per sq. in. 


§ 167. Notes on above results. 

A. The key shear stress is slightly higher than that assumed for 
the shaft, but, whereas the shaft is often subjected to bending stresses 
in addition, there is no additional stress in the key; the figure ob¬ 
tained is well within the margin of safety. 

B. The crushing pressures appear to be high, but are safe under the 
particular conditions; the key is supported all round, so cannot flow 
laterally, and can safely resist a high bearing pressure, while the 
frictional grip between the coupling and the shaft usually prevents 
the whole torque being thrown on to the key. 

C. The shear stress in the bolts appears to be very low; it must, 
however, be remembered that there may be considerable tensile 
stress, of an indeterminate value, already in the bolts due to (a) initial 
tightening of the nuts, (b) any behding action to which the shaft 
may be subjected. In addition, even with turned and fitted bolts, 
there is never a certainty that each bolt is carrying its share of the 
load. 

D. The crushing stress at the contact between bolt and flange is 
very low, and needs no further consideration. 

It appears that the design is well proportioned, no part being 
exceptionally weak nor unnecessarily strong. For comparative 
purposes the stress of 3 tons per sq. in. in the shaft sufficiently 
illustrates this balance of proportions, but the normal maximum 
stress in such shafting is usually lower than this figure, being about 
1J to 2 tons per sq. in. 


B. STEERING-FORK 

§ 168. Function of the Part. The diagram Fig. 140 shows the 
position of the steering-fork relative to other parts of the steering- 
gear on the vehicle (motor-lorry) to which it belongs. E is a spindle 
which is mounted on fixed bearings, and carries the steering-wheel 
at its upper end, and a worm D near its lower end; rotation of the 
spindle raises or lowers the nut C on the worm. The fork A (see also 
Fig. 139) embraces the nut and is oscillated about its axis as the 
nut moves, the arms of the fork being free to slide in slotted disks 
B which are recessed into, and free to rotate in, the sides of the nut. 
The steering-arm F is keyed to the fork-shaft and operates the bar 
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0 which is connected to the front-wheel stub axles. The fork-shaft 
is carried in ball-bearings, and the whole gear comprising fork, nut, 
and worm is housed in a steel 
casting, allowing for ample 
grease lubrication and keeping 
all dust proof. The inner ball 
races are a light driving fit on 
the fork-shaft, and the outer 
races a sliding fit in the housing; 
in addition to the key in the 
cone, the steering-lever is locked 
by a nut, with a split pin. 

§ 169. Materials and Manu¬ 
facturing Operations. The fork 
is a stamping of alloy steel, and 
is accurately machined as de¬ 
tailed on the drawing. Newall’s 
Standard Limits are worked to 
throughout (see § 49). 

A finish by grinding is essen¬ 
tial for the parts on which the 
ball races fit, and is best for the 
span of the fork fitting on the nut 
disks, to ensure free movement with minimum of clearance. It must 
be noted that grinding, in such parts as these, is almost as quick and 
as cheap as milling, with the additional advantage of great accuracy 
being possible. Any play in such parts would lead to a slight lag in 
steering, which would be dangerous when driving in congested traffic ; 
and, as the front wheel of a vehicle is subject to heavy and indeter¬ 
minate lateral forces when running over rough roads or those with 
loose surfaces, serious impact forces would be transmitted to the 
steering-gear if slackness were allowed at any part of the gear. 

Fitting ball-bearings to such parts as the fork and worm has two 
marked advantages; reduction of frictional resistance and reduction 
of clearances. The amount of movement of each of the shafts in the 
gear is small but frequent, and the problem is essentially one of 
‘ starting ’ friction at the bearings; the resistance of ball-bearings is 
as low at starting as when running at speed. With ball-bearings the 
radial play required is nil, while the axial clearance can be much 
smaller than is necessary with a plain cylindrical bearing; in addition, 
there is no risk of wear of the bearings giving trouble after the gear 
has been in use some time. 





Fig. 140 



172 


ELEMENTS OF MACHINE DESIGN 


Apart from those surfaces marked / no machining is required on 
the stamping. Before grinding, a heat treatment suitable for the 
particular steel used would be given to the piece, toughness rather 
than hardness being the aim. 

§ 170. Stresses. Rigidity and toughness are the essential require¬ 
ments of the steering-fork. It is not easy to state a possible maximum 
load; probably the worst case likely to occur would be due to the 
front wheel of the vehicle striking a roadside curb. All that can be 
done here is to determine whether all parts of the fork are of ap¬ 
proximately equal strength; for this purpose a load of 1 ton, acting 
tangentially on the end of the fork-prongs, will be assumed, and the 
following stresses calculated: 

(a) Bending at root of prongs. 

(b) Bending at junction of fork with shaft. 

(c) Twisting of shaft on If in. diam. 

(d) Shearing of key. 

(e) Crushing of key in side of keyway. 

(a) Bending moment = lx2|- = 2-625 ton in. 

Total modulus of section for arms = —- = 0-326 in. 3 

6 

2-625 

Max. bending stress = = 8-05 tons per sq in. 

U*uijD 

(b) Bending moment = 1x4 = 4 ton ins. 

rp -p i* f Xl| 3 +3X J 3 A OA O 

/ for cruciform section = -— - = 0-242 

y (max. distance from neutral axis) = 0*75 in. 

4 X 0-75 

Max. bending stress = -r^- = 12-4 tons per sq. in. 


(c) Twisting moment = 1x5 =5 ton in. 

7T X 1 f ^ 

J (polar second moment of shaft) = —*- = 0-925 
Radius of shaft = 0-875 

Max. shear stress = —= 4-73 tons per sq. in. 
0-925 


(d) Shear force on key = 


0-875 


approx. =5-72 tons. 


Area resisting shear = If x J approx. = 0-875 sq. in. 


Shear stress = 


5-72 

0-875 


= 6-53 tons per sq. in. 
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(e) Load on key = 5*7 tons. ■' 

Area supporting load = If X T 3 g in. = 0-328 sq. in. 

Bearing pressure on side of keyway 

= 5-7/0-328 = 174 tons per sq. in. 

§ 171. Summary. On account of the slightly smaller mean radius 
of the coned portion of the shaft the actual maximum twisting stress 
on the shaft and shear stress on the key would be slightly higher 
than those calculated. There would also be a bending stress in the 
shaft, but of small amount on account of its stiffness and short length. 

Allowing for this the stresses obtained show a reasonable equality 
of strength at all parts, with a factor of safety, for the assumed load, 
of about 2\ to 3 for tensile stresses, and of about 3 to 4 for shear 
stresses. 

The bearing pressure on the side of the keyway is high but not 
serious; the grip on the coned shaft is very good, and it is unlikely 
that the key would be subjected to the full load. 

C. PLUMMER BLOCK 

§ 172. Purpose of the Bearing. The Plummer Block or Pedestal 
Bearing (Fig. 141) is an independent shaft-bearing adapted for bolting 
to a horizontal support whether on a masonry wall, a steel girder 
forming part of a workshop framing, or on a large machine base. 

The bearing is arranged so that the shaft may be readily removed, 
if desired, without dismantling or moving the base; also the design 
provides for ample rigidity, for replaceable and adjustable brasses, 
and for definite lubrication. 

The design of the whole bearing may be considered by studying 
the reasons for the proportions and materials of each component 
part. 

§ 173. Brasses. These are mainly circular in cross-section; flanges 
are provided at the ends to prevent movement along the shaft, and 
the surfaces at the ends of the steps, in contact with the outer casting, 
are octagonal in cross-section, to prevent rotation of the steps with 
the shaft; these flats are machined, but the circular outer surface 
of each brass between them is left rough. The brasses are of cast 
gun-metal. 

§ 174. Base. The shape of the base must provide for fixing to its 
support, for rigid positioning of the brasses, and for bolts to secure 
the cap in position; rigidity of the bearing as a whole is a prime 
essential and weight is no disadvantage. A machining strip is pro¬ 
vided round the edge of the base, which allows for steadier bedding 


















DESIGN AND ANALYSIS OF MACHINE ELEMENTS 175 

on the support, and reduces the amount of machining. The portion 
containing the brasses has octagonal contact surfaces corresponding 
to those on the brasses, and these are machined carefully; there are 
machining surfaces on the flanks of the base also, for contact with the 
inner surfaces of the end flanges on the brasses. The elongated holes 
for the holding-down bolts and the holes for the cap-bolts as well as 
the square recess to contain, and prevent rotation of, the cap-bolt 
heads are all cored out in the casting. The base and the cap are of 
cast iron, which is the cheapest material and of ample strength for 
the purpose. 

§ 175. Cap. The cap or keep is bolted dowm hard on the top brass, 
and is fitted with machined surfaces corresponding to those on the 
brass. It should just clear the base so as to be free to adjust its 
position by the top brass which is in turn positioned by the base. 

Bolt-hole bosses are provided on the cap and the base to allow for 
finished surfaces on which the nuts can bed fairly. It should also be 
noted that, as with most cast parts, all internal angles, except where 
machined, are left with a fillet or radius. 

The cap-bolts are standard Whitworth square-headed bolts of 
wrought iron or mild steel; they must be an easy fit in the cap and 
base. 

§ 176. Lubrication. A bottle lubricator is to be used for the 
bearing; this consists of a small bottle, a double-ended cork or plug, 
and a straight piece of copper or brass wire of about in. diameter; 
the plug can fit into the J-in. diameter hole in the bearing cap as well 
as in the neck of the bottle and is bored slightly larger than the wire; 
when in position the bottle, containing the oil, is inverted, and the 
wire passes through the plug resting lightly on the journal surface. 
Capillary action prevents oil running freely through the space round 
the wire in the plug when the shaft is stationary, but the vibration 
of the wire when the journal is rotating causes the oil to flow' gradually 
down on to the journal. Frequently shallow grooves are cut in the 
surface of the upper brass to assist the distribution of oil along the 
length of the bearing. 

§ 177. Evolution of the Design. Tracing the evolution of the 
bearing from a plain hole in the machine frame to the relatively 
complex form of the plummer block is comparatively easy, and helps 
to explain the various features in its construction. The first step is 
to make the bearing a separate piece from the main frame; then, to 
provide for easy replacement when wear has occurred, a separate 
bush is provided, and next, to permit of easy removal of the shaft, 
the bush is split, so forming the two brasses; this also facilitates the 
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operation of taking up wear of the bearing surfaces. Thus at this 
point there is a separate block carrying a split bush or pair of brasses. 
To bolt the base block on the main machine frame extensions forming 
the base of the plummer block must be provided, and to hold the 
brasses in place a separate cap or keep is needed; the cap requires 
a pair of bolts to hold it in position, the effect which the necessity 
for these bolts has on the form of the cap and base being apparent in 
the plan view. The reasons for providing narrow octagonal sectional 
ends to the brasses are to prevent rotation with the shaft, to reduce 
machining as far as possible, and to give steady bedding of the brass 
in the base block. Flanges are added to the brasses to prevent axial 
movement. Recessing the head of the cap bolt prevents rotation of 
the bolt and avoids any projection beneath. The addition of extra 
thickness for machining wherever contact occurs and of means for 
lubricating the journal completes the evolution of the design as 
shown. 

§ 178. Calculations required. Such a machine part can be 
designed only by empirical rules rather than any calculations of 
stress; rigidity is more of an essential than strength. The only cal¬ 
culation which can be employed is that based on safe bearing- 
pressure, and the basis for this must obviously be empirical. 

It is found that the bearing pressure must be reduced for higher 
speeds. Thus one authority states that the product of pressure 
(lb. per sq. in.) and rubbing speed (feet per min.) should not be more 
than 42,000. 

For this particular bearing, if the speed of rotation of the shaft is 
200 r.p.m., the rubbing speed is 200x27r x y| = 131 feet per min. 


Then max. bearing pressure 


42,000 

131 


320 lb. per sq. in. 


(this is always measured on the projected area of the bearing surface). 
Max. permissible load = 320x2Jx4J = 3,400 lb. 


D. ROPE DRIVE FLYWHEEL 

§ 179. An electric motor is employed to drive a rolling mill, the 
power being transmitted by cotton ropes. The motor is rated at 260 
horse-power, which is the normal power required, but is capable of 
taking a 40 per cent, overload for a short time. The mill is liable to 
require excess power up to 420 horse-power for a maximum duration 
of 10 seconds; the mill-shaft rope pulley must supply the excess 
power with a drop of speed not exceeding 10 per cent, of the mean 
speed. The normal speeds of motor and mill shaft are 400 r.p.m. 
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and 90 r.p.m. respectively. Ropes of 1£ in. nominal diameter with 
a maximum load of 382 lb. may be used; weight, 0-6 lb. per foot run. 
Coefficient of friction between rope and pulley is 0*2. Angle of pulley 
groove is 45°. 

Design the flywheel, which is to be cast in two halves, showing 
detail of the joints at the rim and boss. 

§ 180. Diameters of Pulleys. [It is found in practice undesirable 
to reduce a pulley diameter below 30 X rope diameter. 

Then motor pulley diameter = 30 X1J in. = 3 ft. 9 in., 

and mill-shaft pulley diameter = X 3 ft. 9 in. = 16 ft. 8 in. 

t/U 

Also linear speed of rope = 400 x3f Xv ft. per min. 

= 4,710 ft. per min. 

§ 181. Number of Ropes required. The load in one rope due 

w 

to centrifugal action is given by T 3 = —- 

0-6 x 

32-2 
- 115-6 lb. 

T a 9 

The ratio of effective tensions is given by \og e -~ = - 4 - — 

12 sin ct 

_ 0 -2X77 
sin 22\ 

(it is assumed that the angle of lap will be approximately 180° on 
the motor pulley), 

then log e = 1 64; and J- 1 = 5-15. 

1 2 J 2 

The maximum effective tension T 1 is given by T 1 = T max —T a = 
382-115-6, i.e. T 1 = 2664. 

„ m Tj 2664 , 

Hence T~ = —= 51-7 lb. 

2 5-15 5-15 

Horse-power transmitted per rope 

_(r t - r,)xF 

33000 

_ (2664-51-7) X4710 
33000 



= 30-7. 
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Hence minimum number of ropes required 

_ maximum motor horse-power 
30*7 

_ 260x14 
30-7 

= 12, say. 

§ 182. Cross-section of Rim of Pulley. The motor has a maxi¬ 
mum output of 1 4 x 260 or 364 horse-power; when the demand rises 
above this, the mill-shaft pulley acts as a flywheel and supplies the 
excess work, dropping in speed at the same time. 

Excess energy required = (420— 364) x 33000 X ~ 

= 308,000 ft.-lb. 

If W = weight of pulley rim in lb., 

v x — normal linear velocity of rim in feet per sec., 
v 2 = minimum linear velocity of rim in feet per sec., 
then v z must be not less than ^ v v 

4710 , 


where 


v x = —= 78-5 feet per sec., 


W 


-v 2 2 ) = 


308000. 


If v 2 is 0-9x78-5 = 70-65 feet per sec. 

(V-ty 2 ) = 1170-8, 

, „ r 308000x2x32-2 

„„d w - — 

= 16,9001b. 

In the above calculation the rim weight is assumed concentrated 
at the rope centre line; actually the mass centre of the rim cross- 
section is about 1J in. inside the rope centre line, and the effective 
radius is 8 ft. 2\ in. instead of 8 ft. 4 in. Hence the weight required 
/100\ 2 

is 16900 X ( or 17,400 lb. 


/my 


Cast iron weighs 450 lb. per cu. ft., and the mean circumference 
of the rim may be taken as 277 x 8 ft. 2\ in., or 51 -6 feet. 

Hence required cross-sectional area = - 

^ 450x51*6 

= 0*75 sq. ft. 

= 108 sq. in. 

§ 183. General Construction of Rim. The proposed cross-section 
of the pulley rim is shown in Fig. 142, and is approximately 115 
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sq. in. in area. The shape of the grooves is in accordance with usual 
custom. Details of the method of bolting the wheel together are 
shown in Figs. 142-4, The exact loading in the bolts is indeter- 



I 


Fig. 143 

minate, but a rough figure may be obtained by assuming that the rim 
bolts take all the bursting load in the rim due to centrifugal action. 

If d - weight of cast iron per cu. ft., w x -= weight of rim per ft. run, 
and A - area of cross-section of rim in sq. ft., 

w v 2 

then bursting load in rim = -A— as for the rope (see § 133) 

_ dAv 2 

g 

For cast iron d = 450 lb. per cu. ft. 
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For the rim section shown, 

area of cross-section = j^sq. ^ > 

lxi • 

85 - 

and linear speed at mass-centre = 78-5 X — 

°3 

= 77-5 ft. per sec. 

, , 450x 115x(77-5) 2 

Bursting load =-- -— 


= 67,100 lb. 



Minimum area of four 2-in. diam. bolts = 4x2 31 = 9-24 sq. in. 
67100 

Stress in bolts = = 7,260 lb. per sq. in. 

This is somewhat higher than normal, but is well within safe 
limits; care should be taken to ensure that the initial tightening 
stresses are not excessive. 

Details of the spokes and hub are given in Figs. 142 and 143. 
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E. TWISTING STRESSES IN A CAM-SHAFT 

§ 184. Given the details of a cam-shaft operating the eight valves 
of a four-cylinder petrol-engine, it is required to determine the varia¬ 
tion in turning moment during one revolution. The following par¬ 


ticulars apply to all cams and valves : 

Maximum cam-shaft speed .... 1,000 r.p.m. 
Cam base circle diameter . . . . . 0-8 in. 

Lift of cam.0*26 in. 

Radius of nose of cam . . . . . 0*24 in. 

Follower roller diameter . . . . . 0-72 in. 

Equivalent weight of valve, tappets, &c., at roller 140 lb. 
Stiffness of spring . . . . . . 60 lb. per in. 

Compression of spring, valve shut . . . 0-70 in. 

Compression of spring, valve open . . . 0-96 in. 


Clearances between tappet and valve ignored when determining 
spring load. 

Allowing for clearance on exhaust valve of 0 008 in., and clearance 
plus masking on inlet valve of 0 03 in., the effective valve openings 
are: 

Inlet valve 100° of cam-shaft. 

Exhaust valve 120° of cam-shaft. 

§ 185. Displacement, Velocity, and Acceleration Diagrams. In 
Fig. 145 is shown part of the cam profile PBS and the locus of the 
roller centre ABODE (relative to the cam) for the quarter revolution 
ending at the point of maximum lift. The cam centre is at 0 , and Q is 
the centre of curvature of the nose. Radial lengths from the arc 
ABFO to the roller centre locus (e.g. x 65 at 65° from the datum line 
OA) give the lift of the roller centre after the cam has turned through 
the corresponding angle. 

These radial intercepts, measured at 5° intervals and plotted, give 
the lift or displacement curve in Fig. 146. To ensure greater accuracy 
at the change of curvature the line BC is shown extended to N and 
the arc EDO carried back to M ; this enables the curve b x c x to be 
carried to n lf and e{ d x c x back to m v and makes easier the deter¬ 
mination of the exact shape of the velocity curve at c 2 . 

The slope of the lift curve gives the rate of change of displacement, 
or lift, with respect to time, i.e. the velocity of the follower. For this 
purpose tangent lines may be drawn at various points as shown at d x 

my 

where slope = —. By using the vertical divisions to give a constant 
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base length as at qr, the vertical length pr only need be measured for 
each tangent line; also, by using a convenient value for the base 
length, the vertical may be plotted direct to give the velocity curve, and 
the actual vertical scale in feet per second can be calculated later. As 
with the displacement curve, the velocity curves are carried slightly 
beyond C 2 in each direction to define more exactly the value of the 
maximum velocity. 

The acceleration curves are obtained by measuring the slope of the 
velocity curve; slope of velocity curve = rate of change of velocity 



with respect to time, i.e. = acceleration. In this case the second 
portion of the curve is negative, corresponding to the retardation of 
the valve motion as it approaches the position of maximum opening. 
It may be noted that integrating the acceleration curve gives velocity 
(velocity change = acceleration x time interval) hence (a) the posi¬ 
tive and negative areas of the acceleration diagram should be equal, 
(b) the value of either of these areas should equal the maximum 
velocity. In all such work it must be kept in mind that the base AB 
represents angular position or time, as the angular speed of the cam 
is constant. 

Calculation of the scales of velocity and acceleration may best 
be explained by referring to the original drawing from which 
Fig. 146 is reproduced. The unit of length referred to below is 
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the centimetre. The following scales were used in drawing the 
curves: 

Displacement: vertical, 1 unit = - ^ in. 

horizontal, 1 unit = 5° 

Velocity: vertical, 1 unit = A 0 f unit slope of displ. curve, 

horizontal, 1 unit = 5° 

Acceleration: vertical, 1 unit = | of unit slope of velocity curve, 
horizontal, 1 unit = 5° 

With a maximum cam-shaft speed of 1,000 r.p.m. the time of 
turning through 5° is ~ sec. 

Hence unit slope of the displacement curve is equivalent to a 

velocity of --: -A--- /- A~ in. per sec., which is -—A ?PA =4-92 ft. 

47 8x2-54 / 1200 ^ 8x2-54x12 

per sec. Therefore unit height on velocity curve = 0-492 ft. per sec. 
or a velocity of 1 ft. per sec. is represented by 6 ^ = 2-032 units. 

Similarly, unit slope of the velocity curve is equivalent to an 
acceleration of 0-492/^ ft. per sec. per sec., i.e. 590-4 ft. per sec. 2 ; 
and unit height of the acceleration curve is equivalent to 295-2 ft. 
per sec. 2 . Hence an acceleration of 100 ft. per sec. 2 is given by 0-339 
unit. 

As the mass to be accelerated is constant at 1 -4 lb. the acceleration 
curve becomes a force curve to a certain scale ; unit height is equiva¬ 
lent to a force of — x 295-2 = 12-84 lb. 

9 

§ 186. Relation between Acceleration and Cam Load. It has been 
shown above that the acceleration curve also gives, to a particular 
scale, the force required to accelerate the valve. It is convenient to 
plot on the same base the force exerted by the spring. The force 
exerted by the spring, when the valve is shut, is 60x0-7 = 42 lb., 
and the force when the valve is fully open is increased by a further 
compression of 0-26 in. to 0-96x60 = 57-6 lb.; this force varies 
directly as the compression of the spring, hence it varies as the lift 
of the valve, and, plotted on the cam-shaft angle base, the curve is 
of the same form as the lift curve. This is shown plotted, giving the 
curve xyz ; though this is a positive force, additional to that required 
to accelerate the valve, it is shown plotted below the base-line A s B 3 to 
permit direct measurement of the resultant load. At the 30° position 
the force required to accelerate the valve is h v that exerted by the 
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spring is A 2 , and the total vertical force to be provided by the cam 
is At the 80° position the valve is being decelerated, and 

of the total spring load h 4 the amount h z is used to give the required 
negative acceleration, leaving (ft 4 —-ft 3 ) as the vertical force on the 
cam. 

In Fig. 147 is shown the method by which the torque on the cam¬ 
shaft at any position is determined. After the cam has turned through 



Fig. 147 


30° from the arbitrary datum position, the roller centre is at T, and 
OT lies on the axis of the follower; the roller makes contact with the 
cam at Y, TY being perpendicular to the cam surface. If TU is 
drawn equal to (h x -\-h 2 ) i n Fig-146, and UV is perpendicular to TU, 
then TV is the normal force between cam and roller, and UV is the 
lateral force between the follower and its guide. The twisting effect 
on the cam-shaft is obtained by producing TY to W where OW is 
perpendicular to TW ; then torque exerted = TVxOW. This is 
shown drawn for each 10° angle, and the results obtained are given 
in Table VIII at 5° intervals. 
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Table VIII 


Angular 

Position. 

LAOT 

Normal Force 
on Cam TV. 
(pounds) 

Length of i 
Arm OW. 
(inches) 

Turning Moment 
on Shaft . 

(lb. in.) 

22* 

68 

0 

0 

25 

70 

0-03 

2-1 

30 

76 

0-10 

7-7 

35 

80 

017 

13-6 

40 

88 

0-24 

211 

45 

105 

0*32 

33-5 

50 

35 

0*39 

41-7 

55 

34 

0-36 

13-5 

60 

34 

0-325 

12-25 

65 

33 

0-28 

11-0 

70 

32 

0-24 

9-2 

75 

31 

0-18 

5-7 

80 

30 

0-12 

3-6 

85 

29 

0-06 

1-7 

90 

27 

0 

0 


The results of the above are shown plotted on a cam-shaft angle 
base in Fig. 148. It can readily be seen that the torque exerted on 



the cam-shaft reverses in sign after the 90° position is passed, and 
the torque curve is symmetrical about the position of maximum 
valve lift. 

§ 187. Maximum Turning Moment on Cam-shaft. In the 

engine considered all eight cams are of the same form, giving approxi¬ 
mately 134° total angle of action (on cam-shaft); in the exhaust valve 
this is reduced slightly by the tappet clearance of approximately 
0 008 in. to about 120°, and on the inlet valve by ‘masking' and 
tappet clearance of 0 03 in. to about 100°. For a masked valve the 
seat is recessed about 0 025 in. on a diameter slightly greater than that 
of the valve head. The effective opening of the valve does not com¬ 
mence until it has acquired considerable velocity; the total angle of 
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action for the cam is 135°, but the angle of effective valve opening is 
reduced to 100°; efficient valve opening combined with moderate 
acceleration is so obtained. 

The order of firing is 1, 2, 4, 3, and the following table gives the 
valve timing for the four cylinders, the position of top dead centre 
of No. 1 cylinder being taken as datum. 


Table IX 



Position of Max. 
Opening. 

Effective Opening and Closing. 

Cylinder. 

Inlet Valve. 

Exhaust Valve. 


Inlet. 

Exhaust. 

Open. 

Closed. 

Open. 

Closed. 

No. 1 . 

120° 

-105° 

20° 

220° 

-225° 

15° 

2 . 

300° , 

75° 

200° 

400° 

-45° 

195° 

„ 3 . 

660° 

435° 

560° 

760° 

315° 

555° 

„ 4 . 

480° 

255° 

380° 

i 

580° 

135° 

375° 


In this table all angles are crank-angles. 

The turning moments during half a revolution of the cam-shaft 
are shown in Fig. 149, and the resultant curve is sketched in. It can 
be seen that the negative and positive torques tend to cancel one 
another, so that the resultant maximum is less than that due to one 
valve; for a complete check all points along the cam-shaft should 
be considered; thus, part of the curve for that part between the 
second and third cylinder has been sketched in Fig. 149, and is 
found to give a higher maximum. 

Such a resultant torque curve is of more use for the study of vibra¬ 
tion and torsional oscillation than for the calculation of cam-shaft 
diameter. Torsional stiffness rather than strength is the criterion, 
and a cam-shaft is more liable to failure through a valve jamming in 
its guide than from stresses due to its normal operation. 

F. COMPARISON OF PISTON DESIGNS 

§ 188. Introductory. The function of a piston is to transmit the 
thrust exerted by the steam or gas pressure to the connecting rod. 
In addition to adequate strength, provision must be made for the 
prevention of leakage past the piston, and for the elimination of 
friction as far as possible. The most elementary form of piston is 
a plain disk; the addition of a central boss by which connexion is 
made to the piston-rod, and a rim carrying a ring, or rings, to check 
leakage, are the first essential modifications. Where the piston is 
connected directly to the small end of the connecting rod, as in most 
small internal combustion engines, it must act also as a crosshead, 



Shaft 
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and is made considerably longer; this iorm is known as a trunk 
piston. In many larger horizontal engines the piston can be made 
lighter and wear of the cylinder bore reduced by the use of a tail 
rod; i.e. the piston-rod is extended through the piston and through 
a stuffing-box in the other cylinder cover. Very heavy forces are 
set up in high-speed engines by the inertia effect of all reciprocating 
parts unless the weights of these parts are reduced to a minimum; 
these forces do not directly affect the power output, except by in¬ 
creased friction at the crank-pin; their more serious effect is in causing 
vibration. 

§ 189. Steam-Engine Pistons. A simple form of piston is shown 
in Fig. 150, which shows the plain disk form with the addition of 



a rim to carry two rings, and a boss for the rod. The rings, of cast 
iron, are turned to a larger diameter and a slanting gap cut across 
at one point; when compressed into the diameter of the cylinder 
bore these ends leave only a small clearance, and the spring action 
of the ring keeps it pressed against the cylinder walls. The slant of 
the gap in the ring prevents wear of the cylinder wall leaving a 
ridge, and the rings are so placed that the gaps are not in line, to 
reduce direct leakage. 

In Fig. 151 a piston for a marine engine is shown. The body A is 
of cast steel, and is coned in shape to reduce weight. Three cast-iron 
piston rings B are used with cast-iron packing rings C behind them. 
These rings (B) are of the same type as those in Fig. 150, but are 
too big to be ‘ sprung ’ into place; they and the rings C are succes¬ 
sively dropped into place and secured by the ‘junk’ ring D. The 
latter is secured by twelve collar studs; screws in lieu of studs and nuts 
should never be used, as they are inclined to work slack in the piston 
quickly, and can only be tightened by replacing with others of larger 
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diameter. True alinement of the piston and rod is assured by 
coning the end of the rod. The rim round the piston boss facilitates 
lifting the piston, and can be used when it is required to force the 



rod out after being in use for some time. A split pin or a short cotter 
may be used for locking the nut on the rod; the junk-ring nuts are 
usually locked by a ring (not shown), with twelve suitably shaped 
gaps round its inner edge to fit against the nuts; this ring is dropped 
into place over six pegs and secured by split pins through these pegs. 

§ 190. Internal Combustion Engine Pistons. Petrol-engine 
pistons are usually of the trunk type (Fig. 152 (a) and (6)), but for 
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racing and aero-engines specially light forms, designed to reduce 
weight and friction, have been evolved (Fig. 152 (c) and (d )); the 
latter are of aluminium alloy instead of cast iron. At high speeds 
fluid friction is very noticeable with the trunk piston; the type 
shown in Fig. 152 ( d) separates the functions of piston and crosshead, 
and reduces this trouble to a minimum; this is also achieved to a 
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large extent by the form shown in Fig. 152 (c). The connexion be¬ 
tween the gudgeon-pin lugs and the piston crown should always be 
strong enough to prevent the slightest risk of distortion under load, 
but the rest of the piston can usually be very light. Larger clearance, 
when cold, must be left between piston and cylinder when using 
aluminium on account of the higher coefficient of expansion of the 
latter; this is liable to cause noticeable ‘piston slap’ when running 
under a light load. 

In high-power gas-engines water-cooling of the piston is necessary 
(see Fig. 153), and a much heavier construction results. In this case 
a piston is shown for a double-acting horizontal gas-engine developing 
about 1,200 b.h.p. per cylinder at 90 r.p.m. The piston is held against 
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a shoulder A on the piston-rod by the nut B, and is prevented from 
rotating on the rod by the key G. The nut is shaped at the outer 
surface to prevent burning or corrosion of the thread. The hollow 
piston-rod has a central tube fitted which forms the outlet for the 
circulating water, trombone fittings on the end of the piston-rod 



being the means of passing the water in and out. The rod is carried 
on crossheads at both ends, one at the small end of the connecting 
rod, and one behind the breech-end of the cylinder. 

A slight upward set is often given to the rod, such that the weight 
of the piston brings it into a straight line again; the whole weight of 
piston and rod is then carried on the crossheads, and the cylinder 
walls are relieved of any wear other than that due to the piston- 
rings. All comers on the piston are well rounded; a sharp comer may 
easily lead to pre-ignition. 


o 
















194 


ELEMENTS OF MACHINE DESIGN 


G. CROSSHEADS 

§ 191. The Forces acting on a Grosshead. The function of a 
crosshead is to act as a guide to the end of the piston-rod, and to 
connect it with the connecting rod. The forces acting on the cross¬ 
head pin when the pin is not at either 4 dead centre * are: 

(i) the piston-rod pull or thrust, P (Fig. 154). 

(ii) the connecting rod pull or thrust, F . 

(iii) the reaction from the guide, R . 


i 



Fig. 154 


The last of these may be of considerable magnitude when the con¬ 
necting rod is relatively short, and is constant in direction for a 
given direction of rotation of the crank. 

The pressure on the guides should not exceed 40-50 lb. per sq. in., 
as lubrication is not so automatic as in the case of journal bearings; 
the relative area of surface required may be seen by a numerical 
example. Assuming a maximum permissible pressure on the guides 
of 45 lb. per sq. in. and a ratio of connecting rod to crank of four to 
one, the maximum value of the guide-bar reaction will be approxi¬ 
mately one-quarter of the piston load; for every 100 lb. per sq. in. 
on the piston: 

crosshead slipper area = X piston area. 

= | X piston area. 

§ 192. Slow-speed Steam-engine Crosshead. The crosshead 
shown in Fig. 155 was used on a relatively slow-speed steam-engine, 
and is rather heavier than in more modern designs. The main body 
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is of cast steel, and the slippers, which have cylindrical sliding 
surfaces, are of cast iron. Cylindrical guide surfaces are the simplest 
to produce in a true form, and have been largely used for small 
steam-engines, but modern machine tool accuracy removes the ad¬ 
vantage to a large extent. The boss on the slipper is a tight fit in 
a hole on the body, and relative rotation is prevented by a single 
dowel peg. There is no provision for taking up wear, the method 
actually adopted being to pack up the under side of the slipper with 
a thin sheet of paper. The end of the piston-rod is tapered and held 
in place by a short horizontal cotter; the crosshead pin is of uniform 
diameter, and is held in place by a taper pin which lies in a groove in 
a collar. Lubrication of the £ small end 5 is effected by a hole in the 
upper slipper, through which oil from the upper guide is allowed to 
drop on to the small end of the connecting-rod. (The latter is shown 
in Fig. 74.) 

§ 193. Locomotive Crosshead. A locomotive crosshead is shown 
in Fig. 156. This is for an outside cylinder engine and needs two 
guide bars; the main body is of cast steel, with gun-metal or bronze 
sliding surfaces, and the pin is of case-hardened mild steel. As with 
almost all crossheads, the connexion between piston-rod and cross¬ 
head body is conical, with a cotter for locking and to take the tensile 
load; the slanting direction of the cotter is necessary for accessibility 
when driving in, or removing it. The larger outer diameter of the 
socket provides additional strength against bursting, and additional 
bearing area for the cotter. It should be noted that the piston-rod 
must not be enlarged at both ends, as it has to be passed through the 
stuffing-box in the cylinder cover. Where the rod and piston are 
forged in one piece the outer end of the rod must have no enlarge¬ 
ment of diameter. Lubrication of the crosshead pin is effected by 
a wick lubricator, attached to the side of the main casting, from 
which oil drips into a hole in the small end of the connecting rod. 
Allowance for the swing of the rod necessitates wide spacing of the 
guide bars; the form of crosshead adopted for inside cylinder engines 
is usually that working with four guides, which can be placed closer 
together vertically, as they can easily clear the connecting rod 
laterally. 

§ 194. Other Types of Crosshead. A common form of crosshead 
for marine engines is given in Fig. 90. In this a single guide is used, 
leaving an open-fronted engine which is more accessible for inspection 
or repairs. The slipper surfaces are faced with white metal, the back 
or broader area being used when running ahead, and the narrower 
front one when going astern. Cast steel is used for the main body of the 
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crosshead; the method of holding the piston-rod in by a nut is usual 
marine practice, as well as the use of a forked small end to the 
connecting rod. The cotter which locks the nut is itself locked by 
a split pin. With this type of crosshead water-cooling in hollow 
guides, or forced lubrication with special cooling for the oil, is usually 
provided. 

It is worth while comparing some of the features of the three 
crossheads referred to above; in the first simplicity and cheapness 
of construction; in the second case cramped lateral space but com¬ 
paratively accessible for overhaul; in the third absolute reliability 
throughout a long run is the first and most essential quality. 

Marine oil-engines are usually fitted with double-guide crossheads 
similar otherwise to that shown in Fig. 90; a somewhat similar con¬ 
struction is also used for double-acting horizontal gas-engines, in 
which case the direction of rotation is constant and only one sliding 
surface is required. 


H. CONNECTING RODS 

§ 195. Forces acting on Connecting Rods. A connecting rod is 
essentially a pin-jointed link connecting the reciprocating crosshead 
with the rotating crank-pin, and transmitting tensile and compressive 
loads alternately. 

On a slow-speed engine the rod must fulfil the following require¬ 
ments : 

(a) Be sufficiently stiff to transmit the maximum thrust without 
risk of buckling; 

(b) have renewable bearing surfaces at the ends, of area sufficient 
to keep the bearing pressure reasonably low; 

(c) have provision for lubrication of the rubbing surfaces; 

( d) and in most cases must have means of adjusting the brasses 
at the big end. 

On a high-speed engine there must be in addition to the above 
sufficient stiffness to withstand the inertia bending load in the body 
of the rod. 

The motion of a connecting rod may be considered as a combina¬ 
tion of reciprocating motion (with the piston), and oscillating motion 
about the small end. At the end of each ‘swing’ every particle in 
the body of the rod is resisting an accelerating force which acts 
in the plane of oscillation; the force is applied at the two ends, and 
the ‘inertia’ resistance acts as a bending load whose intensity varies 
from a minimum at the small end to a maximum at the other. 




sex Screw. 
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To withstand this bending action the body of a high-speed con¬ 
necting rod is usually of I section (see Fig. 157). 

§ 196. Locomotive Connecting Rod. In Fig. 157 are given parti¬ 
culars of a connecting rod for a locomotive whose maximum speed 
is not expected to exceed sixty miles per hour. The body of the 
rod is of I section—to resist ‘inertia’ bending—and tapers slightly 
towards the small end. As the movement at the small end is com¬ 
paratively slight, a plain bronze bush, pressed into place, is sufficient 
for a bearing surface; lubrication is provided by a wick-lubricator 
carried on the crosshead. At the big end the split brasses are held 
by a cotter, while a bolt with a packing block secures the open 
fork end; the bolt prevents any tendency towards opening or ‘spread¬ 
ing’ of the fork end of the rod, and is a better method than that 
where a gib is used with the cotter. 

§197. Connecting Rod for large Gas-engine. A connecting rod for 
a horizontal double-acting gas-engine is shown in Fig. 158. The body 
of the rod is continued and forms the housing for the inner crank-pin 
bearing; this relieves the bolts of the inertia load referred to in § 195, and 
tends to make a very rigid big end. Apart from this, the rod is similar 
in general construction to the normal marine steam-engine type. By 
boring out the centre of the body of the rod, weight is reduced without 
appreciably affecting the stiffness. The rod is heavier than one for a 
steam-engine of thesame horse-power would be; this is on account of the 
greater ratio of maximum to mean load in the case of the gas-engine. 

§ 198. Connecting Rod for Torpedo Boat Destroyer. In the 
rod shown in Fig. 159 the aim is to combine minimum weight 
with the reliability which is so important in all marine work. The 
small end of larger marine rods are usually of the form shown in 
Fig. 158, while the proportions for a big end are shown in Fig. 81. 
It will be seen that the general lines of the larger rod are followed in 
the lightweight type, but the different construction at the small end 
leads to a considerable reduction in weight, while unnecessary material 
is removed as far as possible at the big end. 

§ 199. Further General Notes. The body of a connecting rod is 
usually made of mild steel; stiffness rather than strength is the 
criterion, and high-strength alloy steels have little advantage in 
this respect. Aluminium alloys have been used in some recent petrol- 
engines, quicker dissipation of the heat generated being a definite 
advantage. ‘Fatigue’ failures of big-end bolts occur occasionally; 
turning down the greater part of the shank, with generous radii 
at the changes of cross-section, and annealing the bolts at intervals 
are two methods of reducing this risk. 
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Fig. 158 
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White metal linings are used for most big-end bearings, except 
on medium and small sized gas-engines, where bronze ‘steps’ are 
better able to withstand the hammering action of the explosion. It 
should be noted that in marine rods the big-end bolts have their 
heads below, and the nuts above, to facilitate assembly and dismant¬ 
ling ; the reverse is usually more convenient on petrol-engines and 
horizontal engines. 



CHAPTER XI 

SOME MORE COMPLEX MACHINE PARTS 

§ 200. Introductory. In the following pages three examples of 
more complex design are considered; they indicate the manner in 
which the dimensions of one part may react upon another, and the 
limitations imposed in practice on the one hand, or the latitude 
which may be allowed on the other. 

The first example deals chiefly with the design of the riveted joints 
(in compliance with standard regulations) of a steam-boiler shell. 
In each of the joints the calculated pitch is modified slightly to fit 
in with the general dimensions of the shell, or with other joints. In 
the second example the design is evolved largely from empirical rules, 
though the valve-spring dimensions are determined by calculations 
based on first principles. The third example shows how some of 
the principles of mechanism, and the Lewis Formula for wheel teeth, 
can be applied to the design of the wheels in a simple gear-box. 

In each of these, though more complex than previous problems 
considered, there is no space to deal with the entire machine, and 
the designs must be recognized as somewhat incomplete. For 
example, in the case of the inlet valve further modification of the 
design may become necessary when the proportions of the cylinder 
breech end are settled. 

‘SCOTCH’ MARINE BOILER 

§ 201. Design for the cylindrical portion of the shell, and for 
the stays, of a marine boiler in conformity with the following 
specification. 

The design is to follow the standard conditions laid down in the 
Report of the British Marine Engineering Design and Construction 
Committee for MarineJBoilers and Shafting (published October 1920), 
where these rules apply. Other methods for determining dimensions 
are to be used where reasonable, and the results obtained compared 
with those obtained by the use of expressions given in the above 
report (hereafter referred to as the B.M.E. Report). 

Type of Boiler . Double-ended ‘Scotch’ or Tank Marine Boiler 
with four furnaces at each end. 

Working Pressure . 215 lb. per sq. in. 
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Ultimate Strengths of Material . 


Shell Plates .... 

. 28-32 tons per sq. in. 

Butt Straps .... 

• 28-32 „ „ 

End Plates. 

. 26-30 „ „ 

Combustion Chamber Plates . 

. 26-30 ,, „ 

Plates for Girder Stays 

• 28-32 „ „ 

Rivet Bars (Shear strength) . 

• 22-5 „ „ 

Bars for Short Screwed Stays (Iron) 

• 21-5 „ „ 

Bars for Longitudinal Stays (Steel) 

28 „ „ 

Maximum Internal Diameter 

. 16 ft. 6 in. 

Maximum Internal Length 

. 21 ft. 0 in. 

[In all calculations the minimum strength is to be used.] 

The following dimensions may be assumed to be already decided. 

Spacing of long Stays (horizontal) 

. 17 in. 

„ ,, (vertical) 

• 16f „ 

Spacing of short Stays (horizontal) 

• „ 

„ ,, (vertical) 

. n „ 

Girder Stays, to be placed at pitch of . 

■ 8 „ 

with two stays per girder at distance apart of . . 9 ,, 

Span of Girder (inside combustion chamber plates) 2 ft. 5 in. 

Factor of Safety—Minimum 

. 4 

Factor of Safety for all stays 

5 0 to 5-5 


Minimum corner radius of Flanged Plates (internal) 2 X thickness 

The cylindrical portion of the shell is to be made of three strakes 
or drums of approximately equal lengths, with the middle strake 
outside the others. 

§ 202. Shell-plate Thickness and Rivet Diameter. For a thin 
cylindrical shell, subjected to internal fluid pressure, the following 
may be readily proved : pxD = 2 fxTxE. 

Where p = wotking pressure in lb. per sq. in. 

D = diameter of shell in inches. 

/ = safe working stress in the plate (in lb. per sq. in.). 

T = shell-plate thickness, in inches. 

E = the efficiency of the longitudinal seam. 

A treble-riveted butt joint is used for a boiler of the above dimen¬ 
sions, and the efficiency of such a joint may be about 0-85. To allow 
for possible variation from the most efficient pitch in this case an 
efficiency of 0-84 is assumed. Then with the dimensions given above 

215x198 = 2 X x2240xTx0-84 
T = 1 61 in. 

or thickness of cylindrical shell = If in. 
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The B.M.E. Report gives the following: 

WP (<—2 )x£xJ 

W ' ‘ ~ CxD 

Where W.P. = working pressure in lb. per sq. in. 

t — plate thickness in thirty-seconds of an inch. 

S = ultimate strength of plate in tons per sq. in. 

D = inside diameter of outer strake in inches. 

J = percentage efficiency of longitudinal seam. 

C — a coefficient, which is 2-75 when the longitudinal 
seams are made with double butt straps. 

In the case under consideration: 
olc (t —2) X 28x84 

^ 15 275x198 

t- 2 = 49-8 
t = 51-8 

Thickness of shell plate = §§ in. or If in. 

There is no standard rule to decide the rivet diameter, though 
it is usual with plates of the above size to make the rivet diameter 
equal to the plate thickness or about ^ in. greater; in no case should 
the rivet diameter be less than the plate thickness. Unwin states 
that in most cases d is between 1-2^1 and l-4y7; while for plates 
up to 1 in. thick the National Boiler Insurance Company recommend 

t 9 

diameters which approximate to the relation d = - -j- — in. 

u lu 

In this case rivets of If in. diameter will be used. 

The safe load on one rivet in single shear is 

£ X (If) 2 X ^ = 11-67 tons, 

and the safe load in double shear is 11 67 X 1| = 21-90 tons. 

The minimum distance of the centre of a rivet hole from the edge 
of the plate is 1 \d> which in this case is 2^ in. 

§ 203. End-plate Thickness. The problem with this part is to 
calculate the stress induced in a flat plate supported at a series of 
points (the long stays) and subjected to a uniform load (the steam 
pressure). The theory is not very simple and depends on certain 
assumptions which are frequently not realized in practice; especially 
is it difficult to ensure the stays all taking equal loads, and extending 
equal amounts for the same load. Hence the standard empirical 
formula will be used. 
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For flat plates supported by stays , 


W.P. = 


(t-lfxC 
a 2 +6 2 ’ 


where W.P. = working pressure, t = plate thickness in thirty- 
seconds, a and b are spacing of stays, and G is a coefficient, which 
varies with the method of fixing the stays, between 50 and 110; 
where the stays pass through the plate not exposed to flame but 
fitted with nuts inside and outside, C = 96. 

For the flat-end plates, then: 


215 = 


(£—I) 2 x96 


(17) 2 +(16J) 2 

(*-l) 2 = 1,257 
t -1 = 35-5 

t = 36*5, say 37 thirty-seconds or l g 5 g in. 


§ 204. End Circumferential Seam. It can be easily proved that 
when a cylinder with closed ends is subjected to internal pressure, 
the stress in an axial direction is only half that in a circumferential 
direction; hence the efficiency of the circumferential or ring seams 
need be only half that in the longitudinal seams. 

The regulations prescribe a minimum efficiency of 42 per cent, 
for end seams (double-riveted lap joints), and 62 per cent, for inter¬ 
mediate ring seams, if any (treble-riveted lap joints). The former 
figure is just half that for a normal longitudinal seam and has a big 
margin of safety in view of the fact that the ends of the boiler are 
amply stayed, so giving very little axial stress in the shell plate. 
Intermediate joints are more liable to suffer accidental straining 
actions on account of their position (see § 205). 

The end joint may fail by either (a) shearing of rivets, (6) tearing 
of end plate, (c) tearing of shell plate; and the safe load per pitch 
length of joint under either of these headings must be not less than 
42 per cent, of a pitch length of undrilled shell plate. 

For maximum efficiency the strength of the rivets should equal 
that of the end plate, thus: 


2 X^d 2 xf, = (p-d)Xt,xf, 

2x11-67 = (p—1-625) XI&X^ 
p = 4-725 in. 

Before finally deciding the actual pitch the value of the maximum 
pitch permissible must be calculated from P^ = CxT+ If, where 
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C is a coefficient depending on the type of joint and T is the plate 
thickness in inches. This has been adopted by all authorities for 
some years, and checks the use of a long pitch which would leave a 
length of plate edge liable to spring and difficult to caulk satisfactorily. 
For a double-riveted lap joint C = 2 62, and as the thinner plate 
will give the lower figure: 

=2*62xl^+lf 
= 4-655 in. 

For all ring seams there must be a definite number of pitches round 
the ring, and the length of pitch is slightly greater if measured on 
the outer plate than if measured on the inner. In this boiler the 
middle strake or drum is the outer portion of the shell, hence 16 ft. 
6 in. will be the outside diameter of the end portion of shell plate, 
and the outer diameter of the flanged end plate will be this figure 
less 2 x If in. 

Mean circumference of shell plato = tt (16 ft. 6 in.—If in.) 

= 616-9 in. 

and mean circumference of end plate = tt (16 ft. 6 in.— 4J|) 

= 608-2 in. 

Using 132 pitches in the end ring seam the length of the pitch will 
be = 4-67 in. in the middle of the thickness of the shell plate, 
and = 4-60 in. in the middle of the thickness of the end plate. 
Then safe load on undrilled shell plate per pitch length 
= 4-67 x If Xf = 52-3 tons. 

Safe load on end plate per pitch length 

«= (4-60-1-625) xl^Xf— 22-35 tons. 

Safe load on rivets per pitch length 

= 2x11-67 = 23-34 tons. 

Then percentage efficiencies for this joint, based on the original 
strength of the shell plate, will be: 

22*35 

(а) End plate X ^ = 

23*34 

(б) Rivets x 100 = 43-9 

OJt'O 

(c) Shell plate —X100 = 65-2. 

The next step is to decide on the distance apart of the rows of 
rivets, and for this purpose the principle of rivet bands as explained 
in Chapter V will be used. 
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The arrangement of rivet bands for the end plate is shown in 
Fig. 160. The distance apart of the rows should be decided on the 
thinner or weaker plate. As the pitch has been reduced from that 
which would give maximum efficiency, it is sufficient to take w as 
i (p-d) = 0-749 in. 

P d , the diagonal distance between adjacent rivets, must be greater 
than 2w+d, and it has been found by experiment that any diagonal 
pitch must be 10 to 20 per cent, greater than the apparent minimum. 



i 

Fig. 160 

In this design the excess required will be taken as constant for all 
joints at 15 per cent. 

P d = 115 (2 w+d) 

= 1 15 (1-498+1-625) 

= 3-59 in. 

Then, P n - distance between rows 



= V(3*59) 2 —(2*3)2 
«= 2-76 in., say 2f in. 
P 
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§ 205. Intermediate Circumferential Seams. The strength of 
these seams must be not less than 62 per cent, of the strength of 
the undrilled plate. This allows a reasonable margin for accidental 
stresses arising from shell distortion which tend to be more serious 
towards the middle portion of a longer boiler, such as the double- 
ended ‘Scotch’ type of marine boiler. 

These seams are treble-riveted lap joints, with equal numbers of 
rivets in the three rows (Fig. 161). 



Fig. 161 

As before, for maximum efficiency, strength of shell per pitch length 
is equated to strength of rivets per pitch length 
(jp-d)xlfin.xf = 11-67x3 
p—d = 3-08 
p = 4-705 in. 

In the formula, maximum pitch = CxT+lf in., C is given as 
3-47 for a treble-riveted lap joint, hence maximum pitch 

* 3-47xl|+lf = 7-25 in. 

The mean circumference of the middle drum or strake of shell 
plate is 7 r (16 ft. 6 in.-flf in.) = 627-1 in. 

Then the number of pitches of 4-705 in. is = 133-2. An exact 




SOME MORE COMPLEX MACHINE PARTS 211 

number must be used, and it is found that this can be reduced to 
128 without dropping the efficiency below 62 per cent. The rivet 
efficiency is then the lower. The pitch becomes ^g 1 = 4*90 in. and 

rivet efficiency = - 4 ; 90 ' x l y x | = 62 8 P er cent - 

To obtain the distance between rows, w , the width of the rivet band 
for shell plate thickness with the rivet in single shear, must be 
obtained. 

2wx 2 i 8 Xlf = 1167 

w = 0*513 in. 

In this case there are three bands passing between rivets diagon 
ally, hence P d - 1*15 (3w-{-d) 

= 1*15 (1-54+1-625) 

- 3*64 in. 

P„ = VPiRf) 2 
= 2-7, say 2f in. 

The empirical formula stated in the B.M.E. Report for lap joints is 

Distance between rows = 0*33 ^+0*67d. 

In the end ring joint p is 4*67 in. and d is If in., hence distance 
between rows = 0*33 X4-67+0*67 x If 
= 1*54 in.+1*09 in. 

= 2*63 in. 

While in the intermediate ring joint p is 4-90 in., hence distance be¬ 
tween rows = 0*33 x 4-90+0*67 X If 
= 1*615+1*09 
= 2-705 in. 

It can be seen that these results agree fairly closely with those 
obtained above. 

§ 206. Main Longitudinal Seam. The efficiency of this joint 
must be as high as possible consistent with reasonable economy of 
production. A butt joint is invariably used, with two cover straps; 
a quadruple-riveted joint giving over 90 per cent, efficiency, and a 
treble-riveted one about 85 per cent. The former is more expensive 
to make and has a stiffness which tends to lead to plate grooving; 
it is rarely used. 

In this case a treble-riveted butt joint is used with alternate 
rivets omitted in the outer rows, and with both cover straps of full 
width (see Fig. 162). It was assumed above that the efficiency of 
this joint was not less than 84 per cent. 

p 2 
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There are five rivets per pitch length, acting in double shear; 
hence equating strength of plate to strength of rivets we have 


c P~d)xtxf, = 5x jd 2 xljx/.. 


(p-d) 


5x2190 

1|X7 

9-63 


p = 9 63+1-625 = 11255 in. 

The maximum pitch allowed is CxT+ If, where G = 60 for a 
treble-riveted butt joint. 



Hence maximum pitch = 6-0xlf+lf = Ilf in. 

The minimum permissible pitch is that when the plate efficiency is 
84 per cent., 


p—d 
j P 


0-84 or 


P-lf 


084, 


when p = 1016 in. 


Hence the most efficient pitch is about 11$, while the actual pitch 
used may lie between Ilf in. and 10$ in. The actual pitch to be 
adopted is 10$ in. which allows for six full pitches in each strahe, 
and with the other dimensions as given in Fig. 163 makes up the 
required internal length of 21 ft. 0 in. The arrangement used at 
the junctions with the ring seams, where the cover strap is maphino/l 






€91 
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to a wedge shape and is tucked into a similar shaped groove machined 
in the other plate, should be noted. 

§ 207. Cover Straps and Spacing of Rivet Rows. From the purely 
theoretical standpoint the combined strength of the cover straps 
need not be more than that of the drilled shell plate, but in practice 
they are made 25 per cent, stronger, with an additional f in. on the 
inner strap. The rule is given, that the outer strap shall have five- 
eighths of the strength of the shell plate, while the inner strap shall 
be £ in. thicker than the outer. The latter margin allows for the 
considerable wastage which often occurs on inner projecting plates. 

It may be seen from Fig. 162 that the butt straps are weakened 
by two rivet holes per pitch length instead of only by one as is the 
case with the shell plate; then, as the straps are to be made of the 
same material as the shell, if t 0 is the thickness of the outer strap 
and t, the shell plate thickness, 

t 0 X(p-2d) = f (p—d)xt t . 



= 1-24 in. 


The thickness of straps to be used is 1J in. for the outer, and 
If in. for the inner. 

The arrangement of the virtual rivet bands for both shell plate 
and cover straps is shown in Fig. 162, from which it may be seen that 
those for the cover straps are narrower. 

If w = width of bands for shell plate, and w 1 = width of bands for 
cover straps, it can be seen that the distance between the outer rows 
is decided by w, and that between inner rows by w 1 . Using p d 
and p n for diagonal and normal distances between outer rows and 
p / and p n l for inner rows, we have: 

p d — 115 (3w-}-d) 

and p n = 

As p has been reduced from 11J in. to 10| in., w may be taken from 

w = > by considering the rivet bands in Fig. 162, 




hence 
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and 



- 418, say 4j| in. 

In the case of the inner rows it is assumed that both cover straps 



are 1J in. thick, and that each one is acting independently against 
rivets in single shear, hence w 1 is given by 


w 


,1 _>x/. 


2 xtxf, 


= ^7% = 0-666 in. 
2xljx7 

p d l = 1 16 (3x0 666+1-625) 


= 4 17 

and p.' = V(4T7)M2|? 

= 3-24 in., say 3J in. 

The formulae recommended by the B.M.E. committee for these 
distances are 0-2^+l-15d between outer rows, and 0165p+0-67d 
between inner rows which give values of 3-97 in. and 2-82 in. respec¬ 
tively. 

The dimensions calculated above are summarized in Fig. 163, and 
the positions of the various joints on the shell are shown in the side 
elevation of the boiler, Fig. 164. 

§ 208. Combustion Chamber Plate. This is a similar case to that 
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of the flat end plate of the shell, and the same empirical formula 
is used with a different value for the constant; G = 75 when the 
stays are screwed into the plate, fitted with nuts outside and exposed 
to flame. 


Then 


215 
(<- 1) 2 


(<-l) 2 x75 

(9-5) 2 +(7-5) 2 

215x146-5 

75 ~ 420 


<-l = 20-5 

t = 22, i.e. || in. or in. 

The spacings of the stays in the flat top are 8 in. and 9 in., but this 
gives the same value for t. Rivets of 1 in. diameter may be used for 
all combustion chamber seams. The tube plate thickness is not 
calculated here and may be taken as in. 

§ 209. Screwed Stays. The diameters of both the long stays and 
the short ones round the combustion chambers may be calculated 
from theory or from the standard formulae which may be considered 
an empirical form of the purely theoretical expression. 

Load carried by each long stay = —— — 


= 26-9 tons. 


Minimum stay area required _ 26-9 X 5£ 

(Using factor of safety of 5£) 28 

= 5 05 sq. in. 

Then minimum diameter required is 2\ in. approximately. Long 
steel stays usually have six threads per inch, which gives a reduction 
in diameter of the threaded portion of 0-213 in.; hence diameter 
over threads = 2-5 in.+0-213 in., say 2f in. diameter. 

The long stays must be not less than 2| in. diameter for the main 
part, with the ends ‘jumped up’ to 2f in. diameter, and screwed 
with 6 t.p.i. 

The standard formula is W.P. = —— - — X ~ , 

a 28 

where W.P. is the working pressure in lb. per sq. in., 

a is the area supported by each stay in sq. in., 
d is the diameter of stay over threads, 
c = 0-267 and k - 8250 for the short iron stays with 9 t.p.i., 
c = 0-34 and k = 9500 fQr the long steel stays with 
6 t.p.i., 

8 — 28 for iron stays, and is the minimum tensile strength 
in tons per sq. in. of the material in case of steel stays. 
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Then for the long stays: 

01K - (d—0-34) 2 x9500 

5 ~ 17X16J 

(d—0-34) = 2-52 in. 

d = 2 86 in., say 2f in. 

The connexion between a long stay and the flat end plate is 
shown in Fig. 165. 



For the short stays, using a mean factor of safety of 5J, 

it 7 2 _ 9£x7|x215x5£ 

4 “ 21 5 x 2240 

d 2 = 2125 
d = 1458. 

The reduction in diameter for 9 t.p.i. is 0 142 in., hence the outside 
diameter of tho stays is 160 in., say If in. 

Using the standard formula, 

01K (<i-0-267) 2 x8250 

** v rv l ■■ i 

9£x7£ 

(d—0-267) = 1-86 

d = 1-629, say If in. 

The short iron stays (Fig. 166) will be If in. diameter over the 
threads with 9 t.p.i.; it is desirable that the threads be turned off 
the main part of the stays, but this is not often done in practice 
on account of cost. 
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It may be noticed that the value of c in each case is such as to 
reduce the effective diameter to J in. less than the diameter at the 
bottom of the threads. 



Fig. 166 


§ 210. Girder Stays (Fig. 167). One girder stay may be regarded 
as a freely supported beam carrying two symmetrically placed point 
loads. The load on each screwed stay carried on the girder is 

- =7-3 tons. Each reaction is equal to one point load, 

hence the maximum bending moment is given by reaction x distance 
to first point load, or 7*3 X10 = 73 tons in. If b = combined thick¬ 
ness of both plates and d = effective depth of the plates, 

bd P = _ 73 

6 safe stress 


, 73x6x5£ 

bdf ~— 26 ~ 

= 88-5. 

If b = 1J in., d = 84 in., or depth of girder must be not less 
than 8J in. 

The standard formula stated in the B.M.E. report, in this case is 

t V p Gxfxt S_ 

(L-P)xDxL x 28’ 

where d ~ depth of girder at centre in inches, 

t = combined plate thickness in thirty-seconds of an inch, 
D *= distance apart of girders, 

P = pitch of stays along girder, 

8 = minimum tensile strength of plates, 

L = span of girder, inside the combustion chamber plates. 
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7b 

C = —— x 495 when n is odd. 
n +1 

= ri —~ X 495 when n is even, 
n+ 1 

w being the number of stays per girder. 

0 , r _ f x495xd 2 x40 w 26 
° (29—9)x8x29 X 28 

d 2 = 724 
d = 8*5 in. 

It must be noted that the working water level passes through 



these stays, hence considerable corrosion is possible; on account of 
this the plates may be made 8| in. deep and f in. thick each, giving 
a margin to allow for wastage. 

It is specified in the B.M.E. report that the nuts to screw stays in 
combustion chambers need not be the full height equal to the stay 
diameter; minimum heights are given for certain ranges of stay 
diameter. For stays If in. to If in. diameter over the threads, the 
height of the nuts in the combustion chamber must be not less 
than | in. 

INLET VALVE FOR A 140 B.H.P. GAS-ENGINE 

§ 211, Requirements and Data. It is required to design a valve 
for the admission of gas and air to an engine conforming to the 
following data: 

A horizontal single-cylinder engine working on the four-stroke 




Fia. 169 
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cycle, and using producer gas; to develop 140 b.h.p. at 120 r.p.m. 
with a bore of 22 in. and a stroke of 30 in. 

The valve to be mounted at the top of the cylinder breech end, 
with its axis vertical and to be operated by a cam (as indicated in 
Fig. 168); in this diagram C is the cam driving on the roller R which 
is carried on the link L\ this link is pinned to the valve rod VR 
operating the rocker K } which in turn operates the valve stem 8. 
The form of housing for the valve is indicated in Fig. 169, where H 
is the housing forming part of the cylinder breech end casting, and C is 
the valve cage; G and A are gas and air channels respectively, S l and 
S 2 are the seatings for the gas and mixture valves, and V is the valve 
spindle guide; an additional guide is provided at X, and the valve 
spring is housed in this upper portion. W is part of the water jacket. 

§ 212. Main Valve. The details of the main valve admitting the 



Fig. 170 

mixture to the cylinder are shown in Fig. 170. The valve is of the 
disk type with conical seating and is of cast iron; it is screwed on 
to the steel spindle, the end of which is riveted over into a slight 
countersink in the valve head. 

If the engine has a volumetric efficiency of 100 per cent, (which 
is not unusual for a relatively slow-speed engine) the volume of the 
charge drawn in during one suction stroke is: 

V = 7 D 2 x stroke 



= 6-61 cu. ft. 
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It is assumed that the valve is open throughout the length of the 

60 

suction stroke; and time of one stroke = s = 0 25 sec. Then 

2 x 120 

if a mean speed of 100 ft. per second through the valve is assumed, 
area required is: 

0-25x100 = 0 264 Sq ' ft ‘ 

If the lift of the valve is a quarter of the inner diameter of the 
seating, the area between the valve rim and seating is then equal to 
that of the circular area through the seating. With larger engines 
this ratio is usually J to when the area between valve and seat¬ 
ing is the lesser of the two. 

With a mean value of one-sixth, the minimum area = ird X a 


therefore 


ndX 5 - 0-264, 
o 

d = 0-71 ft., or 8 J in., 


and the lift is or If in. approximately. 

The width of the seating does not bear a very definite ratio to the 
valve size. One empirical rule gives the projected width as 
w = 0 01 d+jQ in. (= 0-2725 in. if d = 8 | in.) 
and another gives 3,000 lb. per sq. in. as the maximum permissible 
bearing pressure on the projected area of the seating. From this 
figure and a maximum explosion pressure of 400 lb. per sq. in. 

irdxwx 3000 = 400 X~d 
4 


0 283 in. 


The value of w may be taken as J in., and the valve given a radial 
overlap of the same amount outside the seating; internally the valve 
has a lap of ^ in. 

There is no satisfactory theory of the stresses in a disk supported 
round the rim and subjected to a uniform pressure over its surface, 
and the thickness of the valve head is usually determined empiric¬ 
ally. Thus Guldner gives t = inches, where d 0 is the 

outside diameter of the valve. 
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«/ 6400 

= 1156 in. 

The valve head is made If in. thick at the centre dropping to 
If in. outside the boss, and tapering to § in. at the edge. In addition 
a boss J in. thick is provided on the upper face equal in diameter 
to the spindle collar which is screwed against it. 

The spindle diameter can only be determined empirically. Using 
the rule, diam. = j d-\-\ in., this is made 1J in. This must be increased 



through the gas valve to If in. to allow for the screw thread to be 
cut for two lock nuts (see Fig. 171). 

§ 213. Gas Valve. The mean speed through the gas valve opening 
may be considered about 80 ft. per sec.; i.e. between that through 
the main valve, and the speed through the cage ports (taken as near 
fifty as possible). 

As the engine is to work on Producer Gas an average proportion 
of 10 to 14 for gas to air is taken; then, through the gas valve, area 

required = volume 

80 X time of stroke 


10x6-61 

24x80x0-25 


= 0-1375 sq. ft. = 19-8 sq. in. 
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The limiting area in this case is that through the opening past the 
lock nuts, which measure 2§ in. across the comers; allowance may 
be made for a circle of 2§ in. diameter (area = 4-43 sq. in.) 

- A d -443 = 19-8 
4 

d = 5£ in. approximately. 


The opening for the gas valve is made 5| in. diameter. The loads 
involved being very small, the width of seating, thickness of valve, 
&c., may be decided by judgement. An extension is provided for 
the housing and protection of a light spring to hold the valve on its 
seat. The gas valve must be a free sliding fit on the spindle, and 
should have the lock nuts adjusted so that there is a slight clearance 
when the valve is on its seating (Fig. 171). 

§ 214. Inlet Ports in Cage or Lantern. The form of these ports 

is shown in Fig. 172. The outer diameter 
of the cage is made 110 in., giving a 
maximum thickness of 1 \ in., while the 
pillars are § in. thick. Assuming that 
the pillars occupy half the total circum¬ 
ference the total width of the four ports 
becomes \ Xtt X 9f = 15-3 in. (on a mean 
diameter). The velocity through these 
ports should be kept down to 50 ft. per 
sec.; then, if h e is the total effective 
height of both gas and air ports, 



50xft e Xl5-3 

144 


X 0*25 = 6-61 
h 9 = 4-98 in. 


Fig. 172 


Dividing this in the ratio of 10:1-4 the 
effective heights for gas and air become 
2 075 in. and 2-905. By sketching the 
forms of the cage ports (see Fig. 173) 
the corresponding vertical heights of 2| in. and 3f in. may be 
determined, (h is not necessarily given by h 9 xcos. of slope.) 

In the annular space surrounding the inlet ports (see Fig. 174) the 
speed is to be kept down to 50 ft. per second. It may be seen that 
half the incoming stream flows directly through two of the ports, the 
remainder dividing into two streams passing round outside the cage; 
hence the area on one side must be Jx 4-98x15-3 = 19-05 sq. in. 
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The total height is = 6f in. Hence radial width of space 

1905 
~ 6-75 
= 2*77 in. 

On considering the design of the cylinder end it is found necessary 
to reduce this width to 2 in., but some compensation can be made 
by reducing the width of the pillar opposite the inlet or supply pipe. 

§215. Studs securing Cage Flange. These studs must withstand 
the action of the explosion pressure over the full area of the lower 



end of the cage, i.e. on a circle of 10 in. diameter (see Fig. 175). 
There should be sufficient excess strength to maintain a pressure 
on the shoulder on which the cage rests, as well as to allow for the 
uncertainty of distribution of load among a number of studs; for 
this reason 50 per cent, excess load may be allowed. 

Then, total stud load = 1*5 (400 X - X 10 2 ) 

= 47,100 lb. 

If six studs are used, load per stud = 7,833 lb. With a maximum 
stress of 9,000 lb. per sq, in., studs of 1J in. diameter are required 
(area at bottom of thread = 0‘894 sq. in.). 

Depth of cage seating (see Fig. 175). This shoulder has to stand 
the maximum stud load, and is liable to fail by shear, and as it is 
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of cast iron the stress must be kept low. Taking this as 1,000 lb. 
per sq. in. 

(77 x 11 X depth) x 1000 = 47100 

1 .U 47100 
depth = xTi xlooo 
= 1-364 in. 


That is the depth of the shoulder must be not less than If in., 
say 1| in. 

§ 216. Load on Main Spring. Before designing this spring the 
motion of the valve must be analysed, using particulars of the cam. 
This will not be carried through here but the method indicated. 


AMGLE o« TIN/IE 



FlC. 176 


Given the necessary dimensions and other particulars of the valve- 
operating gear, shown in Fig. 168, a Time-Displacement curve can 
be drawn for the valve, of the form shown in Fig. 176. The slope 
of this curve at any point being the rate of change of displacement 
gives the velocity of the valve; hence a second curve may be plotted 
on a time base giving the velocity of the valve at any moment 
during the suction stroke. By measuring the slope of the velocity 
curve at any point the acceleration is obtained and can also be plotted; 
curves of this type are shown in Fig. 146. On considering the curve 
shown in Fig. 176 it can be seen that the slope increases between 
O and some point D, decreasing again between D and E. 

If a downward or opening movement of the valve is termed 
positive, between O and D the valve is moving with positive accelera¬ 
tion, and between D and E with negative acceleration or deceleration. 
For the former an upward force in the valve rod, that is a thrust 
between cam surface and roller, is required and is provided by the 
cam; but for the latter a downward force in the valve rod, or upward 
on the valve spindle, is required, obviously impossible of transmission 
from cam to roller or from rocker to valve spindle. Thus it is seen 
that between D and E the spring gives the force required; and the 
same can be shown to be true between F and O ; to design the spring 

Q 2 
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the maximum acceleration, and the position of the valve when it 
occurs, must be known. 

In addition the value of the masses of the moving parts and their 
dimensions must be known. These parts fall readily into three 
groups: 

(а) Internal parts—valve, spindle, spring cap, &c. 

(б) Rocker. 

(c) External parts—valve rod, roller, swing links. 

All these parts have to be accelerated, but while the dead weight of 
group (a) opposes the spring, that of (c) assists it, while the dead 
weight of (b) is practically balanced. 

The weights of (6) and (c) must be converted to the equivalent 
masses at the centre line of the spindle; thus, if the moment of 
inertia of the rocker is mk 2 , and the rocker pivot is a distance x from 

k 

the spindle centre line, the equivalent mass on that line is rax 

x 

It is assumed here that the above values have been calculated 
for this particular engine with the following results :— 

(i) Maximum deceleration of valve occurs at a point in. from 
maximum opening and is 40 ft. per sec. 2 

(ii) Equivalent weights of groups (a), (b), and (c) above are 50 lb., 
12 lb., and 80 lb. respectively. 

Then at the above particular point the spring must exert a force 
equal to, or greater than: 

( 50 + 1 ; +8 ° ) X 40+ 50— 80 
= 146-5 lb. 

§ 217. Stiffness of Main Spring. If the spring exerts a force less 
than this the cam and roller will separate for a part of the decelera¬ 
tion period; thus it is essential that the spring force should be 
considerably larger to ensure smoothness of motion and continuity of 
contact between roller and cam, especially as, with a slight increase 
of speed, the deceleration (and acceleration) of the valve tends to 
increase as the square of the speed. 

In this case a 50 per cent, margin has been adopted making the 
spring force at the stated point 220 lb. 

For a close-coiled helical spring if a curve is plotted between the 
load on the spring and the corresponding change in length a straight 
line is obtained as in Fig. 177. On this diagram F x is the spring load 
when the valve is on its seating, and F 2 the force when the valve is 
fully open, the distance y bSing the amount of the valve lift, 
i.e. If in. F z is the force of 220 lb. calculated above. 
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Thus the relative positions of F v F 2 , and F 3 are known, and the 
actual value of the force F 3 . If the stiffness of the spring is high 
F 2 may be excessive causing 
unnecessary loading on the 
cam and additional wear on 
all joints; on the other hand 
if the difference between F 3 
and F 2 is small, the initial 
compression must be large 
and a very long spring is re¬ 
quired. In any case F x must 
be considerably more than the 
dead weight of the valve, spin¬ 
dle, &c., otherwise the valve 
will not be firmly maintained 
on its seating when closed. 

If this latter force is taken 
as 150 lb. (100 lb. in excess of 
the dead weight), while F 3 is 
220, this gives a difference of 
load of 70 lb. for a com¬ 
pression of || in., and a maxi¬ 
mum load of 253 lb. for F 2 . 

§ 218. Dimensions of Main Spring. The necessary diameter of 
wire and number of coils are given by the expressions 

( T C 6 o\ 
derived from the formulae for the twisting of shafts j = -y- = ^ I 



d = 


WRx 16 


max. compression = 


W xiVxi? 3 x64 
Cxd* 


nxf t 

where d = diameter of wire, 

W = maximum load on spring, 

R « mean radius of coils, 

/, = maximum permissible shear stress, 

N = number of free coils, 

C = modulus of rigidity for spring material. 

If W = 253 lb., -R = If in. (decided by external size of the spindle 
guide—Fig. 178), and/, = 40,000 lb. per sq. in. 


d 


I2& 
V 17 


253 x If X 16 


X40000 
= 0-384 in. 
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The nearest standard wire gauge to this is 00 which is 0-380 in. 
diam. This size has been adopted and the corresponding maximum 
spring load calculated. 

_ 40000 xO-38 3 Xt r 
W " 1-75x16 

= 246 lb. 


This gives a stiffness of 


246-220 

_ 7 _ 

16 ‘ 


59-5 lb. per in. 



Fig. 178 


.*. To give the maximum load the compression necessary is 


246 

59-5 


4-12 in. 


Using the second expression given above to obtain the number of 
coils required: 


245 x N x 1 -75 3 x 64 
12x 10 6 x 0 38 4 ’ 


whence N = 12*3 turns. 

This is usually made an exact number of coils, but the alteration 
does not make any appreciable difference in the stiffness or maximum 
load for the spring. 
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In this case thirteen free coils are used with one ‘dead' coil at 
each end, making fifteen in all; hence the length of the spring when 
completely compressed with coils touching = 15x0*38 in. =5-7 in. =* 
5f in. approximately. Allowing a clearance of £ in. between adjacent 
coils when fully compressed adds 14 xf = If in. 



Length of spring when valve open = 1\ in. 

Length of spring when valve closed = 7f+lf = 8| in. 

Length of spring when free = 7J+412 = Ilf in. 

For detail of the part of the cage containing the spring see Fig. 178. 
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The complete assembly of the composite valve and its cage is shown 
in Fig. 179, and dimensions of the spring cap and locking nut are 
given in Fig. 180. 



Fig. 180 


TWO-SPEED GEAR-BOX 

§ 219. Specification of Gear-Box. A gear-box is required to 
transmit 40 horse-power. The driving shaft runs at 1,000 r.p.m., and 
the driven shaft is to have two alternative speeds, 350 r.p.m. or 
260 r.p.m. (the actual speeds obtained to be within 1£ per cent, 
above or below these figures). 

Sliding gears (not constant mesh) are to be used, the material for 
these being nickel chrome steel of tenacity 60 tons per sq. in. 

Both driving and driven shafts have a diameter of 2J in., 
this being increased in the latter, where splined, to carry the 
sliding gears. Ball-bearings of a standard pattern are to be used 
throughout. 

Dimensions are required for all gear-wheels, for the lay-shaft, and 
for bearings and bearing housings. 

§ 220. Selection of Tooth Numbers. The lay-out of the gear-box 
is similar to that shown in Fig. 130, but using wheels A, B, E, F, H, 
and O only; the shaft X runs at 1,000 r.p.m. and shaft Z at either 







SOME MORE COMPLEX MACHINE PARTS 


233 


350 or 260 r.p.m., the drive being through wheels A, B , E, and F, 
or A , B , G, and H. 


Then 


speed of Z speed of Y 
speed of Y speed of X 


0-35 or 0*26, 


the reduction between X and Y is the same for both gears, and the 
two steps in the reduction for each gear may be either of the following. 


r0-7 xO-5 = 0-35 (0-636x0-55 = 0-35 

W 10-52x0-5 = 0-26 10473x0-55 = 0-26. 

The ratios in (a) are convenient, and the same pitch is used for all 
six wheels. Then as tooth numbers are inversely proportional to the 
speeds of wheels, the following equations are true (T is the number 
of teeth in any gear-wheel): 

Y r x y b = °- 7x0 ' 5 > % x T b = °- 52x0 ' 5 - 


and T a -\-T b — T E ~\~T F — T a -\-T u . 

As the biggest reduction is between A and B , wheel A has the least 
number of teeth, which may be taken at twenty (unless ‘corrected’ 
teeth—see § 148—are used). T B may then be forty. In a pair of 
gears where the tooth number of one is an exact multiple of the 
other, any irregularity or wear which occurs is between the same 
pair of mating teeth in each revolution, and is liable to become steadily 
accentuated; hence a ‘ hunting cog 5 is often added to or subtracted 
from the teeth on the larger wheel to avoid a simple ratio of tooth 
numbers. 

T 20 

If T b = 39, then ^ x 39 = 0350, 


Y = 0-6825, 

also TflA-Tp = T a -\-T b = 59 

From these equations T E = 24 T r = 35, 

and T = °‘ 260 X S = 0 507 

T g +T b = T a +T b = 59 

hence T 0 = 39 and T H - 20. 

With these numbers the speeds of shaft Z are: 

(i) lOOOxfgxfi = 352. 

(ii) 1000 X §g X |§ - 263. 



234 ELEMENTS OF MACHINE DESIGN 

There are obviously many combinations of numbers which give 
results close.to these, and some of these are shown, with the final 
speed of shaft Z, in Table X below: 

Table X 



I 

II 

III 

IV 

V 

VI 

VII 

VIII 


t a 

20 

20 

21 

23 

23 

25 

25 

27 


Tb 

39 

41 

43 

45 

47 

49 

51 

55 

a — 

Tk Tn 

€ = °- 35x € 

■68 

•718 

•717 

•685 

•715 

•686 

•714 

•713 

T f — 

t a +t b 

1 -fa 

35 

36 

37 

40 

41 

44 

44 

48 

T E = 

(T a + T b )-T f 

24 

25 

27 

28 

29 

30 

32 

34 

0- 

TS. - o-26 x — 

t b 026 t a 

•507 

•533 

•532 

•509 

•532 

•51 

•531 

•529 


T a + Tb 

1+0 

39 

40 

42 

45 

46 

49 

50 

54 

To = 

(T a -i- T B ) — T H 

20 

21 

22 

23 

24 

25 

26 

28 


r.p.m. of Z ( |!> 

352 

339 

357 

358 

346 

348 

356 

348 


263 

256 

256 

261 

255 

260 

255 

255 


In every case the nearest whole number must be taken for T F or T H , 
hence the final result is occasionally somewhat wide of the required 
figure. The sets in columns I and VI give speeds within the limits 
specified, while those in V and VIII are very close; before finally 
adopting one of these the question of tooth strength must be con¬ 
sidered. 

§ 221. Velocity Factor. Gear-teeth profiles are liable to be slightly 
imperfect, and, though the imperfection may be measured only in 
fractions of a thousandth part of an inch, such variations lead to 
slight variations in the speed of the driven wheel. The resulting 
accelerating and decelerating forces on the teeth may cause serious 
additional stresses in the teeth at high speeds. It is common practice 
to meet this possible trouble by reducing the calculated stress as 
the speed increases; a safe static stress is assumed and this is multi¬ 
plied by a factor which decreases as the pitch line speed increases. 
The velocity factor to be used for a given speed is not standardized, 
and various values are suggested by different authorities; an average 

—and convenient—form is to make the factor where V is the 

VV 

pitch line speed in feet per minute, and use a factor of safety of 3 
for static working or for speeds up to 100 feet per minute. 

The tenacity of the material to be used is 60 tons per sq. in., hence 
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the safe static stress is 20 tons per sq. in., and the safe stress at any 

speed V feet per minute becomes 20 x -^tons per sq. in. 

v* 

§ 222. Safe Load on Teeth. The Lewis Formula is used here to 
give the safe working load on a tooth of standard proportions. 



2 00 400 GOO 0OO loco 1200 *400 

PITCH LIME VELOCITY ('fEEt/mwute) 


Fig. 181 

fxbxZ t _ 

w = ——- or w = fx bxrnxZy 

where w = safe load in tons, 

/ = safe dynamic stress in tons per sq. in. 
b == width of tooth face in inches. 
s = diametral pitch. 
m = module pitch. 

Z = a constant whose value depends on tooth shape and 
number of teeth (compare with constant C in § 151). 
Hence the horse-power which can be transmitted by a tboth is 

WXFX2240 _ fxbxmxZxVx 2240 
33000 ’ ~ 33000 

It is convenient to state this in the form of horse-power per inch 
width of face; and to use an average value for Z. For an involute 
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profile of 15° obliquity the value is 0 283 for 20 teeth and 0-321 for 
30 teeth; in the calculations following here, the value Z = 0-30 is 
taken. 


Then horse-power per inch width = 


20 X 


10 

V'v 


xmx 0-3xFx2240 


33000 


= 4 m\JV (approx.). 

This has been calculated for various values of m, and of F, giving 
the results shown in Table XI, and plotted in Fig. 181. 

Table XI 


V 

ft. / min. 

4 VF 

Horse-power per Inch Width. 

m— 0*1 

m— 0*14 

0.16 

0*18 

0-20 

0*25 

0*30 

225 

60 

6-0 

8-4 

9-6 

10*8 

120 

15-0 

18-0 

400 

80 

8-0 

11*2 

128 

14-4 

160 

200 

24*0 

625 

100 

100 

140 

16-0 

18-0 

200 

25*0 

30*0 

900 

120 

120 

16-8 

19-2 

216 

240 

30*0 

36*0 

1225 

140 

140 

19-6 

22-4 

25*2 

28-0 

35*0 

42*0 

1600 

[ 160 

160 

22-4 

25-6 

28-8 

320 

40*0 

48*0 


§ 223. Module Pitch. The best value of the module to employ 
is readily obtained from the above results. It is assumed throughout 
that only one pair of mating teeth transmits the full power, and 
that even with a small circular pitch it is unsafe to consider the load 
equally divided between two pairs of mating teeth. Then a fine 
pitch necessitates a broad wheel, the tooth being much weaker; 
but with a broad tooth uniform contact between teeth across the full 
width of face is difficult to ensure. On the other hand a fine pitch 
gives smoother running, and is less likely to lead to irregular running 
as a result of tooth wear. It is found that with straight spur gears 
mounted on normal bearings the best ratio of breadth to circular 
pitch is between 2 and 3|. 

Table XII 



Module 

m. 

P.C.D. 

— mxT. 

V 

(ft./min.). 

ILP.j 
/ in. 

Breadth 

b. 

Pitch 

V • 

b/p . 

T a = 20 

0*16 

3*2" 

838 

19*0 

2*10" 

0*503" 

4*2 

T a = 20 

0*25 

5*0" 

1,308 

36-0 

Ml" 

0*785" 

1*4 

T a = 25 

016 

4*0" 

1,045 

21-0 

1*90" 

0*503" 

3*8 

Tj = 25 

0-25 

6*25" 

1,635 

40*0 

1*00" 

0*785" 

1*3 

T a = 23 

016 

3*68" 

964 

20*0 

2*00" 

0*503" 

4*0 

T a = 23 

0-25 

5*75" 

1,502 

39*0 

1-02* 

0*785" 

1*3 

T a = 23 

0-20 

4-60* 

1,202 

28*0 

1*43" 

I 0*628" 

2*3 

T Q = 24 

0-20 

4-80* 

615 

20*0 

2*00" 

0*628" 

3*2 


In the table above this ratio has been calculated for wheel A with 
various values of the module, and different tooth numbers, and in 
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one case for wheel G which has the lowest pitch-line speed; the last 
line is for the case when wheels A and B have*23 and 47 teeth respec¬ 
tively; wheel A runs at 1,000 r.p.m. in all cases. 

It can be seen that the module 016 in. is too small, as it leads to 
a small diameter of wheel A , and a relatively large breadth; as this 
wheel contains a bearing for the end of shaft Z, the diameter must 
not be less than 4J in. The first six lines above are extreme cases, 
while the last two give convenient figures within the prescribed limits. 

The module of 0*20 appears to be most suitable, and this figure 
has been used in the calculations leading to the results summarized 
in Table XIII. 

§ 224. Wheel Diameter and Thickness. 


Table XIII 


Line. 

Wheel. 

A. 

B. 

E. 

F. 

O. 

H. 

a 

Teeth (T) . 

23 

47 

29 

41 

24 

46 

b 

Pitch 

Module pitch — 0-2*. Circular pitch p = 

= 0*628 /r 

c 

Pitch circle dia. (d) 

4*6" 

9-4* | 

5*8" 

8*2" 

4-8' 

9-2* 

d 

R.p.m. (N) 

1,000 

490 

490 

346 

490 

256 

e 

f 

9 

h 

k 

Pitch line speed 
(feet per minute) 

H.p. per inch width 

Minimum width (b) 

Ratio (6/p) 

Tangential load be¬ 
tween teeth 

1,205 

28 

1- 43" 

2- 24 

1,096 lb. 

743 ! 

22 

1-82* 

2-90 

1,775 lb. 

615 

20 

2-00* 

318 

2,145 lb. 


In the above series of calculations Set V from Table X has been 
used, this giving the best compromise. Set I leads to diameters which 
are too small, while Set VIII makes them too large unless an 
extremely small pitch is used. Set VI gives figures close to those 
above but with narrower wheels and larger diameters. 

The methods of obtaining the results in the successive lines 
above were: 

(c) Pitch circle diameter = T X module. 

(<*) N A = 1,000; N m = N m = N„ = N A x ; N,-N M x ^ ; 

N a - N e x 5 ?. 

(e) Pitch line speed = N x ^ • 
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(/) Horse-power per inch width obtained from Fig. 181. 

(g) Minimum width = 40/h.p. per in. width. 

... m .... , Horse-powerx33000 

(*) Tangential load =- Nxmlfl2 -* 

§ 225. Stresses in Lay-Shaft. The wheel widths adopted were 



Fig. 182 

1 | in., 1J in., and 2 in., as shown in Fig. 182. Allowing for £ in. 
clearance between wheels, and about 1 in. for the width of each 
of the bearings supporting the lay-shaft, the relative positions of 
the bending loads on the lay-shaft are as shown in Fig. 183. It 
should be noted that if the load from a tooth on wheel A thrusts 
downwards on the shaft, the reaction load from a tooth on wheel H 
resists this force and thrusts upwards on the lay-shaft. It is 
assumed that these forces act as point loads in the centre of thickness 
of the wheel. 
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When in high gear (wheels E and F engaged), f 
Reactions are R x = 301 lb. and R 2 = 378 lb., 
and Maximum Bending Moment, M x = 3,080 lb. in. 



Fig. 183 


When in low gear (wheels 0 and H engaged), 

Reactions are R x = 598 lb. and R 2 = 1,647 lb., 
and Maximum Bending Moment, M 2 = 3,090 lb. in. 

T i il r p • AT 4. 40x33000x12 

In both cases Turning Moment --^- 

& 490 x 2tt 

i.e. T = 5,150 lb. in. 

The equivalent Bending Moment M , is given by 

M e = £ (M+^W+W) 


= £ (3090+ V(3090)*+(5150 * 
== 4,548 lb. in. 



240 


ELEMENTS OF MACHINE DESIGN 


1V1 T 

Then from the equation = », and using a low figure for the 
maximum stress to ensure rigidity 


j )3 _ 4548x32 _ 

D " 6000X7T " 772 


D = 1*98 in., say 2-0 in. 

The above figure of 2 in. may be taken as the diameter at the 
bottom of the splines with a maximum diameter for the lay-shaft 
of 2f in. 

§ 226. General Design of Gears. The dimensions for various parts 



Fig. 184 


are shown in Figs. 182-6. The ball-bearing inside wheel A is neces¬ 
sary as there is always relative motion between shafts Z and Z ; in 



ft 








Fig. 186 
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the usual motor-car gear-box these shafts run at the same speed 
when ‘top’ gear is used, and a plain journal bearing is sufficient for 
the relatively small amount of work in lower gears. Making wheel A 
solid with the shaft X very slightly increases the initial cost of this 
short shaft, and considerably decreases the cost of manufacture of 
shaft and gear-wheel. 

The ball-bearings, which are not shown in detail, are all to standard 
sizes, and are protected from possible chips of metal by close-fitting 
washers. One bearing on the lay-shaft has the outer race fixed in 
position, while the other is free axially. Thrust bearings are not 
essential in such a case. 

The gear-case (not shown in detail) is of aluminium alloy with a 
general thickness of § in.; the ends are mainly flat with coned por¬ 
tions supporting the bearings of shaft X and Z. The cross-sectional 
shape is best cylindrical rather than rectangular, both for strength 
and to reduce resonance. 

It should be noted that all bearings are carried in hard metal 
bushes, not directly in the casing; the latter has been found unsatis¬ 
factory on account of the relative softness of aluminium. 

The gears on the lay-shaft are rigidly mounted on splines and 
firmly held in position by the nuts at each end. The sliding gears 
are carried on a long boss which checks any tendency to rock. 




INDEX 


Abrupt change of section, 49. 
Acceleration of valve, 183, 227. 
Addendum, 137. 

Allowance, 38. 

Alloy steels, 9, 13. 

Alloys, non-ferrous, 11, 13. 
Aluminium, 11. 

Angle of obliquity, 141. 
Annealing, 36. 

Asbestos, 12. 

Babbitt metal, 12. 

Back gear of lathe, 128. 

Balata belting, 124. 

Ball bearings, 109, 243. 

-in steering gear, 171. 

-, thrust, 113. 

Base circle, 141. 

Bath lubrication, 106. 

Bearing brasses, 99. 

-, materials for, 100. 

—, design of, 103. 

—, Michell, 107. 

—, reciprocating, 109. 

—, self-alining, 104, 112. 

—, thrust, 107, 113. 

Bearings, 98. 

—, ball, 109. 

—, roller, 112. 

Belt gearing, 122. 

—, materials for, 124. 

— pulleys, 129. 

Belt speed cones, 127. 

—, stresses in, 125. 

Bending and twisting, 42, 239. 
Bevel gearing, friction, 134. 

-, toothed, 160. 

Boiler, ‘Scotch’ marine, 204. 
-, Girder stay, 218. 

— shell thickness, 205. 

-circumferential seam, 207. 

— — cover straps, 214. 

-end plate thickness, 206. 

-longitudinal seam, 211. 

-longitudinal stays, 216. 

-riveted joints, 205-15. 

-short stays, 217. 

Bolt heads, 76. 

Bolt, tap, 79. 

Bolts, 74. 


Box coupling, 86. 

Brass, 7. 

British Association thread, 75. 
Bronze, 11, 103. 

Butt straps, riveted joint, 215. 

Calculated stress, 50. 

Cam shaft stresses, 182. 

Carbon in cast iron, 5. 

— in steel, 5, 8. 

Case hardening, 37. 

Cast iron, 4, 6, 103. 

Casting, 21. 

Castings, chilled, 6. 

—, compared with forgings, 25. 
—, die, 28. 

Caulking, 65. 

Centrifugal stress in belt, 125. 

-in flywheel rim, 180. 

Charpy impact test, 4. 

Chills, 24. 

Chromium, 10, 55. 

Circular pitch, 137. 

Claw coupling, 88. 

Clutch, cone, 90. 

—, dog, 88. 

—, friction, 90. 

—, plate, 91. 

Cold shortness, 3. 

Collar bearing, 107. 

Compound stresses, 42. 
Concrete, 8. 

Connecting rod, 198. 

-, big end, 85. 

-, gas engine, 158. 

-, locomotive, 200. 

-, marine, 103, 200. 

-, petrol engine, 19. 

-small end, 94. 

Copper, 10. 

Cores, 23. 

Corrected teeth, 145. 

Corrosion, 5, 59. 

Cotter, 83. 

Cottered joint, 84. 

Cotton belting, 124. 

— ropes, 131. 

Coupling rod, 45, 

Couplings, pipe, 91-4. 

—, shaft, 86-90. 
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Cover straps, 215. 

Crane hooks, 27. 

Cranked shafts 117-20. 

Creep of belts, 126. 

Crossheads, 194-6. 

Crucible steel, 9. 

Cycloidal teeth, 139. 

Dedendum, 137. 

Diametral pitch, 137. 

Die casting, 28. 

Dies for drop-forging, 19. 
Ductility, 2. 

Duralumin, 11. 

Dynamic loads, 44. 

Elasticity, 2, 13. 

Elongation, 2. 

Energy, kinetic in flywheel, 178. 
Epicyclic gear train, 156. 
Epicycloid, 140. 

Erection stresses, 60. 

Erosion, 56. 

Expansion joint, 93. 

Factor of safety, 49, 205. 
Factor, velocity, 234. 

Fatigue, 45. 

Feathers, 82. 

Fine screw thread, 75. 

Flange coupling for pipe, 92. 

-shaft, 86. 

Flat plates of boiler, 206. 
Flywheel for ropes, 176. 
Footstep bearing, 109. 

Forging, 16. 

—, drop, 19. 

—, compared with casting, 25. 
Friction gearing, 134. 

Gas engine connecting rod, 200. 

-piston, 193. 

-valve, 219. 

-spring, 227. 

— threads, 76. 

Gauges, limit, 38. 

Gear box for car, 154. 

-, two speed, 232. 

— hobbing, 24. 

— planing, 35, 151. 

— ratios, 154. 

— trains, 154. 

Gear teeth, corrected, 145. 

-, cycloidal, 139. 


Gear teeth, helical, 153. 

-, involute, 141. 

-, pitch of, 137, 236. 

-, profiles for, 138-42. 

-, strength of, 147, 235. 

Gear wheel, bevel, 160. 

-construction, 151. 

-lubrication, 159. 

-manufacture, 150. 

-materials, 150. 

-, skew, 162. 

— --, spiral, 162. 

-, stepped, 159. 

Gearing, belt, 122-31. 

—, differential, 158. 

—, electric tramway, 138, 146. 
—, epicyclic, 156. 

— for ‘Ford’ car, 158. 

—, friction, 134. 

—, hyperboloidal, 162. 

—, marine reduction, 153, 161. 
Gib, 84. 

Girder stay, 218. 

Grinding, 35. 

Gun-metal, 13. 

Hammer, pneumatic, 18, 65. 

—, steam, 18. 

Hardness, 4, 13. 

Headstock of lathe, 128. 

Heat treatment, 36. 

Helical gear wheels, 159. 

— spring, 228. 

Hobbing, gear, 34. 

Hunting cog, 233. 

Hydraulic press, 20. 

— riveting, 65. 

Hyperboloidal gearing, 162. 
Hypocycloid, 140. 

Impact, 46. 

Inertia stresses, 45. 

Inlet valve for gas engine, 219. 
Interference, 143. 

Internal gearing, 142. 

— structure of forgings, 20. 
Involute gear teeth, 141. 

Iron, cast, 5. 

-, chilled, 6. 

Izod shock test, 4. 

Jigs, drilling, 32. 

Jockey pulley, 132. 
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Joints in links, 95. 

—, pipe, 91. 

—, riveted, see Rivets. 

—, universal, 87. 

Journal bearing, 98. 

—, friction on, 106, 

Keys, saddle, 80. 

—, strength of, 81, 168. 

—, sunk, 80. 

—, tangent, 82. 

—, Woodruff, 82. 

Knuckle joint, 96. 

Lapping, 35. 

Lathe, 29. 

— headstock, 30, 128. 

—, turret, 31. 

Lay shaft, 238. 

Lead, 2, 11. 

Leather, 12. 

Lewis formula, 148, 235, 

Lignum vitae, 8. 

Limit gauges, 38. 

Links, pin-jointed, 95. 

Lock nuts, 78. 

Locomotive connecting rod, 200. 

— crankshaft, 117. 

— crosshead, 196. 

Lubrication of bearings, 105. 

— of gear wheels, 159. 

Machining, 28. 

Malleability, 2. 

Manganese in cast iron, 5, 13. 

— bronze, 12. 

— steel, 9, 13. 

Masked valve, 187. 

Metals, physical properties of, 13. 
Michell thrust bearing, 107. 

Mild steel, 5. 

Milling cutters, 33. 

Module pitch, 137. 

Molybdenum, 9. 

Moulding, 21. 

— machine, 27. 

—, plate, 28. 

Muff coupling, 86. 

Mushet steel, 10. 

Newall gauge limits, 171. 

Nickel steel, 9, 13. 

Nuts, 76. 

—, locking devices for, 78. 


Obliquity, angle of, 141. 

Pad lubrication, 106. 

Pattern making, 21, 23. 

Pedestal bearing, 173. 

Petrol engine cam shaft, 182. 

-connecting rod, 19. 

-crankshaft, 120, 

-piston, 191. 

Pinion, 137. 

Pins, taper, 82. 

Pipe joints, 91-4. 

Pistons, 188-93. 

Pitch circle, 137. 

Pitch of gear teeth, 137, 236. 

-riveted joints, 70. 

Planet gears, 157. 

Plastic extension, 2. 

Plasticity, 2. 

Plummer block, 173. 

Pneumatic hammer, 18. 

— riveting, 65. 

Pressure angle, 141. 

Pulleys, 129-34. 

—, cast iron, 129. 

— for rope drive, 131, 176. 

—, jockey, 132. 

—, pressed steel, 130. 

Punching of rivet holes, 64. 

Rack, 138. 

Red shortness, 3. 

Reinforced concrete, 8. 

Reverted gear train, 154. 
Resilience, 47. 

—, proof, 4. 

Ring lubrication, 106. 

Rivet bands, 71, 209. 

— heads, 63. 

Riveted joints, design of, 71, 207. 

-, efficiency of, 73, 208. 

-, possible failure of, 68. 

-, strength of, 70. 

-, types of, 66-72. 

Riveting, 64. 

Rivets, materials for, 65. 

—, nobbled, 64. 

—, size of, 69, 206. 

Roller bearings, 112. 

Rolling and sliding of gear teeth, 
146. 

— circle, 140. 

Root circle, 137. 
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Rope gearing, 131, 176. 

—, wire, drive, 133. 

Rubber, 12. 

Rubbing velocity in bearings, 104. 
Running fits, 38. 

Screw cutting, 31. 

—, grub, 79. 

—, set, 79. 

— threads, 76. 

Sellars screw thread, 75. 

Shaft couplings, 85, 165. 

-, flexible, 87. 

Shafting, 116. 

Shafts, cranked, 117. 

Shear steel, 9. 

Shock loading, 4, 47. 

Shrouding, 165. 

Silicon steel, 9, 13. 

Skew gears, 162. 

Sliding of gear teeth, 146. 

Slip of belts, 127. 

Snug pin, 76. 

Speed cones, 127. 

Spigot, 74, 165. 

Spiral gears, 162. 

Splined shaft, 82, 243. 

Spur wheels, 138. 

Spring, for gas engine, 228. 
Standards, 97. 

Stays, boiler, 216. 

—, girder, 219. 

Steel, alloy, 9, 13. 

—, carbon, 8. 

—, mild, 6. 

Steering fork, 169. 

Stiffness, 228. 

Stress distribution, 49. 

Stresses, 40. 

— in shafting, 121. 

Stub teeth, 144. 

Stud, 79. 

Tangent keys, 82. 

Tenacity, 3. 

Tensile tests, 2. 


Temperature effects, 56. 
Tempering, 36. 

Thickness of boiler plate, 205. 
Thrust bearings, 107, 117. 

Tin, 10. 

Tolerance, 39. 

Toothed gearing, 137. 

Torque on cam shaft, 186. 

Torsion and bending, 42. 

Torsional oscillation, 59. 
Toughness, 4. 

Tramway gears, 145, 147. 
Tungsten, 9. 

Tup, 18, 19. 

Turning moment curves, 187. 

Ultimate strength, 3, 13. 

Union, pipe, 91. 

Universal joint, 87. 

Upsetting, 16. 

Valve for gas engine, 219. 

—, motion of petrol engine, 182. 
Vanadium, 10. 

Variable speed gearing, 134, 154, 
232. 

Velocity factor, 234. 

Velocity curves for a petrol engine 
valve, 183. 

Vibration, 58. 

Water tap, 26. 

Weight of materials, 13. 

Welding, 37. 

White metal, 12, 103. 

Whitworth screw thread, 75. 
Wood, 7. 

Work stored in bar, 47. 

Working stress, 49. 

Workshop processes, 15. 

Worm gearing, 163. 

Wrought iron, 8. 

Yield point, 50. 

Zinc, 11. 





